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Abstract 

The recuperated split cycle engine (RSCE) is a split cycle engine with quasi-

isothermal compression and exhaust recuperation. This novel concept allows the 

decoupling of efficiency and peak combustion temperature. In this work a 

methodology for evaluating the efficiency limits brought on by emissions limitations 

of thermal engine is demonstrated, before focussing on modelling and experimental 

work on the expander/combustor of a RSCE. 

When evaluating the RSCE expander in isolation of the other systems, thermal and 

brake efficiency metrics can be skewed by the free Rankine work of the simulated 

recuperator. Metrics are proposed in this work which discount this effect to enable 

evaluation of the efficiency of the expander. A 0D model of the single cylinder 

combustion research engine (SCCRE), representing the RSCE expander, is 

presented. With studies and analysis of responses to key variables effecting 

performance, engine setup, and expander design analysed and discussed. 

Experimental results and analysis produced from the SCCRE test bed demonstrated 

35.6% efficiency. However, this was limited by low combustion efficiencies of 60-

70%. If combustion efficiency (CE) can be increased, 50.6% efficiency in the 

expander is demonstrated to achievable, before consideration of additional work 

reductions and heat recuperation from quasi-isothermal compression and exhaust 

recuperation in a full RSCE system. 

High FSN (> 1) results combined with lowering CE at the higher pressures tested 

(>3.5MPa) demonstrated low combustion system optimisation at high inlet 

pressures and therefore high load conditions. With these factors in mind, the best 

BSNOx achieved from the parameter swings was 2.16g/kWh. With nitrogen dilution 

to 18% oxygen by volume, this drops to 0.58g/kWh. Emissions data from the 

expander cylinder suggested a lower plateauing of FSN and increasing NOx 

response to diesel rail pressure than that of a conventional ICE.  

Hypotheses of mixing methods and conditions affected by high pressure air injection 

at that could be occurring in the SCCRE and RSCE are proposed, due to the unique 

inlet dynamics in a RSCE expander at intake valve opening. Schlieren optical data 

from a high pressure flow rig, replicating the SCCRE cylinder head, is presented 
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which starts to investigate these hypotheses. The initial results confirm that 

significant shockwaves are created in cylinder by the intake valve and high pressure 

upstream conditions. This is unique to split cycle engines, has not been reported in 

the literature, and, as hypothesised, is likely contributing to responses seen. 

To fully capitalise on the potential of the RSCE, a combustion, fuel, and air injection 

system needs to be designed and developed from the ground up with the 

understanding of unique operation and conditions. A well designed RSCE could in 

theory provide an on demand premix style of combustion with high combustion 

efficiency and low emissions. A few potential methods and concepts to achieve this 

are proposed and discussed. 
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Chapter 1 Introduction 

1.1 The Recuperated Split Cycle Engine 

The recuperated split cycle engine (RSCE) has been touted as a potential 

alternative internal combustion engine (ICE) that could achieve both high efficiency 

and low toxic emissions. The potential benefit put forward by the RSCE, compared 

to other ICEs, is the ability to control and lower start of combustion temperature, 

implementation of a type of homogenous charge compression ignition (HCCI), and 

a novel thermodynamic cycle. With the thermodynamic cycle achieve higher 

efficiency through quasi-isothermal compression and heat recuperation. 

The RSCE utilises a split cycle engine (SCE) architecture where the conventional 

four stroke cycle is split into two chambers/cylinders. One cylinder performs the 

induction and compression strokes and the other performing combustion/expansion 

and exhaust strokes. The RSCE innovation compared to other SCE concepts is the 

injection of coolant during the compression strokes, to achieve quasi-isothermal 

compression, and addition of a recuperator to recuperate otherwise wasted heat 

from the exhaust into the combustion cylinder intake air. A schematic diagram of an 

early RSCE concept known as the isoengine is shown in Figure 1.1. More detail on 

the RSCE, other ICE concepts, and novel technologies will be discussed in Chapter 

2. 

 

Figure 1.1 Schematic diagram of the isoengine [1]. 

Since 2015 the Advanced Engineering Centre at the University of Brighton have 

been running experiments on a single cylinder combustion research engine 
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(SCCRE) replicating the combustion/expansion cylinder of the RSCE. Initially 

Ricardo PLC were the industrial partner on the project until the intellectual property 

was spun out into a new company in 2017, Dolphin N2 Ltd, who then replaced 

Ricardo as the industrial partner. 

Past theoretical research on the thermodynamics demonstrated the potential for 

60% efficiency [2] and experimental research on the SCCRE demonstrated 50% 

efficiency  [3]. However, the experimental research on the SCCRE had poor 

repeatability and a limited operating range. The “black box” approach had little 

consideration of the fundamentals affecting the combustion to achieve both high 

efficiency, low emissions, and general operation. In-cylinder conditions were also 

not considered. 

1.2 The Research 

1.2.1 Introduction 

The validity of continuing combustion engine research has been called into question 

due to the climate crisis and the rise of new technology. However, there has been 

limited analysis of the theoretical limits of a nontoxic ICE, even in basic terms. 

This research aims to better understand the theoretical and practical limitations of 

the current SCCRE, how the in-cylinder processes and general operation can be 

engineered, and therefore if a clean and high efficiency RSCE expander can be 

realised and potentially improved upon from the SCCRE.  

The research will seek to answer the problem of ICE emissions and efficiency by 

taking an emissions’ driven approach to combustion, to understand the upper 

efficiency limit considering emissions limitations, and undertake a detailed 

evaluation and discussion of one potential ICE candidate that has shown promise 

in previous initial research, i.e., the SCCRE at the University of Brighton 

representing the expansion cylinder of a RSCE. As the focus of the work is on 

emissions, the research will focus on the combustion/expansion cylinder but there 

will be discussion on the considerations and implications of the combustor 

responses on the wider RSCE system. The research will focus on improving 

emissions reductions in a reciprocating ICE and will not consider social or usage 

changes as part of the research.  The research will not discuss the sustainability of 
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manufacturing an engine, purely the in-use emissions which typically make up most 

of the emissions from an ICE. For the same reasons, the manufacturing of a 

sustainable fuel will not be analysed. Emissions directly from the combustion 

chamber will primarily be assessed and discussed, possible reductions with after 

treatment will not be discussed in detail but will be mentioned. 

1.2.2 Research Question, Aim, & Objectives 

Primary research question: 

Is the RSCE expander a combustion system that has the potential to 

realistically deliver both ultra-high efficiency and low emissions? 

Through answering the primary research question, the research aims to explore the 

limits of what an ICE can theoretically achieve in terms of efficiency with the 

limitation of producing low or negligible toxic emissions. This will be achieved 

through research and theoretical work, as well as through a focused experimental 

programme that explores the phenomena affecting the mixing and combustion 

processes in the specific novel SCE under research at the University of Brighton, 

the RSCE.  

An inductive reasoning approach was taken for the research through theoretical 

thinking from current knowns with experimentation, to prove or disprove the 

inductive reasoning. For example, the combustion system in the RSCE has atypical 

upstream fluid conditions compared to conventional engines due to the high 

upstream pressures of the combustor. Past research has demonstrated the RSCE 

produces rapid combustion and low NOx emissions [3]. Therefore, changes in the 

fluid flow conditions are hypothesised to contribute to rapid combustion and low NOx 

emissions.  

Through specific experimental studies the conditions inside the RSCE aim to be 

explored. With the aim of understanding the fundamental physics that govern the 

combustion system and the current performance of an unoptimised RSCE 

combustor. To build a better understanding of the responses for future development 

and engineering of new hardware, to fully capitalise on the phenomena taking place 

and improve the combustion system. 
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The primary research question and aim can be further split into 6 questions, with the 

objective to answer these questions through the research. The questions 

encompass two areas: a broad look at the efficiency limits of reciprocating ICEs 

brought on by toxic emissions limitations, and detailed evaluation of the RSCE 

expander. The refined questions and their respective areas are shown below. 

Efficiency limits brought on by emissions limitations in an ICE: 

1. Can an ICE achieve both high efficiency and ultra-low emission combustion? 

2. Can conventional Otto or Diesel ICE cycles and combustion methods meet 

both ultra-low emissions and high efficiency targets? 

Detailed evaluation of the RSCE expander: 

3. What does the ideal RSCE expander thermodynamic cycle look like? 

4. Does the RSCE expander respond to stimuli in line with conventional ICEs 

and combustion methods? 

5. What are the potential fundamental physical processes governing induction, 

and therefore combustion, processes in the RSCE expander that are different 

to conventional ICEs? 

6. Could the RSCE expander achieve ultra-high efficiency and low emission 

combustion? 

Questions 3-6 are the main detailed focus of this work and will be covered in Chapter 

4 through to Chapter 6. Chapter 3 will address questions 1-2. 

Through answering the refined research questions, the research seeks to provide 

the below as a contribution to knowledge: 

• A simple methodology for assessing the upper limit or efficiency for a 

low/zero emission combustion engine. 

• Analysis of thermodynamic cycles to achieve the upper limit of a low/zero 

emission combustion engine. 
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• Requirements of a future ICE to achieve zero/low emissions. 

• Performance and emissions of a RSCE combustor from a single cylinder 

research engine. 

• Evaluation of the ideal RSCE expander cycle and it’s responses to main 

variables. 

• Similarities between RSCE and conventional ICEs. 

• The unique responses of the RSCE. 

• Hypotheses for the enhanced atomisation observed in the RSCE. 

• Optical images of the unique inlet conditions in the RSCE, exhibiting 

shockwaves. 

• Recommendations, methods, and potential pathways to optimise the RSCE 

expander and combustion system. 
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Chapter 2 Literature Review 

2.1 Introduction 

A fundamental approach must be taken to understand the efficiency and emissions 

limits of what can be achieved with an ICE. Combustion phenomena, novel 

thermodynamic cycles, and ICE technologies need to be assessed to understand 

their limitations in achieving a high efficiency and low emissions system. A range of 

research topics and applicable ICE phenomena will therefore be presented and 

discussed in this chapter. With a particular focus on the ability of research topics to 

meet future sustainable needs.  

2.1 Motivation & Background 

2.1.1 Health & Sustainability 

2.1.1.1 Introduction 

Toxic emissions are hazardous to human health and greenhouse gases (GHG) are 

hazardous to global sustainability. These are the fundamental motivations for 

“cleaner” ICE, combustion systems and other propulsion systems now and in the 

future. However, there is a balance to be struck with other areas of society that could 

be impacted by rapid change or unforeseen consequences. The global population 

will not except a stagnation or declining trend in life expectancy and/or standard of 

life. The transition to a sustainable society should aim to not impact or add pressures 

to other areas of concern, for example funding for healthcare or global food 

pressures. 

The Dieselgate scandal brought the issues of toxic emissions firmly into the public 

eye, pointing a spotlight on not just the issues of automotive manufacturers cheating 

emissions regulations but what the emissions regulations and accompanying tests 

are, and if they are applicable or just in the world today. 

The World Health Organisation (WHO) and other researchers, such as Vohra et al, 

predict anthropogenic air pollution causes between 4.2 and 8.7 million premature 

global deaths every year [4], [5]. A Public Health England (PHE) review stated that 

human-made air pollution is the biggest environmental threat to health in the UK, 
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with 28,000 to 36,000 deaths a year attributed to long term exposure to toxic 

emissions [6]. Five of the most damaging pollutants are outlined as fine particulate 

matter (PM2.5), ammonia, nitrogen oxides (NOx), sulphur dioxide, and non-methane 

volatile organic compounds [6]. Particulate matter (PM) is responsible for most air 

pollution deaths [5]. With coarse PM with a diameter of 10μm (PM10) or less able to 

penetrate the lungs and fine PM with a diameter of 2.5μm (PM2.5) or less able to 

pass through the lung barrier into the blood stream [6].  

Since the decline of coal in the world at the end of the 20th century, transport has 

become a significant anthropogenic source of toxic PM and NOx emissions. With the 

majority of PM in the atmosphere of urban areas, such as London, attributed to 

combustion of diesel for transportation [7]. In 2013 the European Environmental 

Agency (EEA) attributed 40% of NOx emissions to road transport and 40% of PM2.5 

to transport [8]. Emissions legislation is starting to have an effect on in reducing PM 

and NOx emissions. In 2020 99% of Londoners still lived in areas which exceed the 

WHO guidance for PM2.5 exposure [9]. More recent data from the EEA on emissions 

from transport in 2019, shown in Figure 2.1, reports transport to account for 21% of 

CO, 55% of NOx, 13% of PM10, and 20% of PM2.5 emissions, with road transport 

exhaust emissions reportedly accounting for significant amounts of these emissions. 

 

Figure 2.1 Contribution of the transport sector to total emissions of the main air pollutants [10]. 

The effect of these toxic emissions impact built up areas the most, where road 

transport is highly prevalent, as well as areas where vehicles accelerate from a 
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standstill, such as road junctions. Policy makers have therefore sought to remove 

the highest polluters from built up areas. Leading to the implementation of higher 

minimum standards. One example being the Ultra-Low Emissions Zone in London, 

creating a financial disincentive to driving legacy emissions standard vehicles in 

these areas, which is starting to have an effect [9]. With many cities and towns 

throughout the world regularly exceeding the WHO daily and annual mean air quality 

guidelines, the implementation of similar low emissions zones is increasing, and will 

likely need to increase further to ensure areas in cities and towns meet air pollution 

limits to protect the health of the local population. 

Maritime transport currently has much looser emissions legislation than that of the 

automotive sector. The CO2 per kg cargo transported of the marine shipping industry 

is typically lower than that of road transport, due to the size and efficiency of modern 

ships [11]. However, NOx and other emissions, such as SO2 are usually higher. 

Though these emissions can have a lower effect on health, due to emission 

deposition usually not being located near built up populous areas. As shipping 

emissions have a low effect on public health compared to road transport, shipping 

will not be further expanded upon in this piece of work. However, the technologies 

that are discussed in this work can be applied to the maritime transport industry. 

With the emergence of new propulsion technology and emissions concerns, the 

validity of continuing ICE research has rightly been called into question, due to these 

pressing issues of climate change and toxic emissions. However, there has been 

little questioning or steps back from where the modern ubiquitous Otto and Diesel 

cycle ICEs of today are in terms of technology, and what is theoretically achievable 

with an ICE in terms of emissions and sustainability when delimited from 

conventional approaches.  

Changes in vehicle propulsion will be complemented by advances in other areas of 

mobility, such as smart cities, inter-vehicle connectivity and accessibility solutions. 

These technology solutions aim to both reduce the demand and energy consumed 

by the remaining transportation services. Delivering the right vehicle for the right 

journey instead of a ubiquitous vehicle for all duty cycles and a suboptimal duty 

cycle. These methods and others will help reduce emissions in g/km, such as 

aerodynamics, weight, and logistics, but will not be approached in this work. 
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2.1.1.2 Emissions Regulations 

Regulations are the major driving force in the automotive sector to bring about 

change and investment in propulsion systems and their associated emissions. 

European Commission (EC) and United States Environmental Protection Agency 

(EPA) emissions regulations are the dominant emissions standards in the world, 

having been adopted in various countries outside of the European Union (EU) and 

the United States. In this section, only the EC emissions regulations affecting vehicle 

in use will be assessed and discussed in detail. 

In major European cities, passenger and light commercial vehicles (PLCV) make up 

the vast majority of toxic emissions, with a prediction of 42% (Budapest) and 92% 

(London) of all cars needing to shift to zero tailpipe/exhaust emission vehicles (ZEV) 

to attain emission at or below European average guidelines [12]. 

Past regulations have led to a general public understanding and blame on the ICE 

for CO2 emissions. Implying the ICE creates carbon emissions rather than the fuel, 

as is the case with most vehicle emissions regulations by the EU and EPA, such as 

past road tax on CO2 emissions in the UK. Comparing metrics such as g/km of CO2 

are really metrics of efficiency of the overall vehicle, analogous to fuel consumption, 

rather than CO2 emissions due to the combustor. While regulation of efficiency and 

toxic emissions through taxation is warranted, the comparison of CO2 emissions has 

shifted the focus to the vehicle manufacturers and away from fuel companies up 

until recently. 

Fuel efficiency for the consumer and regulations govern industry producing lower 

CO2 output from conventionally fuelled ICEs. However, insufficient regulation and/or 

forward thinking led to increase uptake in the EU and UK, such as the “dash for 

diesel”, of diesel vehicles at the end of the 20th century. This enabled the UK and 

other countries to deliver vehicles with low CO2 emissions per km to meet the 1997 

Kyoto Protocol to reduce CO2 emissions. However, this had the effect of increasing 

NOx and PM, due to poor regulation and rapid uptake of diesel vehicles. Which had 

higher combustion temperatures and limited aftertreatment systems at the time. This 

has partially led to a relatively rapid reduction in non CO2 emissions over the last 

two decades. Future legislation must ensure that these types of unintended 

consequences are learned from and not repeated. 
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Sustainable fuels are gaining wider publicity, understanding, and are increasing in 

research focus, but analysis of fundamentals to address whether it is theoretically 

possible to achieve high efficiency and low emissions with a sustainable fuel are still 

necessitated. If the carbon is from a sustainable fuel the focus of the combustor 

must be on the toxic emissions produced, followed by efficiency to reduce energy 

consumption, and cost.  

The past, current, and proposed EC tailpipe emissions regulations for PLCVs under 

1,305kg are shown in Table 2.1. While the specific emissions limits did not change 

in the separate regulations with for Euro 6 (Euro 6b, 6c, etc), the method under 

which the type approval were tested changed. Worldwide harmonised test 

procedure and the Real Driving Emissions (RDE) tests were introduced partially in 

response to “cycle beating” exposed in the Dieselgate scandal and criticism of 

emissions laboratory tests not being representative of real on road emissions [13]. 

RDE tests were introduced in 2015 to test emissions of vehicles on the road with 

realistic conditions. The RDE testing is of note, as this required vehicles to be tested 

on the road with portable emissions measurement systems from 2016 in the EU. 

The RDE tests have had an impact in combatting the difference between test cycle 

emissions and real-world emissions, resulting in an improvement in the Euro 6 and 

Euro VI emissions on the road. However, there continue to be issues with Euro VI 

trucks not meeting regulations once they are on the road [14]. Conformity factors 

are playing a role and will need to be tackled in the future with tighter regulation. 

Table 2.1 European emissions standards for PLCVs under 1,305kg. 

Type 

Approval 

First 

Registration 

Date 

Fuel 
CO  

(g/km) 

HC + 

NOx 

(g/km) 

NOx 

(mg/km) 

HC 

(g/km) 

PM 

(mg/km) 

NMHC 

(mg/km) 

NH3 

(g/km) 

Euro 1 01/1993 
Diesel 

2.72 0.97 

- 
- 

140 

- 

- 

Petrol - 

Euro 2 01/1997 
Diesel 1.0 0.7 80 

Petrol 2.2 0.50 - 

Euro 3 01/2001 
Diesel 0.66 0.56 500 50 

Petrol 2.3 - 150 0.2 - 

Euro 4 01/2006 
Diesel 0.5 0.30 250 - 25 

Petrol 1.0 - 80 0.1 - 

Euro 5a 01/2011 
Diesel 0.5 0.23 180 - 

5 
Petrol 1.0 - 60 0.1 68 

Euro 5b 01/2013 
Diesel 0.5 0.23 180 - 

4.5 
- 

Petrol 1.0 - 60 0.1 68 

Euro 6 

Current 
09/2015 

Diesel 0.5 0.17 80 - 
4.5 

- 

Petrol 1.0 - 60 0.1 68 
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Euro 7 

Proposed 
07/2025 All 0.5 60 0.1 4.5 68 0.2 

There were significant reductions of carbon monoxide (CO) levels of ~50% each 

type approval from Euro 1 to Euro 4, before a stagnation until the proposal for Euro 

7. Specific NOx regulations only came into effect in 2001 in the Euro 3 emissions 

standard for PLCVs. Since then, NOx regulations have become more stringent with 

the current Euro 6d regulation representing a minimum 84% and 60% reduction in 

NOx production for diesel (500 mg/km to 80 mg/km) and petrol (150 mg/km to 60 

mg/km) respectively. 

The Euro 7 proposal harmonises emissions limits across fuels to the lowest level for 

the specific emission from the past diesel and petrol type approvals. The 

measurement of hydrocarbons (HC) and NOx is removed and instead utilises the 

approach that has been used for petrol vehicles since Euro 3, in which HC and NOx 

limits are separately measured. This results in a 25% reduction in NOx emissions 

for diesel fuelled vehicles and a 50% reduction in CO for petrol vehicles. Notably 

past emission limits are otherwise unchanged. However, there is the introduction of 

new limits on ammonia (NH3) due to the prevalence of urea based selective catalytic 

reductions in modern ICE vehicles to reduce NOx emissions. Euro 7 has proposed 

the introduction of measurement of brake and tyre wear. With a proposed limit of 

7mg/km from 2025, before a further reduction to 3mg/km by 2035 for brake abrasion 

emissions. At the time of writing there is no indication on the limits for microplastics 

emitted from tyre wear. Details on the procedure under which the emissions from 

brake and tyre wear will be measured have not yet been published. 

Research has shown that freight transport may only make up to 20% of the distance 

travelled but account for 50% of the total energy consumption of road transport in 

Europe [15]. Heavy duty vehicles (HDV), such as trucks and buses, account for 2% 

of the vehicles on the road but are responsible for 28% of CO2 emissions from road 

transport in the EU [16]. They are estimated to make up 20 to 36% of transport NOx 

emissions in Europe’s biggest cities [12].  

The emissions standards for HDVs follow a similar pattern to that of PLCV’s, but 

they are based on a mass per energy (g/kWh) basis rather than mass per distance 
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(g/km). Below in Table 2.2 is the EC Euro emission type approvals for heavy duty 

trucks at the tailpipe. 

Table 2.2 European emission standards for heavy duty trucks. All limits are g/kWh unless stated 

otherwise. 

Type 

Approval 
Year Test Cycle CO HC NOx PM NH3 CH4 HCHO N2O 

Euro I 
1992, <85 kW 

ECE R49 

4.5 

1.1 

8.0 
0.612 

- 

- - - 

1992, >85 kW 0.36 

Euro II 
1995 

4.0 7.0 
0.25 

1997 0.15 

Euro III 2000 

ESC & ELR 

2.1 0.66 5.0 0.10 

Euro IV 2005 

1.5 
0.46 

3.5 
0.02 

Euro V 2008 2.0 

Euro VI 

Current 
2012 

WHSC 0.13 0.4 
0.01 

10 

ppm/kWh WHTC 4.0 0.16 0.46 

Euro VII 

Proposal 
2027 

WHTC cold 3.5 0.2 0.35 0.012 65 

mg/kWh 

0.5 
0.03 

0.16 

WHTC hot 0.2 0.05 0.09 0.008 0.35 0.1 

There has consistently been a prominent reduction in at least one of CO, HC, NOx, 

and PM in each new Euro emissions standards for heavy duty trucks. With a 58% 

reduction in PM from Euro I to II, 47% reduction in CO from II to III, 80% reduction 

in PM from III to IV, 43% reduction in NOx from IV to V, 80% reduction in NOx from 

V to VI, and 87% reduction in CO from VI to VII. Notably in the proposal for Euro 

VII, there are also reductions of 61% for HC, 77% for NOx, and 20% for PM, 

compared to Euro VI limits. Euro VI brought in new limits on NH3, and Euro VII has 

proposed new limits for methane (CH4), formaldehyde (HCHO), and nitrous oxide 

(N2O) at the tailpipe. As well as proposing emissions legislation for brake and tyre 

wear, in line with PLCVs Euro 7. At the time of writing there are no specifics on the 

limits and testing. 

Europe has the some of the most stringent tailpipe emissions regulations (Stage V) 

for non-road mobile machinery (NRMM) in the world. Legislation is more diverse 

and specific due the broad categories and uses of vehicles which the NRMM 

emissions legislation covers. With different limits for emissions for nonroad, 

waterways, rail, and engine power. Legislation on NRMM will not be discussed in 

detail due to the lower emissions legislation requirements than that of on road HDVs. 

Historically the regulations have been looser or lag behind than that of road 

transport. However, the recent 2020 Stage V regulations for NRMM engines of 56 
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to 560kW net power are similar that of Euro VI for HDVs. Suggesting they could 

coalesce in the future. 

As well as Euro type approval, CO2 average fleet emissions regulations play a role 

in regulating both PLCVs and HDVs tailpipe emissions. For PLCV manufacturers, 

fleet average CO2 emissions can be drastically impacted by implementing a new 

battery electric vehicle (BEV) or hydrogen fuelled models into their fleet with zero 

tailpipe CO2 emissions. However, this presents a greater challenge for HDVs. The 

total amount of CO2 from the road heavy duty transport sector has stagnated and is 

predicted to increase in the EU, as shown in Figure 2.2.  

 

Figure 2.2 Reported and projected CO2 emissions from HDV for the EU-28 from the European 

Environment Agency in 2018 [17]. 

While CO2 emissions per vehicle have been falling, the increase in number of HDV 

fleet sizes in EU is increasing [17]. Leading to an increase in overall HDV CO2 

emissions as well as an increasing percentage of transport CO2 emissions being 

contributed by HDVs in the EU. 

In 2019 the EC implemented its first regulation of average HDVs CO2 emissions to 

curb the increasing emissions from the road freight sector [18]. The 2019 emission 

standard set targets for reducing the average emissions from new lorries for the next 

decade. The regulation legislated vehicle manufactures to reduce CO2 average 
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emissions 15% by 2025 and 30% by 2030, compared to levels in 2019. With heavy 

penalties for manufactures missing the CO2 targets. 

In January 2023 the EC proposed new stronger CO2 regulations applicable to a 

broader range of HDVs to continue reducing CO2 emissions from the sector and 

reduce dependency on imported fuels. New requirements of reducing CO2 

emissions 45% by 2030, 65% by 2035, and 90% by 2040 compared to 2019 levels 

were proposed [19]. A 90% reduction from 2040 is approximately equivalent to < 5g 

CO2/tonne-km, effectively making carbon based fuels unviable form 2040 onwards. 

2.1.1.3 Looking Ahead 

Beyond the next set of regulations, a more effective looking method for the future 

would have to examine what would be classed and defined as zero emissions. First 

what health and sustainability means in this context must be further defined. It can 

be thought of as either an issue of what is acceptable to breathe for health or what 

the natural background nonanthropogenic air quality would be, which can vary 

depending upon the natural local environment without anthropogenic interference. 

WHO guidelines for NO2 exposure are to not exceed mean exposure of 400µg/m3 

(0.21ppm) over 1 hour and 150µg/m3 (0.08ppm) over 24 hours, with no repeats of 

exposure within 8 hours [20]. This suggests that emissions control beyond the 

current Euro VI and VII limits could still be expected for heavy duty road transport in 

Europe (about 60ppm at the tailpipe) in areas of high sensitivity, such as towns and 

cities, in the future if this is used as a measure. Future legislation will likely 

increasingly include a wider range of compounds. 

For sustainability, another wider view is that sustainability is the capacity for the 

biosphere and human civilisation to coexist. The Brundtland report defined 

sustainable development as development which “meets the needs of the present 

without compromising the ability of future generations to meet their own mean” [21]. 

Regarded more specifically within engineering, sustainability is generally defined as 

products, processes, and services which do not result in products that cannot be 

reused, recycled, or repurposed during manufacture, use, and end of life. This 

conceptual framework and methodology of analysis is commonly referred to as 

cradle to grave analysis, life cycle assessment, or life cycle analysis. In these 
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analyses, the environmental or biosphere impact is assessed at each stage of the 

product’s life. 

To date the focus of legislators has been on vehicle tailpipe emissions but in the 

future consideration of the full lifecycle impact of the manufacture, use and disposal 

of transportation vehicles, infrastructure and services will be necessary to assess 

and achieve net zero targets and beyond, to ensure there are not unintended 

consequences of emissions production in the lifecycle of the vehicle. This has been 

raised in the calls for the Euro 7 and VII legislation proposals, leading to the inclusion 

of emissions from brake and tyre wear, as well as the longevity of vehicle useable 

life. However, the proposal suggests this will not be addressed by Euro standards, 

instead it will be addressed by reviews of the End-of-Life Vehicle Directive and part 

of the European Green Deal and the Circular Economy Action Plan in 2023 [22]. 

Human civilisation and the biosphere will always require energy to exist. However, 

ideally sustainability should incorporate low energy consumption, so that less 

energy production is required upstream of any process. This impacts the 

sustainability upstream of the process and influences cost, which can inhibit uptake 

in the concerning product or technology and increase the adoption timeframe of the 

efficient and/or clean technology. 

This piece of work will focus on toxic emissions and sustainability of a heat engine 

during use, i.e., in use propulsion emissions. Embedded and end of life emissions 

will not be discussed in detail, as they are not main the subject focus of this work. 

However, it should be noted and assessed in future specific works due to their 

impact on full life cycle emissions. 

2.1.2 The Right Tool for the Job 

2.1.2.1 Introduction 

Power technology has been dominated by electrochemical batteries on the micro-

scale (10s W), ICEs on the medium-scale (kW-MW), and gas turbines at the large 

scales (10-100s MW) for over seventy years. With transportation and mobility 

dominated by the fossil fuelled ICE over the past century. 
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The climate emergency has promoted a rapid and dramatic shift to alternative 

propulsion technologies powered by renewable ‘green’ energy vectors. This 

pressing need to transition the world’s primary energy source away from fossil fuels 

requires a huge technological shift. Advances in technology over the last several 

decades have started to challenge this status quo, with electrochemical batteries 

transitioning into kW capacities for transportation and low MW for stationary energy 

storage. With conventional ICEs being largely displaced by electrochemical 

batteries in personal transportation and gas turbines by renewable technologies in 

power generation. However, in high energy mobile and remote applications, such 

as shipping, road freight, and distributed back up power, the fundamental low energy 

density of electrochemical battery technology means this is currently an unviable 

solution to decarbonise these areas. 

The ICE is destined to be less ubiquitously used than it currently is due to competing 

technologies emerging and developing. However, there are circumstances where 

the ICE will be hard to outcompete, and continued advances will therefore be 

needed for an ICE to produce lower toxic and GHG emissions in these areas. It is 

recognised that there is “no silver bullet” technology that can replace all of the 

applications of the ICE, a portfolio of technologies will be required across the 

transport sector [23]. 

It is expected that in duty cycles with low energy requirements, such as the average 

car journey, or high stop-start drive cycles, such as vehicles in city centres, ZEV will 

be needed to meet current and future emissions guidelines and improve public 

health. Current BEV technology has shown that it is able to meet this requirement. 

Other heavy duty or high energy drive cycles are currently hard for other propulsion 

technologies to compete with the ICE, such as intercity, international, and 

intercontinental travel. Requiring an ICE propulsion system for at least the near 

future unless an unpredictable breakthrough in technology is made. 

The major drivers for differing propulsion technologies for each suitable application 

are efficiency, energy density, drive cycle, local energy infrastructure, and cost. For 

a vehicle the energy for the propulsion system must also be easily storable, 

transportable, and rechargeable. A fuel with a low volumetric and/or gravimetric 

energy density may not be an issue for local power generation but for a transporter, 
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such as haulage or shipping, the fuel tank must not inhibit the payload capacity or 

cause undue energy consumption through its mass, shape, and/or size. This is the 

barrier which has prevented the use of the electrochemical batteries in the past. 

With electrochemical batteries only in the last decade able to power low energy 

vehicle drive cycle applications, such as PLCVs. However, this currently remains an 

issue for high energy drive cycles, such as international haulage and shipping, which 

limits the application of this solution. 

Each propulsion system has individual benefits that suit specific applications and 

drive cycles. New technologies that have called into question the logic of the past 

century, of using ICEs for every application, will be discussed briefly in detail here. 

A short overview of the major new competing and emerging propulsion technologies 

and their applications will be outlined below. This is to state where the ICE will still 

play a role as it becomes less ubiquitous in the near and distant future.  

2.1.2.2 Battery Electric Vehicles 

Electrochemical battery electric vehicles (BEV) are a ZEV. However, it can be 

argued that BEVs export emissions from where they are used to where the vehicle 

or energy was created. If the electricity grid is assumed to be 100% renewable, then 

the energy use emissions are eliminated. Excluding this issue, they can still make a 

difference to local air emissions and public health by removing emissions from built 

up areas to areas where the effect on health is most impactful. However, there 

remain in use emissions from tyre and brake wear. These PM emissions can be 

higher in the case of BEVs compared to ICE vehicles, due to BEVs having more 

mass than an equivalent ICE vehicle. The EC is aware of these non-exhaust 

emissions, considering these emissions to be constitute 50% of PM10 and produce 

other chemicals that are dangerous to public health [24], hence the introduction into 

their in the latest Euro emissions regulations. While tyre wear with increased vehicle 

mass is unavoidable, BEV and hybrid vehicles can reduce brake wear, in 

comparison to purely ICE vehicles, if they utilise a regenerative braking system. 

Utilising the electric motor instead of traditional brakes to recapture otherwise 

wasted energy and reduce the amount of brake dust particles that would otherwise 

be emitted.  
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Considering road transport, the majority of personal transport vehicles in Europe are 

expected to use an electric drivetrain by 2050, and 80% of the driven kilometres are 

forecast to be under electric propulsion [15]. However, the same study forecasts that 

the remaining 20% of driven kilometres will require an alternative propulsion 

technology due to the high energy requirement of the journey.  

The use of a purely electrochemical battery solution for these high energy 

applications is primarily impractical due to the store’s mass, which compromises the 

payload capacity of the vehicle and the electrochemical battery. These applications 

represent only 20% of the driven kilometres but consume 40-50% of the total energy 

used by the road transport sector. Closer analysis of this research reveals these 

vehicles are primarily moving freight and people between cities. Others have 

suggested solutions to this issue by means of electrification of roads using overhead 

or under road pantograph [25]. Although this option negates the need for a 

breakthrough in electrochemical battery technology, there remains the challenge of 

delivering the infrastructure required to generate, store, and distribute the electricity. 

Considering remote applications, such as intercontinental shipping, this option is 

clearly unfeasible as the energy must be carried and transported in some form within 

the vehicle. 

The emissions produced from the mining, manufacture and end of life processes 

are also significant factors with BEVs. With electric cars typically requiring more 

mining, expensive materials, manufacturing, end of life processing, and energy to 

produce, due to the electrochemical battery. There is a known concern regarding 

the supply, ethics and sustainability of mining lithium, nickel, cobalt, manganese, 

and other expensive mined elements [26]–[29]. 

The mining industry is an example of a difficult application to utilise BEVs, as they 

are typically in remote locations with no electricity grid and utilise high energy drive 

cycles. Recycling alone will not be able to meet the material demands needed to 

electrify PLCVs and other sectors in the short term to meet demand for BEV [26]. 

Therefore, continued advancement of other technologies will be needed to reduce 

and eliminate emissions in these hard to electrify areas.  

While electrochemical battery technology will undoubtedly continue to advance, 

there is an upper limit to the energy density of electrochemical batteries. Aluminium-
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air, lithium-air and zinc-air are examples of electrochemical batteries with the 

highest theoretical energy densities, comparable to that of gasoline. Like 

combustion fuelled ICEs, atmospheric oxygen is utilised in each electrochemical 

reaction to produce electricity. They have high energy densities comparable to that 

of gasoline as they do not carry oxygen in the electrochemical battery. However, 

currently issues exist as they are non-rechargeable, and have issues with by-

product removal, recycling, and anode cost, making them currently unviable. 

There has been increased interest in solid state electrochemical batteries due to 

potential higher energy density, increased longevity, increased charging rate, and 

reduced thermal runaway issues, compared to lithium ion. However, solid state 

batteries have still not become manufacturable at scale and will still be difficult to 

penetrate high energy drive cycle applications. Therefore, there has been continued 

research interest in reducing anode and cathode sizes of lithium-ion until these 

issues have been overcome. 

Increasing gravimetric and volumetric energy density as well as falling costs of 

electrochemical batteries has led to uptake into the kWh zone over the last decade, 

making electrochemical batteries viable for personal vehicles, as well as light duty 

and heavy duty vehicles with low energy duty cycles. Electrochemical battery 

propulsion will dominate the PLCV sector in the near future, where short low energy 

consumption journeys are prevalent [15]. However, long distance, large payload, 

high energy applications and remotely operated machines, such as inter-city 

transport, haulage, off-highway, marine, and portable power generation, are much 

harder areas to electrify due to the high energy duty cycles. Until an unpredictable 

breakthrough is made in energy density of sustainable electrochemical batteries, or 

other energy storage vectors, high energy chemical fuels will still be needed in the 

short and near future that can reduce emissions in these hard to electrify sectors. 

2.1.2.3 Fuel Cells 

Fuel cells have been the subject of increasing research interest over the last several 

decades and have been proposed as a solution to clean propulsion technology. 

However, challenges remain over the cost effectiveness of the fuel cell, storage 

tank, and cost of delivering the required infrastructure [30]. 
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Green hydrogen and methanol have been outlined as the major potential 

sustainable fuels for utilisation in a fuel cell, with hydrogen gaining particular interest. 

Solid oxide and proton exchange membrane (PEM) electrolysers have made the 

most progress over the last decade. With examples of both technologies now in pilot 

and commercialisation stages. 

Using hydrogen or methanol and an air as an oxidiser, fuel cells can achieve higher 

energy densities and power than that of electrochemical batteries but still slightly 

below that of current fossil fuelled ICEs. Storing fuel in tanks enables economics of 

scale at large capacities and provides rapid refilling, like current fossil fuels, in 

contrast to batteries. However, there are concerns. The implementation of a 

completely new fuel distribution and delivery infrastructure would be required, and 

this has a high capital barrier. Fuel cells can be composed of expensive materials, 

such as platinum. Membrane manufacture is currently relatively immature and 

expensive. Fuel cell specific power and energy is still less than an ICE. 

Emissions are at very low levels, with less than 1ppm NOx, 4ppm of CO, and less 

than 1ppm of reactive organic gases reported without aftertreatment. This is due to 

the low temperatures that the fuel cells operate at. Efficiency is reported to be as 

high as 70% at low load conditions (10% power) [31], with a range of 30-70% over 

the full load range [23]. In comparison current modern conventional ICEs have a 

efficiency range of 30-50% but are most efficient at higher load conditions [23]. 

Figure 2.3 displays a comparison of hydrogen fuelled ICE and fuel cell efficiencies 

over the load range. 
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Figure 2.3 Comparison of hydrogen fuelled ICEs and fuel cell efficiencies [32] 

Hydrogen fuel cells and hydrogen ICEs could be thought of as complimentary 

technologies, due to their commonality of fuel and suitability to different applications. 

With fuel cells most suitable to light to medium load applications, such as passenger 

and light commercial vehicles, and hydrogen ICEs suited to medium to heavy duty 

applications, such as international haulage, agriculture, and NRMM. 

2.1.2.4 Internal Combustion Engines 

The thermodynamic cycles used in conventional ICEs (Diesel and Otto cycles) have 

not changed for over a century. ICE’s have improved dramatically in terms of 

efficiency and emissions over this time, but this can mostly be attributed to reducing 

losses, improved air–fuel mixing, and combustion technologies, rather than a 

change or step improvement in the thermodynamic cycle itself.  

Atkinson and Miller like cycles have been adopted in some recent vehicles, such as 

those by Toyota, as well as small gains through novel valve timings, high pressure 

injection systems, lean homogeneous compression ignition, and energy 

recuperation in modern engines. However, the basic Otto cycle is approaching the 

fundamental limits of the cycle and new novel cycles have shown interest and need. 

For example, through the UK Automotive Council’s Thermal Propulsion System 

roadmap and the US SuperTruck programmes [33], [34]. 
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There remains an efficiency emissions coupling problem in conventional 

thermodynamic cycles. Increasing combustion temperature increases efficiency but 

also increases production of NOx. Emissions are not directly addressed in-cylinder 

in conventional ICEs unless a cool lean strategy is adopted, such as low 

temperature combustion (LTC). LTC can be “forced” on a conventional ICE in a 

limited section of the engine operating map but the control over the end of 

compression temperature, and therefore the start of combustion, in these engines 

makes such strategies difficult to implement effectively. Therefore, alternative 

thermodynamic cycles and engine architectures are required that can deliver a step 

improvement in efficiency and emissions effectively and reliably. 

The combustion engine, where the chemical energy is converted first to heat via a 

fast-chemical reaction and then via a thermal power cycle to work, is attractive due 

to the inherent low cost and high-power density of the power conversion device. 

However, to remain a viable solution two fundamental issues must be overcome: 

addressing toxic emissions, such as NOx and carbonaceous PM that are a by-

product of the combustion process and increasing thermal efficiency.  

Reciprocating heat engines produce the greatest amounts of emissions during use, 

owing to the use of fossil fuels. However, the emissions from production and 

recycling of reciprocating engines are relatively low. With the large use of aluminium 

and steel in the primary engine systems making them highly recyclable and easy to 

manufacture, relative to electrochemical batteries and fuel cells. 

CO2 emissions are intrinsically linked to the fuels’ carbon source, meaning the CO2 

emission may not be a future issue if a sustainable fuel is utilised. An ICE can use 

a wide variety of fuel feedstock, making it suitable for reducing or eliminating by-

products and waste from other processes in a circular economy. 

All applications that continue to use a combustion engine still have the potential to 

be net zero carbon if they can utilise a combustor that utilised a carbon neutral fuel. 

Such as synthetic hydrogen, bio or ‘e-fuels’; made from biological and waste 

sources or CO2 captured from the atmosphere and renewable energy. However, 

there remains an issue around other emissions produced during combustion in an 

ICE apart from CO2. For an ICE to be truly zero emissions it must produce NOx, PM, 
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HC, CO, and other trace toxic emissions at levels below the WHO limits at the point 

of use.  

It should be noted that carbon neutral fuels are still in early-stage development and 

are currently expensive in terms of resource and energy use. Any future sustainable 

chemical energy carriers will inevitably have a high initial cost than current fuels from 

fossil derived sources for a certain period. With carbon based renewables having a 

present cost of approximately 3.5 times that of fossil fuels [35]. Therefore, to mitigate 

this cost premium and shorten the adoption timeframe, efficiency will remain a key 

issue to move to cleaner propulsion systems and be a viable replacement for fossil 

fuels without a significant economic impact on society or barrier for adoption. 

2.1.2.5 Comparison of Propulsion Technologies 

Energy dense chemical energy carriers will still play a significant role in the transition 

to and final zero carbon economy. However, the retention of a chemically fuel 

propulsion system has challenges; the fuel must be sustainable, and the propulsion 

system must be clean.  

Figure 2.4 displays the energy and volumetric densities of a range of chemical fuels 

and energy carriers. However, this does not include the energy conversion 

efficiencies of the process which must be considered when deciding on whether the 

energy vector is suitable for the required application. Figure 2.4 demonstrates some 

of the intrinsic issues of current and future energy technologies. Such as hydrogen 

having a low volumetric density unless stored at extremely high pressure (>30 MPa) 

or a low enough temperature to be stored as a liquid. Lithium-ion batteries have a 

better volumetric energy density than atmospheric natural gas and hydrogen but 

has the lowest gravimetric energy density of the compared energy carriers.  
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Figure 2.4 Gravimetric & volumetric energy density of combustible materials & electrochemical 
batteries. Higher heat value for fuels are used as metals are included [36]. 

Even after considering favourable conversion efficiencies for a lithium-ion battery 

(high conversion efficiency of 98%) and low efficiencies for a modern ICE (low 

conversion efficiency of 30%), lithium-ion batteries cannot compete with most 

gaseous and liquid energy carriers for high and dense energy applications. 

Figure 2.5 displays a Ragone plot comparing the energy and power densities of fuel 

cells, ICE, capacitors, and three electrochemical battery chemistries. This highlights 

how gravimetric energy or specific energy can be thought of as the range of the 

vehicle and specific power can be thought of as the acceleration. The acceleration 

is an important factor for heavy duty high mass applications. 
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Figure 2.5 Ragone plot of different energy storage options [31] 

The graph  in Figure 2.6, from a report by the Transport Energy Network (supported 

by the UK Advanced Propulsion Centre, LowCVP, and the University of Brighton) 

[23], displays the total lifetime (500 Mm) CO2 equivalent (CO2e) emissions for an 

urban 7.5 tonne truck across with a range of powertrain technologies and energy 

sources. With the exception of a BEV on renewable electricity, in use CO2e account 

for >50% the total vehicle emissions of the vehicle and fuel types considered. 

 

Figure 2.6 Vehicle lifecycle CO2e emissions for an urban 7.5 tonne truck across different 

powertrain technologies and low carbon fuels over a life of 500Mm [23] 
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The graph indicates that HFCs utilising the 2020 UK electricity grid display the 

largest total lifecycle CO2e, ~370 Mg CO2e, due to the round trip efficiency of 

electrolysis and fuel cells, as well as the carbon intensity of the UK electricity grid. 

However, there is a dramatic decrease in total lifetime CO2e for HFCs when the 

hydrogen is produced from renewable energy, ~75 Mg CO2e. Steam reformation of 

H2 is the predominant source of H2 currently, however this displays the second 

highest amount of total lifetime CO2e. BEV utilising current UK electricity grid 

equates to roughly half the total lifetime CO2e of the Diesel and CNG powered 

trucks. However, the ICEs powered by waste feedstock, such as used cooking oil 

and biomethane from food waste are half of the current BEV, close to that of a BEV 

utilising renewable electricity. The low CO2e and importance for circular economy 

make these waste fuels attractive as a fuel. 

The capital and operational expenditure of the truck is another key consideration for 

use and adoption. Figure 2.7 displays an estimate of vehicle capital and operations 

cost amortised over the life of the vehicle in 2020. The costs are wholesale without 

tax, subsidy, or cost of infrastructure. The error bars display the maximum and 

minimum potential cost, this is predominantly dictated by the cost of the fuel for the 

propulsion system. The lowest potential costs is a Diesel engine running on a diesel 

fuel and a BEV with a small electrochemical battery. Followed by a SCE operating 

on green hydrogen, with a Diesel engine not far behind. Diesel fossil fuel and green 

ammonia fuel systems have the lowest variability in cost. 

 

Figure 2.7 Estimated 2020 cost per year for a UK class 8 truck without tax or subsidy. 
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The 2040 estimated cost per year for competing technologies and fuels starts to 

become more competitive, as shown in Figure 2.8. There is still a large amount of 

uncertainty of cost for all the alternative fuels and technologies. This is 

predominantly dictated by the uncertainty in renewable electricity costs in the UK in 

2040. The estimates of costing used for the comparisons in Figure 2.7 and Figure 

2.8 can be found in Appendix 1. 

 

Figure 2.8 Estimated 2040 cost per year for a UK class 8 truck without tax or subsidy. 

A SCE represents a cost saving per year and uncertainty reduction vs a Diesel 

engine over all three fuels, even with a higher capital expenditure, due to the 

efficiency gains and higher potential maximum efficiency in 2040. A Diesel engine 

utilising a direct air capture (DAC) efuel has a high chance of not being competitive 

in 2040. However, the cost saving of a SCE can dramatically increase DAC efuel 

competitiveness with a large electrochemical battery. Ammonia provides the least 

uncertainty due to the very small difference in cost for green ammonia in 2020 and 

2040. This makes it a potentially less risky avenue for a TPS than DAC efuel or 

green hydrogen. Both green hydrogen and ammonia are carbon free fuels with great 

potential. The uncertainty with green hydrogen is the cost. If there is low-cost green 

hydrogen available in 2040, a Diesel engine retrofitted with a hydrogen fuel and 

combustion system could remain cost competitive route to decarbonise the heavy 

duty sector. Green hydrogen utilising a SCE has the lowest potential cost overall 

using current estimates. There remains a large uncertainty across all of the potential 

propulsion systems.  
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Metrics that are important to transportation are cost per kg and CO2e per kg to move 

items over the course of the life of the vehicle. A deeper analysis is required to 

understand vehicle cargo weights, vehicle weight, refuelling, and down time of each 

vehicle technology for the vehicle application to understand which provides the best 

CO2e saving at an acceptable cost. As well as other factors to consider, such as 

emissions other than CO2. 

Figure 2.9 displays a potential energy consumption view for transport put forward 

by Siemens. The figure does not suggest that all aviation, marine and road/heavy 

trucks will be powered solely by biofuel and e-fuels, instead illustrating that there will 

be a place for sustainable biofuels and e-fuels. Either through on demand grid power 

or through batteries, electricity will dominate the transport sector in the future. 

However, in areas that require and can afford the added cost of converting 

renewable electricity to a green fuel can provide clean energy vectors in these 

areas. Siemen’s report highlights green hydrocarbon feedstocks, such as methanol, 

will also be required for areas such as the pharmaceutical and medical industries. 

 

Figure 2.9 Siemens low-CO2 emission future fuel options for global transport in millions of tons [37] 

2.1.3 Problems and Challenges 

2.1.3.1 Toxic Emissions 

As previously discussed, the impact of exhaust emissions on air quality, especially 

in cities, remains the largest concern and motivation. Any future propulsion system 
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operating in an urban area must deliver near zero emissions in the real world no 

matter what the driving conditions are. The current range of legislated emissions are 

expected to widen to consider the size of the particles and other airborne emissions 

where there are health concerns, such as PM and other fine particles [38]. How zero 

emissions are defined is open to debate, and arguably should consider impacts in 

manufacturing, recycling, energy production, as well as in use emissions. This wider 

debate is beyond the scope of this work; with a focus only on emissions at the point 

of use and considering the Euro VII standard as the minimum target for a near future 

TPS. 

2.1.3.2 Carbon Dioxide 

In recent years, tailpipe toxic emissions have received the most attention. However, 

with countries committing to net zero targets for 2030-2050, CO2 will remain a 

primary legislative driver. Current legislation is focused on the ‘tank to tailpipe’ 

emissions. In the future, life cycle carbon emissions, including the production and 

recycling of the vehicle as well as contributions from the energy the vehicle 

consumes in use, will need to be added to the current policy framework. The ‘net 

zero’ target will necessitate a transition to sustainable fuel from, for example, a 

renewable bio or synthetic source. Reviewing all the potential future fuel sources is 

beyond the scope of this piece of work, but a few of the current main alternative 

sustainable fuels will be discussed in Sections 2.2 and 2.3. However, it is important 

to underline that regardless of the source, the alternative sustainable fuel will most 

likely have a higher cost initially than current fossil fuels. It is therefore assumed that 

a significant rise in thermal efficiency will be required to best utilise precious 

sustainable energy in the future minimising operating cost and consumption of 

precious renewable resources. 

2.1.3.3 Cost 

The fossil fuelled ICE has delivered over a century of affordable transport. Any future 

solution must also deliver an affordable solution to society if the world is to maintain 

its current way of life. When considering cost, the whole value chain must be 

considered, including new infrastructure for energy production and distribution as 

well as the vehicle itself. As such, the avoidance of high-cost materials and as far 

as possible maintaining the general architecture of current engines is desirable. 
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2.1.3.4 Energy System 

To date, the coupling of the transport and power energy supply systems has been 

weak. Some link between oil and gas prices has historically fed through to electricity 

prices, but with the electrification of much of the road transport system, this coupling 

will be inevitably strong in the future. Future transport propulsion technologies must 

consider the impact on the wider energy system, to avoid unnecessary costs and 

emissions being transferred from one sector to another, and ensure the minimum 

societal cost and emissions are achieved. 

2.1.3.5 Discussion 

The four challenges that must be overcome to transition fossil fuelled ICE vehicles 

to a clean, sustainable, and affordable propulsion solution are outlined. There 

remains a question over whether these challenges can be all overcome by an ICE. 

If they are achievable, the end solution should not be viewed as an ICE under the 

more traditional definition, but as a ‘thermal propulsion system’ in recognition of the 

fundamental changes that will be required to meet these challenges and separate it 

from the fossil fuelled ICEs of the past. This will include changes at the fundamental 

thermodynamic cycle level and reaction chemistries between the oxidant and the 

fuel. Within the scope of this thesis, the heat release process will remain within an 

enclosed expanding volume from which work is extracted via a crank, but all other 

aspects of the system can, and probably will, require changes. 

 

2.2 Combustion 

2.2.1 Introduction 

This section will give an overview of the fundamentals of combustion phenomena 

affecting ICEs and what combustion technology could be used and aid the goal of 

ultra-low emissions. Chemistry will first be addressed before consideration of a 

flame and the effects the mixture preparation and combustion conditions have on 

the primary toxic emissions of NOx and PM. 
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2.2.2 Chemistry 

Combustion is a chemical process in which an exothermic oxidation reaction occurs. 

Typically, the reaction rate is relatively fast, although the reaction rate is heavily 

dependent on the fuel and oxidiser. Combustion is typically a relatively high energy 

exothermic chemical reaction; the high amount of energy release generally leads to 

high temperature and reaction rates. However, the reaction rates are lower than 

those of explosions. 

Chemical mechanisms underpin the combustion process. Dictating the products, 

emissions, and conversion of chemical energy into heat, which an ICE converts into 

useful work. It is worth underlining the basic equations that are useful for quantifying 

energies and adiabatic flame temperatures at this point.  

Stoichiometry describes “the relative proportions in which elements form 

compounds or in which substances react” [39, p. 505]. For a combustion reaction, 

this is the condition at which a fuel and oxidant are in proportion to produce products 

that conserve the elements or mass at the end of the reaction. Hydrocarbon 

reactants dominate combustion in the natural world and are the basis of current 

conventional fossil fuels. The ideal complete stoichiometric reaction for an acyclic 

saturated hydrocarbon (alkane) is shown in Equation (1). 

 
𝐶𝑛𝐻2𝑛+2 + (

3𝑛 + 1

2
) 𝑂2 → 𝑛𝐶𝑂2 + (𝑛 + 1)𝐻2𝑂 

(1) 

The ratio of reactants must also be considered. The mixture typically utilises air and 

operates over a range of air fuel ratios (AFR). At localised and macro levels the AFR 

will differ and cause differing amounts of heat release and chemical reactions to 

occur at different locations throughout the mixture. Equation (2) displays the formula 

for AFR. Equation (3) displays the formula for lambda (𝜆) and equivalence ratio (𝜙). 

 𝐴𝐹𝑅 =
𝑚𝑎

𝑚𝑓
 (2) 

 𝜆 =
1

𝜙
=

𝐴𝐹𝑅𝐴𝑐𝑡𝑢𝑎𝑙

𝐴𝐹𝑅𝑆𝑡𝑜𝑖𝑐ℎ𝑖𝑜𝑚𝑒𝑡𝑟𝑖𝑐
 (3) 
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As air is not completely oxygen, the concentration of oxygen in the air or working 

fluid must be considered. The introduction of other reactants with the fuel other than 

oxygen leads to a variety of products being produced during and post reaction which 

are unwanted or unhelpful. In Equation (4) below, only the main two components of 

air are considered, i.e., nitrogen and oxygen, as these generally constitute over 99% 

of the composition of air. 

 𝑂2 % 𝑚𝑎𝑠𝑠 =
𝑂2% 𝑣𝑜𝑙. 𝑂2 𝑚𝑎𝑠𝑠

(1 − 𝑂2% 𝑣𝑜𝑙). 𝑁2 𝑚𝑎𝑠𝑠 + 𝑂2% 𝑣𝑜𝑙. 𝑂2 𝑚𝑎𝑠𝑠
 (4) 

Relatively inert reactants, such as nitrogen, can reduce reaction rates and 

temperatures, acting as diluents. Dilution of the oxygen content of air can be 

achieved with various non-oxidisers other than nitrogen in air, with exhaust gas 

particularly of note for ICEs as a diluent. This reduces the amount of oxygen 

available to generate heat while simultaneously increasing the amount of other 

elements that are available to absorb heat, leading to lower adiabatic flame 

temperatures. Nitrogen dilution is of particular interest in this piece of work, the 

reason for which will be highlighted in Section 2.7.7 and further expanded upon in 

Section 5.10. The formula for the standard enthalpy of formation with no heat loss 

is shown in Equation (5). 

 

𝑆𝑡𝑎𝑛𝑑𝑎𝑟𝑑 𝐸𝑛𝑡ℎ𝑎𝑙𝑝𝑦 𝑜𝑓 𝐹𝑜𝑟𝑚𝑎𝑡𝑖𝑜𝑛 = ∆𝑓𝐻⦵

= ∑ 𝑣∆𝑓𝐻⦵(𝑝𝑟𝑜𝑑𝑢𝑐𝑡𝑠)

− ∑ 𝑣∆𝑓𝐻⦵(𝑟𝑒𝑎𝑐𝑡𝑎𝑛𝑡𝑠) 

(5) 

Combined with the initial temperature, heat capacity, and amounts of the products, 

the adiabatic flame temperature can be calculated, assuming that all the exothermic 

energy from combustion is contained within the products post combustion. Each 

product has a differing heat capacity that depends upon temperature. Using the 

overall heat capacities of the products, shown in Equation (6), the overall heat 

capacity for the products can be calculated. 

 𝐻𝑒𝑎𝑡 𝑜𝑓 𝑅𝑒𝑎𝑐𝑡𝑖𝑜𝑛 = 𝑄𝑟𝑒𝑎𝑐𝑡𝑖𝑜𝑛 = 𝑐𝑝(𝑇𝑓 − 𝑇𝑖) (6) 

 𝐻𝑒𝑎𝑡 𝑜𝑓 𝐶𝑜𝑚𝑝𝑜𝑛𝑒𝑛𝑡𝑠 = 𝑄𝑐𝑜𝑚𝑝𝑜𝑛𝑒𝑛𝑡𝑠 = ∑ 𝑄𝑝 (7) 
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 𝑄𝑟𝑒𝑎𝑐𝑡𝑖𝑜𝑛 + 𝑄𝑐𝑜𝑚𝑝𝑜𝑛𝑒𝑛𝑡𝑠 = 0 (8) 

This assumes all products are homogenously mixed and heat is distributed evenly. 

As previously mentioned, in real combustion reactions there are many reaction 

pathways that will occur in the local area, which are dependent on the reactants, 

heat release, initial temperature, pressure, and products. 

2.2.2.1 Chemical Kinetic Mechanisms 

Real fuels are typically a complex mixture of many different compounds and 

structural analogues. It is generally agreed that the behaviour of the complex fuels 

can be well matched and reproduced through simpler surrogate fuels for modelling. 

Highly refined fuels, such as efuels, can be less complex and purer, enabling better 

matching and simpler modelling depending on the composition, but are still likely to 

be made up of several compounds. Detailed chemical mechanisms of surrogate 

fuels enable 0D to 3D models to be applied and well matched against real data. 

Providing insight to the combustion process and rapid combustion development.  

There are many detailed chemical kinetic mechanisms that are available to model 

the combustion of fuels and reaction pathways, depending on the fuel that is of 

interest and the level of detail, complexity, computational power, and time available. 

Several chemical kinetic mechanism relevant to combustion will be discussed in 

detail in this section.  

2.2.2.1.1 Natural Gas Surrogate 

The GRI-Mech is a chemical mechanism developed by Berkeley for natural gas 

combustion, specifically optimised for methane and air [40]. However, reactions for 

other alkanes are also present, such as ethane and propane. The method of 

systematic and computational optimisation of the model is laid out by Frenklach et 

al [41]. In brief, with each new variation of the model, the systematic optimisation 

relies on literature of reliable experimentation, a computational model to solve the 

reaction mechanism kinetics and transport equations, and a final tuning optimisation 

to create a reliable and accurate model. 
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GRI-Mech 3.0 is composed of 53 species and 352 reactions, with associated rate 

and thermal data. Two comparison of ignition delay for several methane air 

compositions using the GRI-Mech 1.2 and 3.0 mechanisms against experimental 

data are shown in Figure 2.10, provided by the team at Berkeley [42], using data 

from shock tube ignition data by Seery & Bowman [43]. For the GRI-Mech 3.0, 

methane ignition delay data is well matched against experimental data by Seery et 

al. There is a broader range of comparisons made against various other 

experimental data points, such as by Cheng et al [44] in which the GRI-Mech 3.0 

demonstrated good ignition matching for hydrogen and methane. 

  

Figure 2.10 Comparison of ignition delay for three different mixtures of methane and oxygen by the 

team at Berkeley [42]. In which they compared the GRI-Mech 1.2 and 3.0 mechanism results 
against real experimental data by Seery & Bowman [43]. 

2.2.2.1.2 Gasoline Surrogate 

Mehl et al developed a detailed chemical kinetics model for relevant component 

mixtures of gasoline [45]. The pure component fuels the scheme is optimised for are 

n-heptane, iso-octane, toluene, and 1-hexene. The full chemical kinetic scheme for 

all component fuels includes approximately 1550 species and 8000 reactions [45].  

As a primary reference fuel for gasoline, iso-octane is of most interest as a simple 

single surrogate fuel and therefore will be discussed here in detail. A graph of 

ignition delay calculated by the scheme versus experimental data for pressures of 

15, 34, and 45 atm is displayed in Figure 2.11. The ignition delay matches the trends 

of increasing ignition delay with decreasing pressure and is best matched against 

the 15 atm experimental data. However, the mechanism overpredicts the ignition 

delay against experimental data for the highest pressure case of 45 atm from 
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approximately 1100K/T to 1300K/T. Although the temperature may not be highly 

accurate in this window, the model is otherwise well matched against the data. 

 

Figure 2.11 Experimental and calculated ignition delay of iso-octane over a range of conditions, 

with experimental data displayed as symbols and the chemical mechanism response displayed in 
solid lines for pressures of 15, 34, and 45 atm [45]. 

2.2.2.1.3 Jet Fuel Surrogate 

JetSurF is a detailed chemical kinetics model for the combustion of a jet fuel 

surrogate. Developed through a multi university research collaboration, led by 

Stanford, and funded by the United States Air Force Office of Scientific Research 

[46]. The model is centred on development of high temperature chemistry for n-

dodecane and n-butyl-cyclohexane, but also includes all n-alkanes up to n-

dodecane, and mono-alkylated cyclohexanes, including n-propylcyclohexane, 

ethylcyclohexane, methylcyclohexane, and cyclohexane. The development effort 

aims to achieve consistent kinetic parameter assignment and predictions for a wide 

range of hydrocarbons. JetSurF 1.0 contains 194 species and 1459 reactions. 

JetSurF 2.0 contains 348 species and 2163 reactions. 

Figure 2.12 display two graphs comparing the decane ignition response of the 

JetSurF 1.0 model against two conditions and sets of data. While having very 

different levels of equivalence ratio and pressure, both sets of data display that the 

JetSurF 1.0 model slightly overpredicts the length of ignition delay but fairly 

accurately predicts the trend in response to changes in temperature. 
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Figure 2.12 Comparison of ignition delay of decane from JetSurF 1.0 model (solid red line) and two 
sets of experimental data  [47]. The left graph is compared with data from Zhukov et al [48] (black 
symbols) and the right graph is compared with data from Horning et al [49] (black symbols) and 

includes uncertainty in JetSurF 1.0 predictions using Monte Carlo simulation (small blue symbols). 

2.2.2.1.4 Diesel Surrogate 

Westbrook et al developed a detailed chemical kinetic reaction model for 

combustion of n-alkane hydrocarbons from n-octane to n-hexadecane [50]. Low 

temperature and high temperature reaction pathways are included for all of the 

alkanes in the model. The single mechanism can then be edited down for any of the 

alkanes included in the model for increased modelling efficiency. 

Dodecane is of most interest as a surrogate for diesel fuel. Therefore the reported 

chemical mechanism results compared to experimental data by Westbrook et al [50] 

are shown in Figure 2.13 and Figure 2.14. There is high level of agreement between 

fuel conversion and temperature and residence time. There is good agreement of 

mole fraction of methane and propene. 
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Figure 2.13 Conversion of fuel and species produced in n-dodecane pyrolysis (2% n-dodecane, 

98% He) at 1s residence time for a range of temperatures. Experimental values are shown as 
symbols, lines show computed results, dashed curves include retroene reactions of 1-alkenes [50]. 

 

Figure 2.14 Fuel conversion and species histories in n-dodecane pyrolysis (2% n-dodecane, 98% 
He). Temperature is 973 K, symbols are experimental points, lines are computed results. Dashed 

curves include retroene 1-alkene decompositions, solid curves do not include them [50]. 
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2.2.2.1.5 Discussion 

While there are many chemical kinetic models aimed at combustion or a range of 

alkanes for surrogates for conventional fuels, there are limitations in pressures and 

temperatures in which the mechanisms have been validated against. In particular 

validated pressures higher than 1.5MPa are limited, with almost no chemical 

mechanisms validated above 5.0MPa. As many modern ICEs exceed 4.0MPa 

before combustion and may have peak cylinder pressures approaching or 

exceeding 15MPa with combustion, there is a need for more detailed chemical 

kinetic models validated against real data for these higher pressure conditions. 

2.2.1 By-products/Emissions 

Emissions are unwanted by-products from the chemical combustion process. 

Forming due to the complex chemical reaction pathways and varying nonideal 

circumstances within a real combustion process. Factors which influence emissions 

are intrinsically linked to that of the engine and combustion system design. With 

greater engineering and technology, the variabilities and by-products can and have 

been reduced. How and why these emissions products from must be understood to 

reduce emissions. Selected emissions and factors effecting the formation of these 

emissions will be discussed in this section. 

2.2.1.1 Nitrous Oxides 

Nitrous oxides (NOx) are a group of seven gases based on various molecular 

arrangements of nitrogen and oxygen [51]. NOx generally refers to the most 

common forms, which are nitric oxide (NO), nitrous oxide (N2O), and nitrogen 

dioxide (NO2). 

N2O is a significant GHG, with a global warming potential (GWP) estimate of 264 

CO2e over a 20 year period, 265 CO2e over a 100 year period, and a lifetime of 

121±10 years [52]. GWP is used as a comparison for the radiative forcing by 

greenhouse gases in the atmosphere, using CO2 as mass-based equivalency, i.e., 

1kg of CO2 is equal to 1 GWP at any point in time. Due to molecules reacting and 

breaking down in the atmosphere, the GWP varies for molecules throughout their 

lifetimes. CO2e and GWP are interchangeable, as CO2e is calculated from GWP 

figures. 
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In the past it was believed that N2O was directly produced by combustion systems. 

However, research demonstrated this not to be the case, and that N2O was formed 

by post reactions of other NOx molecules [53]. NO and NO2 are the dominant NOx 

products directly produced in combustion exhaust gas, with NO2 the most prevalent 

form in the atmosphere from anthropogenic sources, and NO the most prevalent 

form produced by combustion [51]. In this piece of work NOx will predominantly refer 

to NO and NO2, which are significant air pollutants and hazardous gases produced 

from ICEs, contributing to smog, acid rain, and tropospheric ozone [51], [52], [54]. 

NOx emissions are an unwanted by-product of combustion. In an ideal combustion 

reaction NOx would not form. However, as combustion in an ICE typically utilises a 

fuel with a variety of components, and air as a working fluid, NOx is formed through 

endothermic reactions of oxygen and nitrogen, and other intermediary compounds 

[54]. 

There are three main sources of NOx from combustion: fuel NOx, thermal NOx, and 

prompt NOx [51]. Thermal NOx is formed from the reaction of nitrogen and oxygen 

at elevated temperatures and is the main source of ICE NOx. Fuel NOx is formed 

from the oxidation of ionised nitrogen located within the fuel and is a smaller 

component of exhaust in light oils and gases fuelled combustion. Prompt NOx is 

formed from nitrogen reacting with fuel in oxygen depleted zones predominantly in 

the flame front with free radicals of CH, creating hydrogen cyanide (HCN) and NO 

before HCN goes through several intermediate compounds to create NO [54]. 

Prompt NOx accounts for the smallest contribution to combustion NOx, as shown in 

Figure 2.15. It can be seen in Figure 2.15 that the gradient of thermal NOx formation 

increases as combustion temperature increases. It is generally agreed that thermal 

NOx production significantly increases above temperatures of approximately 1550K 

[51]  to 2200K [54].  
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Figure 2.15 The relationship between the three main NOx formation types against combustion 

temperature [54]. 

NOx production from ICE has generally increased as ICE efficiency has increased 

and with the wider uptake of Diesel ICEs with less stringent NOx regulations, as 

previously discussed in Section 2.1.1.2. This is mostly due to the link between 

efficiency and temperature difference, i.e., with a higher temperature difference to 

that of ambient air there is a higher efficiency of a heat engine. This was achieved 

in Diesel engines and other combustion systems by utilising high compression ratios 

(CR) and therefore higher combustion temperatures. 

Reducing local and bulk temperatures of the combustion event are key methods to 

reduce the formation of thermal NOx emissions from an ICE. Fuel NOx can be 

reduced through refined fuel with lower nitrogenous compounds, and prompt NOx 

can be reduced by increased mixing reducing oxygen depleted areas in the flame 

front and local areas. 

2.2.1.2 Particulate Matter & Soot 

Particulate matter (PM) is a broad term for small particle pollution, consisting of an 

impure mixture of solid and/or liquid particles typically from incomplete combustion, 

dust, and other emissions. As previously mentioned in Section 2.1.1.1, PM is 

typically split into two groups based on particle diameter. Course PM of 10μm or 

less (PM10) and fine PM of 2.5μm or less (PM2.5). 



41 

 

The WHO, PHE, and other health bodies agree that PM, particularly PM2.5, can have 

a significant on human health, affecting respiratory and cardiovascular morbidity, 

and lead to mortality from cardiovascular and respiratory diseases and from lung 

cancer [6], [38]. The WHO estimates that current levels of exposure to PM2.5 reduces 

the life expectancy of the average European population by about 8.6 months [38]. 

Soot is generally agreed to be carbonaceous particles formed during pyrolysis of 

hydrocarbon fuel and typically includes various unsaturated hydrocarbons, 

particularly acetylene and its analogues and polycyclic aromatic hydrocarbons 

(PAH) due to their relative stability [55], [56]. PAH in particular has been shown to 

have serious adverse health effects, contributing to cancer, reduced lung function, 

obstructive lung disease, and cardiovascular disease [57]. The effects on health are 

the most concerning aspect of soot emissions, but the formation of soot is also an 

issue of wasted energy, loss of efficiency, increase in maintenance and wear, and 

operating cost. 

Air fuel ratio, local and bulk mixing, temperature, and pressure impact the formation 

of soot. Soot should in theory only occur when the hydrocarbon and oxidiser are 

below equivalence ratios of greater than 1 [55]. However, the localised area 

conditions play a much larger role in formation than bulk conditions. Production of 

PM and soot varies depending on the combustion material, which may include a fuel 

and other impurities or additives.  

Carbonaceous particle formation is complex and will not be discussed here in detail. 

In brief there are several methods of particle inception and formation such as 

nucleation, surface growth, chemical reaction, collisions, and condensation, as well 

as combinations of these processes [58]. Figure 2.16 displays an illustration of the 

complex chemical reactions and physical processes involved in soot formation. 
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Figure 2.16 Kinetically limited chemical reactions and physical processes involved in soot formation  
[58]. 

Figure 2.17 Illustrates the effect local equivalency ratio and temperature can have 

on NOx and soot exhaust products from an engine. The areas for three types of 

combustion, i.e., Diesel compression ignition (CI), spark ignition (SI) and LTC, are 

highlighted. These ICE combustion strategies and others will be discussed in 

Section 2.4. 
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Figure 2.17 Temperature vs Equivalence Ratio Emissions Zones [59] 

2.2.2 Discussion 

Literature suggests with the right reactants and initial conditions it is possible for 

combustion to generate ultra-low levels of soot and NOx emissions in the region of 

1550 to 2500K. However, combustion methods, limitations, and controls will be 

required to maintain combustion in an optimum condition which produces ultra-low 

emissions throughout the whole mixture. A premixed method of combustion will be 

needed in future ICEs, in which the reactants are homogenous, and the initial 

temperature is tightly controlled, to eliminate and minimise NOx and soot production. 

At the same time, the initial temperature must be high enough for the reaction to 

occur, be complete, and not produce other emissions such as carbon monoxide. 

2.3 Alternative Fuels 

2.3.1 Introduction 

As the chemical fuel is the energy feedstock to an engine, the question of 

sustainability starts with the fuel. The chemical fuel is integral to the products or 

emissions produced from a combustion engine. Whether the carbon dioxide emitted 

post combustion is dependant on the source of the carbon deposition to the fuel.  

It takes millions of years for a fossil fuel to form from the decomposition of carbon-

based deposits. This contrasts with the extraction of fossil fuels which in the modern 

world can take days or hours from extraction to combustion. Therefore, fossil fuels 

are inherently unsustainable due to this imbalance of extraction and deposition 

rates. A sustainable alternative green fuel must be created or captured at the rate 

of use as a minimum, if not higher to rectify past unsustainable emissions of CO2.  
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In this piece of work only “green” alternative fuels will be discussed in which the net 

CO2 or CO2e emissions can be neutral or negative. After considering whether the 

source of carbon is sustainable, the other combustion products produced from the 

combustion reaction and the properties of the fuel must be considered. After 

consideration as to whether the fuel can be sustainably sourced, this piece of work 

will not go further into detail of the production processes that could be utilised. The 

combustion of the fuel is the focus of this piece of work. 

2.3.1 Green Synthetic eFuels & Biofuels 

Longer chain hydrocarbons and alkanes remain attractive as a source of fuel due to 

their lower autoignition temperature, high energy density, and widespread use of 

associated fuels and technologies. As they are most closely related and comparable 

to the fossil fuels used today, this makes them adoptable to ICEs and other fossil 

fuel consumers and can utilise pre-existing distribution networks. For this reason, 

synthetic electrofuels (efuels), in which a chemical fuel is produced synthetically 

using renewable electricity, and synthetic biofuels are attractive. Figure 2.18 

displays an overview of routes and processes to carbon based sustainable fuels. 

 

Figure 2.18 Routes to carbon based sustainable synthetic fuels [60]. 
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Synthesis of fuels can eliminate impurities that are usually costly to remove in fossil 

fuels. Synthetic production would desire to be as efficient as possible in only creating 

the fuel required to bring down cost. Synthetic fuels would therefore tend towards 

producing a neat high grade of fuel as a cost benefit. In comparison fossil fuels 

would be cheaper if left unprocessed as dirty crude. These fuels have the potential 

to produce lower PM and other emissions due to less contaminants, such as 

sulphur, vanadium, iron, zinc, cycloalkanes, aromatics, among others, being 

present. The stability and lifetime of fuel could in theory be higher as there is less 

oxidation or likelihood of separation and breakdown of components due to the neat 

fuel [61]. 

However, there are currently issues with cost and energy for processing into longer 

chain hydrocarbons that would need to be overcome. Direct air capture is attractive 

due to carbon sequestration but is expensive, likely not being competitive with fossil 

fuels till beyond 2050 [60]. For this reason, there is an argument for utilising shorter 

chain hydrocarbons that could require less processing and energy in certain cases.  

Synthetic biofuels could compete with cropland and push up food prices. Alternative 

farming methods for the biofuels, such as algae sea farming, could avoid this issue. 

While PM production may be lower with these fuels, there remains health issues 

utilising current ICE technology producing NOx.  

2.3.1 Green Methane 

The simplest alkane, methane is an attractive sustainable fuel as it can be extracted 

or produced from a variety of waste sources, such as from landfill, agriculture, and 

sewage. It can also be manufacturable synthetically from methods such as the 

Sabatier reaction. The ideal combustion reaction for methane is shown below in 

Equation (9). 

 2 𝐶𝐻4 + 3 𝑂2 → 2 𝐶𝑂2 + 4 𝐻2𝑂 + 𝑒𝑛𝑒𝑟𝑔𝑦 (9) 

Methane has an average lifetime of 12.4 ±3 years but can impact other components 

in the atmosphere, such as water, which contribute to global warming [52]. 

Therefore, methane has an estimated GWP of 56 [62] to 96 [63] over 20 years, 21 

[62] to 34 [52] over 100 years, and 6.5 [62] to 7.6 [64] over 500 years. This is part 
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of the reason methane and other fossil fuel gases are regulated to be captured or 

flared instead of emitted in some countries for safety and reduction of GWP. 

If green methane is used that is produced from an unavoidable and circular sources, 

such as sewage and food waste, a combustion system could play a role reducing 

the waste and the overall GHG emissions in a circular economy. For example, 

methane produced from sewage and food waste cannot be endlessly captured to 

reduce overall GHG, it will need to be stored, released or utilised. In this situation, 

an ICE using green methane has the potential to be a greenhouse gas sink, by 

shortening the lifetime of methane in the atmosphere. Therefore, having the 

potential to reduce the overall GHG effect. 

In the ideal reaction, shown in Equation (9), 1kg methane combusts to produce 

2.74kg of CO2. Therefore, if methane that would otherwise be released to the 

atmosphere is combusted, the overall GWP saving is the GWP of methane minus 

2.74. In Figure 2.19 the global warming potentials from the latest IPCC report are 

used minus the 2.74kg of CO2 that is produce from the combustion of 1kg of 

methane [52]. Embedded CO2e emissions are used based on an average truck, with 

an estimate for the equivalent BEV to have 15% more embedded CO2e than the 

ICE vehicle. Using assumed averages for a commercial truck of a lifetime of 12 

years, annual mileage of 65,000 miles (104,000km), embedded CO2 of 30,000kg, 

8 mpg (35 L/100km) and 11.5kg of CO2 kg/gallon (2.53kg/L). A conventional ICE 

would produce 1.15 million GWP, whereas using the lower values of GWP over 500 

years would produce a negative GWP of 1.3 million over the 12 year lifespan of the 

truck.  
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Figure 2.19 Truck GWP comparison of renewable BEV, conventional ICE and recovered green 
methane conventional ICE. 

However, for this to be a true representation of what occurs during the waste 

methane cycle, the other emissions apart from CO2 that are produced from ICEs 

must be addressed and accounted for. Methane and compressed natural gas 

(CNG), a mixture of predominantly methane (~95%) and other components, 

combustion has been shown to produce low levels of particulate matter, due to the 

lower length carbon chains, carbon density and gaseous state of methane making 

conditions more ideal for premix combustion with air [65]–[67]. However, there are 

issues the size of the PM particles produced more like to be in fine PM2.5 particles 

[66]. 

The high autoignition temperature (>800K at 1bar) of methane makes compression 

ignition unsuitable when trying to avoid the formation of NOx. Necessitating an 

ignition method, such as a spark, higher reactivity ignition fuel, or other source to 

avoid this issue. The high adiabatic flame and combustion temperature can cause 

high amounts of NOx to form if the initial temperature, and therefore end 

temperature, is too high. 

Research has shown the autoignition temperature of methane to be significantly 

affected by pressure, with the potential to spontaneously combustion far outside the 

flammability limits [68]. These effects must be considered in ICE applications and 

combustion systems but may have the potential to aid lowering the autoignition 

temperature of the fuel and reduce NOx formation. 
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2.3.2 Green Hydrogen 

Hydrogen has received increased research and wider public attention as an 

alternative fuel due to the ideal combustion reaction producing no CO2 as a product, 

as shown in the ideal hydrogen reaction in Equation (10). For hydrogen to be green, 

the production method would need to utilise renewable electricity and water for 

electrolysis. The supply of water as a feedstock for green hydrogen can be thought 

of as almost infinite, due to the abundance of water on Earth, and is renewable and 

sustainable due to water being a product of the reaction. Another benefit of 

hydrogen is it’s use as a precursor to create other more complex fuels and 

molecules, as shown in Figure 2.18. For this reason, it has the potential to be 

cheaper than other competing green synthetic fuels. The cost of green hydrogen will 

be heavily associated with the cost of renewable electricity used in the 

electrochemical reaction used to separate the oxygen and hydrogen from water. 

However, hydrogen has the potential to be cost competitive with current fossil fuels 

if production is scaled up over the next 20 to 30 years [69], [70]. 

 2 𝐻2 + 𝑂2 → 2 𝐻2𝑂 + 𝑒𝑛𝑒𝑟𝑔𝑦 (10) 

The round-trip efficiency of green hydrogen production is currently 18-46% [71], 

therefore cost will need to decline from current levels before it becomes competitive 

and/or efficiencies would need to increase. Ideally generated renewable electricity 

would be kept as electricity to avoid the conversion efficiency penalty, rather than 

conversion to a green fuel. However, there is a tipping point where the capital cost 

of increasing electrochemical battery size will not be as cheap as taking the 

efficiency penalty to store the energy as a green hydrogen fuel, this is especially 

true at large scale (>0.5GW) but will come down with green hydrogen cost and 

increasing efficiency. Hydrogen is a better long term (>6 month) high-capacity 

energy store than an electrochemical battery, due to battery degradation and 

maintenance. For these reasons, co-deployment of renewable electricity 

generation, electrochemical batteries, and hydrogen storage have been proposed 

to minimise cost and maximise the amount of energy stored for large scale storage. 

The main issues with utilising hydrogen as a vehicle fuel is its low volumetric energy 

density, high autoignition temperature and high adiabatic flame temperature. As 

shown in Figure 2.4, volumetric energy density of hydrogen can be overcome by 
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raising it above ambient pressures or lowering the temperature cryogenically until it 

is a liquid. However, storing hydrogen at elevated pressures or as a liquid presents 

challenges and incurs an efficiency penalty. As energy is needed to compress the 

hydrogen and necessitates construction of a storage vessel that can withstand the 

pressure and/or retain low temperature.  

Emissions from hydrogen fuelled ICEs shows great promise for toxic emissions 

reductions. As noted, the issues of carbon or PM from the fuel are mitigated with 

hydrogen with no carbon in the fuel and little to no contaminants present. NOx 

emissions are lower than comparable fossil fuelled ICEs on the road today, with 

levels of 150-220ppm of NOx reported at stoichiometric conditions [30]. However, 

with moderate dilution and rich or lean ratios this has been shown to be mitigated 

down to 10-120ppm when using a spark ignition or dual fuelled (reactivity controlled) 

ignition [30].  

Wide flammability and low ignition energy allows hydrogen to be operated with 

significant dilution, this is a benefit for reducing NOx but represents an issue for 

predictable and reliable combustion [30], [72]. The low flammability presents a 

challenge and hazard which must be mitigated, but this can be overcome through 

well engineered fuel delivery systems, storage, and combustion system specific to 

hydrogen ICEs. 

2.3.3 Green Ammonia 

Ammonia is attractive as a fuel as there is already an international shipping 

transportation infrastructure available due to the use of ammonia in agriculture as a 

fertiliser. Therefore, the infrastructure for transporting, storing, and distributing are 

readily available and attractive as a quickly adoptable energy vector, especially for 

the decarbonisation of the shipping industry [73]. 

Currently ammonia is predominantly produced using a fossil fuel-based process 

and, if made green, will be dependent on the cost of green hydrogen production. 

This will cause green ammonia to generally be higher in cost than green hydrogen, 

due to the additional processing of green hydrogen required. However, the higher 

volumetric energy density than hydrogen makes it attractive as an energy vector in 

its own right or as an alternative hydrogen storage vector. Liquid ammonia has a 
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higher energy density than liquid hydrogen. Unlike hydrogen, ammonia can be 

stored as a liquid at near ambient temperatures and pressures.  

Currently there is an abundance of ammonia research for gas turbines [36], [74] but 

less so for ICEs, though this area is growing [75]–[77]. Results from the gas turbine 

research is still useful for informing the emissions and combustion characteristics of 

the fuel. As can be seen in the ideal combustion reaction for ammonia below 

(Equation (11)), the only products of combusting ammonia are nitrogen and water.  

 4 𝑁𝐻3 + 3𝑂2 → 2 𝑁2 + 6 𝐻2𝑂 + 𝑒𝑛𝑒𝑟𝑔𝑦 (11) 

The non-production of CO2 and higher energy density than hydrogen are the key 

reasons why ammonia is being considered as a fuel [36], [73]. However, as with all 

combustion reactions, there is variability in the species that are produced. A study 

on a dual fuelled compression ignition engine with diesel and ammonia showed a 

factor of 7 increase in NO emissions with 20% fuel energy from Diesel, NO2 was not 

reported [76]. Ammonia has a low flame temperature [36] which in theory should 

allow it to reduce thermal NOx, which is formed purely due to heat in comparison to 

other fuels that burn in an ICE. Chemically produced NOx is an issue at lean 

conditions due to the reaction pathways of ammonia. However rich conditions act 

as a NOx reduction in the same method as urea based selective catalytic reduction 

in modern vehicles [77]. As ammonia is toxic, regulators have started to increase 

regulation on emissions of ammonia from vehicles, with the Euro 6 introducing a 

limit on the amount of ammonia that can be emitted. 

The low combustion temperature and low laminar burning velocity (a fifth of 

methane) could lead to the flame being extinguished easily, leading to non-

combustion or low conversion of fuel to its products [36]. This also creates issues 

with ignition delay [77]. Compression ignition ammonia is presented with issues due 

to the high autoignition temperature and NOx emissions that a high initial 

temperature entails [78]. However, this can enable high compression ratios to be 

achieved. Ammonia could be co-injected or doped with a lower reactivity fuel such 

as diesel [76], [79]. Alternatively, ammonia can be decomposed to nitrogen and 

hydrogen gas utilising a catalyst [80]. With the potential to reap the high energy 

density benefits of ammonia and combustion benefits of pure hydrogen. 
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2.3.4 Discussion 

All the fuels discussed in this section show promise as future alternative fuels. 

However, it is clear each have issues that still need to be overcome to before they 

are widespread and adopted as fuels. Green methane demonstrates the earliest 

promise as an early adoption fuel as it can be added into existing liquid natural gas 

fuelled vehicles and other areas, while also potentially removing methane as a 

harmful GHG emission from industries such as agriculture.  Hydrogen will require 

extensive research and advances in use, storage and manufacturing efficiency but 

shows promise as a fuel due to its high flammability, high gravimetric energy, and 

ability to utilise excess energy created by intermittent renewable infrastructure, such 

as wind. 

While the research in this paper will not perform testing on alternative fuels, the path 

forwarded to these fuels is important to highlight, as ICE technology must transition 

to these fuels. Future ICE and combustion technology that is proven on diesel or 

methane will be translatable to green synthetic eFuels, biofuels and green hydrogen. 

While combustion systems will need further research for green hydrogen and 

ammonia, ICE thermodynamic cycles and engine architectures will still be relevant 

for these future fuels to achieve high efficiency and zero carbon emissions. 

2.4 ICE Combustion Methods & Systems 

2.4.1 Introduction 

Mixing in the RSCE is of great interest not only due to seemingly low emissions 

produced but also due to the unique conditions at which the air and fuel are 

combined. As inlet air conditions in the RSCE can be manipulated and can operate 

well above supercritical air temperatures (>133K), how the injected air and fuel mix 

and combust is of importance to understand and optimise the combustion system 

and engine.  

Firmansyah et al demonstrated that when the air enters the cylinder, it is moving at 

Mach speeds, due to the differential pressure behind the valve and the combustion 

cylinder, and the small amount of valve lift that the air passes through [81]. A velocity 

contour map from this piece of work is shown in Figure 2.20. This jet of air could 

impinge against the injected fuel spray causing suspected rapid atomisation. This is 
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suspected as one potential method due to the high pressure rise rate (PRR) during 

combustion. 

Acoustic phenomena may be having effect on the mixing of the air and fuel due to 

the shock waves that are developed in the engine from the jets of air. The effect the 

expansion and phase change of the air has on the temperature may also initially 

prevent combustion taking place, giving time for the mixture to fully mix and atomise 

before combustion. 

 

Figure 2.20 Simulation of velocity contour map of air motion in RSCE [81]. 

2.4.2 The Dec Model 

The Dec Model is a conceptual model of a diesel plume with no swirl, wall or other 

phenomena [82]. The model is based on laser-sheet imaging of an optical single 

cylinder engine utilising a high pressure diesel injector, piston crown window, and 

side windows. The conceptual model can be seen in Figure 2.21. It conceptually 

demonstrates the different combustion products that are formed due to 

heterogeneous chemical and thermal regions in which the combustion is taking 

place. The model conceptualises the fuel spray, diffusion flame, and emissions 

generated in each mixture region throughout the spray and flame front from a single 

hole high pressure injector. 
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Figure 2.21 Dec Model for a diesel plume [82]. 

2.4.1 Low Temperature Combustion 

Low temperature combustion (LTC) and specifically homogenous charge 

compression ignition (HCCI) have been the subject of much research over the past 

decade for reducing NOx and soot emissions in ICE’s. As mentioned previously, the 

Arrhenius equation shows that the only two variables that can be manipulated to 

reduce NOx formation are temperature and the pre-exponential factor, with the pre-

exponential factor predominantly governed by concentration of reactants. There has 

been research into ICE’s utilising intake air treatment (IAT) systems to reduce the 

concentration of nitrogen in the working fluid and more widespread is the use of 

exhaust gas recirculation (EGR) systems in nearly all modern ICE’s to reduce the 

formation of NOx [83], [84]. IAT and EGR systems are not as effective as 

temperature at reducing NOx formation due to their reduction in the overall thermal 

efficiency of the ICE. This is because they usually either incur comparatively high 

pumping losses or reduce the heat capacity ratio of the working fluid. 

As temperature is the main variable contributing to NOx formation in an ICE, LTC is 

an attractive solution to eliminating NOx. The hope is this in turn reduces the need 

for expensive after treatment systems, such as catalytic converters and urea-based 

systems. Reducing peak combustion temperature potentially incurs an efficiency 

and power reduction, as the difference in pressure before and after combustion has 

a direct impact on the efficiency and power output of the ICE. Therefore, the 

objective for LTC is to reduce peak temperatures while maintaining or raising 

average temperatures during combustion up to or below the temperature threshold 

for NOx formation (approximately < 2,200K). 
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2.4.1.1 HCCI 

HCCI brings together the two advantages from the conventional Otto and Diesel 

cycles. The homogenous charge from Otto cycle and compression ignition from the 

Diesel cycle. The homogenous charge ensures there is no localised stratified air 

fuel mixtures to form soot during the combustion event. The compression ignition of 

the homogenous charge means there are many ignition kernels due to the 

spontaneous combustion of the mixture under compression, leading to low peak 

temperatures but a higher average temperature. Due to these low peak 

temperatures, there is potentially a small efficiency gain achievable as there is less 

heat lost to the cylinder walls, as long as the average temperature is maintained or 

increased in comparison to conventional combustion. 

Although HCCI has been proven to be achievable in the lab its transition to real 

world scenarios with changing conditions has so far not been viable in terms of 

emissions and efficiency benefits versus cost. This is mainly due to the 

uncontrollability of the compression ignition combustion event, as well as rapid 

combustion resulting in high PRR which must be addressed, otherwise expensive 

solutions such as the use of exotic materials will have to be utilised to ensure the 

longevity of the engine for consumer use. Noise or ringing is a secondary problem 

that may be unpopular with consumers but has the potential to be addressed. 

Methods have and are being researched and developed that maintain the benefits 

of HCCI but with the ability to control the onset of combustion. These “spinoffs” of 

HCCI are viable in real world conditions. Mazda’s spark assisted compression 

ignition Skyactive X engines is one such concept that has been shown to work in 

real world conditions. 

2.4.1.2 RCCI 

Another development of HCCI is reactivity controlled compression ignition (RCCI). 

RCCI maintains the benefits of HCCI with the added advantage of the ability to 

control the start of the combustion event. By having a low reactivity homogenous 

charge before increasing the air fuel mixture to high reactivity, ignition can be 

controlled during compression. The main research that has been carried out on 

RCCI has been into utilising two or more fuels with varying reactivity’s, although 
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there has also been research into using single fuels with the air fuel ratio or steam 

reforming as a means of reactivity control [85]. 

Although RCCI has the potential to drastically reduce NOx and soot emissions in 

comparison to conventional ICE’s, it still has some of the drawbacks of HCCI. 

Unburned hydrocarbons and CO emissions are still a persistent problem in research 

to date, and would require exhaust after-treatment to meet current and future 

emissions regulations [86]–[91]. The majority of research has been using 

conventional engine architectures with only a few using modified piston head 

topologies [86], [88]. This is potentially a contributor as to why there is a greater 

amount of unburned HC, and CO being produced in some of the RCCI ICE’s that 

are being researched. Varying the pilot direct injection (DI) spray angles and 

injection pressure has been shown to have a direct effect on the amount of HC 

produced, with “top down” combustion seemingly the best method to initialise the 

chain reaction combustion event between the two fuels being utilised [87]. 

New research in RCCI seems to have recently slowed and made little progress in 

implementation. Several studies at the University of Valencia have investigated the 

capability of RCCI meeting EURO VI limits for medium duty diesel engines. The first 

study slightly modified the original Volvo engine to include port fuel injection to allow 

for RCCI, but it could only comply with EURO VI limits up to 25-35% load at low-

speed conditions. There was a small efficiency gain of up to 2% in comparison to 

the conventional Diesel combustion but utilised a relatively high amount of EGR, up 

to 32%, to meet the NOx and soot limits at the higher 35% load, which may not be 

achievable in on the road [91]. A second study modified the piston head, reducing 

the CR from the stock value of 17.5 to 15.3, to allow for higher amounts of premixed 

main fuel. This heralded a much higher load of 75% or 1.4MPa IMEP while 

complying with EURO VI limits. There was a general efficiency gain of 3% and a 

maximum of 7% across the low speed and load range. However, above 0.5MPa 

IMEP the engine did not comply with soot limits and 1.4 MPa IMEP is on the low 

end of maximum operating pressure compared to modern ICEs [86]. 

The other problem is therefore highlighted with RCCI, which is that the CR is still 

predominantly governed by the auto ignition temperature of the air fuel mixture. 

Without using exotic and/or expensive fuels the maximum CR has not been pushed 
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much further than 17 in studies, with a reduction in CR in comparison to conventional 

combustion to reduce knock [92]. This therefore limits the maximum efficiency 

possible utilising conventional thermodynamic cycles. As with pure HCCI research, 

RCCI has been shown to be sensitive to inlet temperatures, meaning tight control is 

still needed to reap the rewards. So far the benefits of RCCI have only been shown 

while working in low speed conditions (<2,000RPM) [93]. Although medium to high 

loads have been proven possible with EGR its ability to meet current and future 

emissions is not credible across the whole load range. 

Utilising two or more fuels is not seen as an attractive, simple, or practical solution 

for consumers. Research is showing that RCCI has the potential to be a technology 

that could be the future of low-speed high load ICE applications such as ships and 

range extenders, as well as being a technology utilised in situations such as engine 

idle, but research will need to take a more drastic approach by designing new engine 

architectures and topologies to maximise the potential of RCCI combustion 

technology. For RCCI technology to continue to improve efficiency in the future it 

will need to be combined with new thermodynamic cycles and ICE concepts. Recent 

research and papers into RCCI have started to decline, showing a new form of 

combustion is still needed that produces LTC but without the pitfalls of HCCI and 

RCCI. High level of control of the start of the ignition and combustion event(s) is 

needed. Combined with a fast and efficient form of fuel and working fluid mixing to 

minimise emissions and maximise efficiency. 

2.4.1 The Extended Dec Model 

Musculus et al proposed an extension to the Dec model for LTC at low load for 

heavy-duty, diluted (10-15% oxygen), and partially premixed compression ignition 

(PPCI) diesel combustion [94]. The Dec model and extended conceptual model after 

start of injection (ASI) they proposed is shown in Figure 2.22. Compared to the 

previous Dec model, the extended Dec model displays a much larger amount of the 

fuel spray experiences first stage of ignition. Due to the differences in temperature 

and reactant composition, second stage ignition occurs 6 crank angle degrees 

(CAD) later in the extended model vs the Dec model. This allows for larger 

dispersion of the fuel spray, increasing the mixing, and reduces the zones of rich 

fuel areas. This allows for more of the fuel to reach stoichiometric conditions before 
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second stage combustion, therefore reducing the amount of soot and soot 

precursors that form. 

 

Figure 2.22 The extended DEC model: conceptual model for conventional heavy-duty diesel 

combustion (left column) and extension to low-load, single-injection, EGR-diluted. PPCI low-
temperature heavy-duty DI diesel combustion (middle and right columns) [94]. 
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2.4.2 Discussion 

Conventional ICE combustion methods do not hold promise as a primary method of 

emission reduction for ICEs, due to diffusion combustion in both SI and CI engines. 

They are therefore unattractive as a path to lower emissions. LTC, extended DEC, 

and other methods will be needed for a future ICE combustion method and system. 

Premixed autoignition combustion methods will need to be used to achieve the ultra-

low emissions. Achieving control of ignition for a low temperature and homogenous 

mixture combustion method over a wide operating range remains a key challenge 

that has still yet to be fully overcome. 

2.5 Air-Fuel Mixing & Atomisation 

2.5.1 Introduction 

This section will look at air-fuel mixing and atomisation that are typically not seen in 

conventional ICEs but are of interest due to the alternative ICE cycle and 

combustion methods. Many of the air-fuel mixing and combustion methods are novel 

to ICEs but are found in other combustion technologies, such as jet engines and 

rockets. 

2.5.2 Impinging Jet Atomisation 

Impinging jet atomisation or air blast atomisation has typically been researched for 

rocket propulsion systems with no research within the automotive research or 

commercial sector. Hence experiments have predominantly been looking at the 

impingement of nitrogen jets and liquid oxygen jets over supercritical conditions [95].  

Figure 2.23 depicts the differing atomisation profiles with increasing chamber 

pressures. There has been no work looking at impinging jets of air or nitrogen with 

liquid fuels such as gasoline or diesel.  
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Figure 2.23 Instant images of sun-, near- and supercritical impinging jets for liquid N2 into gaseous 
N2 (room temperature) injection by Chehroudi. The images in (a) are taken at 90-deg to the 

corresponding images in (b)  [95]. 

2.5.3 Supersonic Crossflow Atomisation 

Research in the field of supersonic crossflow atomisation is primarily related to 

aerospace applications, such as gas turbines and relatively recently scramjets. 

Experiments in this area have shown that the velocity, momentum and shockwaves 

generated influence the atomisation of the fuel jet, with shockwaves increasing the 

separation effects from the main jet [96]–[100]. Figure 2.24 below shows a 

generalised description of the flow field produced from an injection into a supersonic 

crossflow. 

 

Figure 2.24 Schematic diagrams of a transverse jet in supersonic crossflow showing some of the 
dominant flow features [99]. 

The difference between this field of research and that of the impinging/crossflow of 

jets in the RSCE is that the crossflow is not uniform and is expanding. Therefore the 

temperature and density are both decreasing from the point of injection which have 

effect both on mixing and combustion phenomena. 
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2.5.1 Injection into Supercritical Conditions 

Research involving ICEs and supercritical conditions has predominantly centred on 

injecting fuel, typically diesel, at high pressure into air at supercritical conditions, 

which replicated the conditions during DI in Diesel engines. Work in this area has 

shown that even if the air is at supercritical conditions this does not necessarily 

mean that diffusive mixing occurs [101], [102]. At RSCE operating conditions 

classical mixing should occur but this is not the case when analysing the pressure 

rise rate inside the engine.  

Figure 2.25 displays a diagram of conditions displaying evaporation, transitional, 

and diffusive mixing test points by Manin et al [101], overlaid with an approximate 

are of RSCE operating conditions. This simple analysis is not a full accurate 

representation of the mixing occurring in the RSCE, as the air is travelling and 

expanding at high velocity in comparison to conventional Diesel engine air motion 

and combustion as well as entering a chamber at almost ambient conditions. 

 

Figure 2.25 Pressure-temperature diagrams showing the tests points for four multi-component 

fuels. The white symbols represent test conditions where only classical evaporation is observed; 
the grey markers represent conditions showing transitional mixing; black symbols represent test 
conditions where the fuel exhibits diffusive mixing. CFA target is close to conventional Diesel. 

Diagram modified by author from Manin et al [101] 
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2.5.2 Boiling and Pseudo-Boiling 

Due to the pressure and temperature conditions, it is possible for boiling and 

pseudo-boiling effects to be present in an ICE. Conventional boiling phenomena of 

water is well documented with the three main regimes highlighted in Figure 2.26. 

Film boiling is a regime which demonstrates the Leidenfrost effect. In this regime 

when a droplet is in contact with a hot enough surface a vapour cloud is quickly 

created. This vapour cloud is a layer between the hot surface and the droplet which 

inhibits the heating of the rest of the droplet, as the vapour cloud has poor thermal 

conductivity. This is of interest in terms of spray injection, as this could help or hinder 

heat transfer between the fluid and fuel, depending on the regime, as well as 

preventing wetting of in cylinder components, i.e., piston, cylinder walls, valves, etc.  

 

Figure 2.26 Heat Transfer for Water at 1 atm [103] 

Recent research has shown that the supercritical regime can be separated into two 

distinct regions, with liquid-like and gas like-properties, separated by the Widom line 

as shown in Figure 2.27 [104], [105]. Supercritical pseudo-boiling has recently been 

demonstrated to exist [106]. 
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Figure 2.27 Structure of the supercritical state space and comparison of subcritical (1) and 

supercritical isobaric processes (2) and (3) [106]. 

2.5.3 Discussion 

Alternative mixing methods that than that of current ICEs will be required to produce 

premixed combustion on demand. A few possible atomisation strategies and effects 

are explored that could be present and/or optimised.  

The ideal situation would be to produce homogenous charge premixed combustion 

at the same time as direct injection. There are potential phenomena that could be 

harnessed that show promise to produce premixed combustion on demand in novel 

engines. Notably, SCEs show promise as they are able to utilise high pressure air 

as an alternative or in addition to fuel injection dominated breakup. The ability to 

combine the mixing energy available from the high pressure of both air and fuel has 

the potential to increase the difference in relative velocities to induce catastrophic 

fuel droplet breakup. As well as inducing high velocity bulk airflow motion in the 

cylinder such as swirl, which can aid combustion efficiency and emissions 

reductions. This will be explored in more detail in Section 2.7 

2.6 Reduction of Heat Losses in Conventional ICEs 

2.6.1 Introduction 

This section reviews the ongoing scientific advances in the reduction of losses in 

conventional Diesel and Otto ICEs and explore the limitation of this approach. 

Typically, modern engines in PLCV’s and HGV’s can achieve anywhere from 14% 

to 45% efficiency from fuel to wheel depending on the drive cycle and technology 
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utilised [107], [108]. The largest loss of approximately 30-40% of energy is from the 

efficiency of the thermodynamic cycle. Stone generalised and broke down the other 

losses into six main areas with approximate values shown in Table 2.3. 

Table 2.3 Conventional ICE Losses [109] 

Area Loss 

Mechanical 3% 

Blowby 1% 

Cycle to cycle variations 2% 

Gas exchange 2% 

Heat transfer 7% 

Finite combustion 3% 

Total 18% 

The importance of recovering waste heat is highlighted when analysing Stone’s 

losses, with the largest single loss of 7% from heat transfer. The difficulty with 

addressing these other losses is that it is almost impossible to address one loss 

without impacting another in a conventional ICE. For example, if cylinder insulation 

was increased to reduce the heat lost to the cylinder walls the compression work 

would increase, exhaust temperature would increase, and volumetric efficiency may 

decrease, giving potentially no net gain in heat transfer loss. Although turbochargers 

do recoup a portion of lost heat in modern engines, they are still limited in their ability 

to harness exhaust heat. For heat loss to be addressed meaningfully a more 

fundamental approach to harnessing wasted heat through engine design and 

architecture must be taken, rather than “retro fitting” to a conventional ICE cycle. 

In comparison to the heat transfer loss the thermodynamic loss is far greater but 

added together they account for almost half of the energy lost at ~47%. For a new 

heat engine to have a step increase in efficiency, in comparison to today’s modern 

conventional four stroke ICEs, it must make significant gains in terms of fundamental 

thermodynamic efficiency and wasted heat recuperation to achieve “Ultra-high 

efficiencies” of greater than 60%.  

To investigate areas of improvement, Robert Morgan created a Sankey diagram to 

help identify useful potential pathways to higher efficiency from a conventional ICE, 

shown in Figure 2.28. Underlining the difference between low grade heat rejection 

and high grade exhaust heat rejection. 
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Figure 2.28 Sankey diagram for a typical internal combustion engine. Credit to Robert Morgan. 

Four broad approaches are apparent from the Sankey diagram: 

• Reduction of in-chamber heat transfer losses 

• Recovery of waste heat from the exhaust and cooling system 

• Reduction of friction 

• New thermodynamic cycles that achieve one or more of (a) heat loss 

reduction (b) heat recovery (c) improved work recovery 

Within the current work, reduction in friction will not be considered. Each of the other 

opportunities will be considered in this section. 

A reduction in heat losses from the combustion chamber could be achieved by 

reducing the temperature difference between the chamber wall and working fluid, 

by reducing the working fluid temperature and/or increasing the combustion 

chamber wall temperature by adding a thermal barrier to the chamber wall. Several 

approaches have been proposed and are discussed. 
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2.6.2 Low Temperature Combustion 

While the major function of LTC, HCCI and RCCI combustion technologies is to 

reduce emissions there is also a potential efficiency gain from heat transfer. As peak 

combustion and working fluid temperature is reduced, the heat loss to the 

combustion chamber walls, cylinder head, and piston are also reduced. This has 

been observed to produce an efficiency gain of approximately 1-5% while also 

reducing emissions in certain operating conditions in research to date [91], [93]. 

Lean homogenous combustion occurs at a lower flame temperature than 

conventional stoichiometric combustion, as discussed and shown in Section 2.2.1 

and Figure 2.17, respectively. As such, NOx emissions are very low. Several 

approaches have been reported for achieving various degrees of lean combustion 

from complete homogenous lean burn HCCI [110] and develops including low 

temperature combustion [94] and RCCI [89]. The majority of recent research that 

has been on the RCCI variant, which utilises two fuels of differing reactivity to 

improve the control of ignition process, indicated efficiency gains of 2-7% have been 

reported in low to medium speed and loads [86], [91], [93]. The main issue in 

achieving high cycle efficiencies is the control of knock, resulting in sub-optimal 

compression ratios or high levels of dilution using EGR (increasing pumping work). 

Without using exotic fuels, the CR is limited to 17:1 and often lower to control knock 

[92]. This therefore limits the maximum efficiency possible utilising conventional 

thermodynamic cycles. In reality, large quantities of EGR are required to control 

knock in HCCI and RCCI applied to conventional ICEs, which further reduces the 

maximum efficiency through higher pumping losses. 

2.6.3 Thermal Barriers – Combustion Chamber Insulation 

Several methods of combustion wall insulation with thermal barriers to reduce heat 

loss to the combustion chamber surfaces have been proposed over the years, such 

as a thin ceramic layer [111]–[113]. Considerable research was undertaken in the 

1980’s with the aim of creating an “adiabatic engine” which required no coolant. The 

concept ultimately failed as the increased combustion chamber wall temperatures 

adversely effected the engine breathing, trading reduced heat losses with increased 

pumping work and reduced volumetric efficiency [114]. Indicated efficiency gains of 
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up to 7% were reported, but with an increase in NOx emissions and brake efficiency 

largely unchanged from the baseline. 

Toyota research have proposed a novel solution to the problem with combustion 

chamber insulation via Thermo-Swing Wall Insulation Technology (TSWIN) [115], 

[116]. The insulating layer is porous with a low conductivity and thermal inertia. The 

layer therefore rapidly cools during induction, reducing adverse heating of the 

charge air (and associated increases in pumping losses and volumetric efficiency) 

but heats rapidly during combustion, delivering the required reduction in heat losses 

with a lower penalty on the induction stroke in conventional ICEs. The material 

proposed is a porous anodized aluminium reinforced with a silica layer to achieve 

the desired qualities. Under cold start NOx and fuel consumption were also shown 

to reduce by approximately 10% and 5% respectively [115], [116]. Limited benefits 

of 2% have been reported under steady state conditions. 

2.6.4 Waste Heat Recovery 

Approximately 47% or more of the fuel energy is typically lost as heat from the 

engine. Methods of converting waste heat to usable power have been proposed as 

an attractive method to increase the overall efficiency of conventional engines. 

Three common methods proposed are thermoelectric generators, 

turbocompounding and organic Rankine cycle (ORC) systems. The merits of a 

thermoelectric generator are that it has no moving parts and a high reliability but 

current technology has low conversion efficiency, mainly due to the material 

properties required [117]. A prediction of the reduction in fuel consumption of a 

thermoelectric generator is 0.18% [118] when including the effects of exhaust back 

pressure and limits of current technology. Therefore, it is not currently considered 

economically feasible to add on such a system but as the technology continues to 

develop this could change. 

Turbocompounding is seen as a promising technology for reducing fuel 

consumption in the future with low volume and weight attributes of the technology, 

combined with the ability to optimise and integrate the device with the prime mover 

[119]. A significant advantage, in comparison to other waste heat recovery methods, 

is the relatively low cost. However, the main drawbacks associated with 

turbocompunding are high exhaust back pressure, low energy conversion at low 
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load conditions, and a need to be able to optimise the system over a wide load 

range. Theoretically up to two thirds of the exhaust energy could be recovered but 

practically this has limitations in terms of the turbine and extra exhaust back 

pressure [119]. As the technology evolves inevitably there will be conventional ICE 

technologies that will start to incorporate such systems. 

The addition of an ORC systems to recover exhaust and coolant heat offers an 

enticing add on systems for heavy goods vehicles. The systems rely on high grade 

heat usually by adding a heat exchanger to the exhaust or engine cooling system, 

which has been shown to increase brake thermal efficiency up to 1.8% [120]. These 

post combustion heat recovery systems are however limited in comparison to 

recovering the heat pre combustion as shown by Morgan et al [121]. As previously 

demonstrated, ORCs applied to ICEs are limited by the CR of the ICE and the heat 

addition. The amount of heat that can be recovered is determined by the 

recuperating efficiency of the heat exchanger and the energy conversion efficiency. 

The conversion efficiency of ORC systems is generally poor as the system must 

remain within sensible heating. 

2.6.5 Discussion 

The literature suggests a reduction in heat losses in conventional ICEs could 

increase brake efficiency by a maximum of ~2% for conventional ICEs with 

individual technologies. There is the potentially further improvement with several 

technologies applied. However, the consequences and trade-offs would have to be 

considered. The presented methods of reduction and post heat recovery on 

conventional ICEs will not provide a path to step increase in efficiency alone to reach 

ultra-high efficiencies of >60% in conventional ICEs. This suggests a novel or 

alternative thermodynamic cycle is needed to provide a step increase in efficiency 

to tackle the largest single loss of fuel energy. 

2.7 Alternative ICE Concepts & Cycles 

2.7.1 Introduction 

With the limits of current ICE thermodynamic cycles being reached and incremental 

advances becoming more costly, new approaches to achieving more efficient 

thermodynamic cycles are being researched and developed. Many new concepts 
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have centred on “over-expansion”, with the idea of extracting more energy from the 

expansion of the working fluid, as well as potentially providing more control over the 

working fluid before combustion. 

An engine concept that has been re-energised in the past couple of decades is the 

split cycle engine (SCE) [122]. In a SCE, the conventional four stroke cycle is split 

into two separate chambers. One chamber performs the intake and compression 

strokes, and the other performs the combustion/expansion and exhaust strokes. The 

inherent benefits of the SCE concept are that the CR and expansion ratio (ER) can 

both be independently optimised, as they are no longer occur in the same chamber. 

With both chambers separated into effectively hot and cold cylinders, each cylinder 

can be optimised for its intended use and thermal losses have the potential to be 

reduced. The SCE concept in theory enables some of the issues with conventional 

engine insulation to be overcome due to this temperature decoupling. 

SCE are not a new concept. The Brayton cycle was originally developed on a 

reciprocating piston engine, with George Brayton patenting his “Ready Motor” in 

1872 [123], [124]. Making the Ready Motor one of the first ICEs for motive power 

and the first recorded SCE. Harry Ricardo patented his so called “Dolphin” engine 

in 1906. It was a SCE used both in a passengers car and for local fishing boats, and 

anecdotally produced less smoke than other equivalent engines of the time [125]. 

This section will review and discuss alternative ICEs and thermodynamic cycles, 

with a focus on SCE and the RSCE. 

2.7.2 Scuderi Engine 

The Scuderi engine is a basic concept of the SCE but is claimed to benefit from the 

advances in engine design, in particular the valve gear in the period between the 

realisations of the engine [126], [127]. The fast-actuated valve train allows for 

pneumatic hybridisation with idea of the engine acting as an air pump when rolling 

down hills or under engine braking to store kinetic energy as compressed air for 

redeployment into the engine when required. The main disadvantage to this kind of 

system is the extra mass and volume required to store the compressed air, as well 

as the complicated plumbing work of the cylinder head, but the potential efficiency 

benefits are claimed to have the potential to outweigh this. A diagram of the Scuderi 

SCE is shown in Figure 2.29.  
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Figure 2.29 Diagram of Scuderi engine [126] 

Toxic emissions are also claimed to be reduced but exact figures are not given and 

as the engine still operates SI, the emissions benefits are inherently limited with no 

control over start of combustion temperature or other changes in chemistry. The 

simulated efficiency benefits are given as approximately 3-5% with a general 

increase in torque across the operating range of 2,000 - 6,000 RPM [127]. 

2.7.3 Z engine 

The Z engine is a SCE that uses a novel approach to fuel air mixing with self-

proclaimed HCCI and RCCI style combustion using a single diesel fuel [128]. The 

exhaust valve of the engine is opened very late and closes very early in comparison 

to typical engine valve timings [129]. By having the exhaust valve open (EVO) late 

as much work as possible is extracted from the working fluid during the expansion 

stroke. The exhaust valve closes (EVC) early as a method of EGR. This is a 

common feature of a SCE. 

Overall, the engine cycle runs at lambda 1.6-1.7 with 96-98% of this fuel injected 

into the exhaust gas before the intake valve opens (IVO) [128]. This ensures a 

homogenous mixture of fuel and exhaust gas before air is introduced. Although 

when the air is injected into the combustion cylinder the air and fuel are at high 

pressure and temperature, the mixture does not auto-ignite as the air fuel mixture is 

too lean. The combustion event is therefore controlled by a pilot injection of 2-4% of 
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the fuel which brings the overall air fuel mixture up or beyond a critical lambda level, 

where the reactivity is high enough to start combustion [128]. By having no valve 

overlap in theory this also reduces the potential for emissions such as UHC.  

A unique valve design is incorporated into the Z engine. The intake valves are 

designed to encourage high swirl ratios, 20-40 compared to 1-10 in a conventional 

diesel engine, before combustion [128], [130]. This ensures a homogenous mixture 

of air, exhaust gas and fuel, preventing localised stratification that could result in 

premature auto ignition. This also reduces soot formation, as there is very little or 

no stratification of fuel during combustion. These high swirl ratios could potentially  

increase combustion event length to slow down or control the high PRR. The 

reported emissions would comply with EURO VI without exhaust after treatment, 

produce comparatively low maximum peak temperatures of 800- 1200K, and a 

claimed thermal efficiency 44.8% part load, 49.4% best point. There was no 

increase in overall efficiency compared to modern conventional heavy duty truck 

engines during operation, but a large decrease in toxic emissions under the same 

conditions [129]. 

The reported emissions and fuel consumption are; NOx 0.02g/kWh, BSFC part load 

192g/kWh, best point 174 g/kWh (49.4% brake efficiency) and 188 g/kWh at full load 

(44.8% brake efficiency) [128]. Combustion temperatures; top dead centre (TDC) 

part load temperature 800K, TDC full load temperature 700K, maximum 

temperature at full load 1,900K. 

2.7.4 Five Stroke Engine 

The five stroke ICE concept utilises two conventional four stroke high pressure 

cylinders and another larger low-pressure expansion cylinder [131], [132]. The two 

four stroke cylinder cycles are offset by 360 degrees and feed the low-pressure 

expansion cylinder with exhaust gas every 360 degrees. The extra expansion stroke 

gives the concept its name and is how the engine achieves increased overall 

efficiency due to the increased or over expansion of the exhaust gas, compared to 

the Otto cycle. The limitation of the five stroke ICE concept is that the working fluid 

cannot be compressed further, presenting the same limitations as the Otto cycle, 

and is similar in concept to the Atkinson and Miller cycles. 
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A five stroke concept was developed and tested as a turbocharged port injected 

spark ignited engine, for use as a range extender or series hybrid [131]. Boost 

pressure delivered by the turbocharger is controlled through separation of the 

exhaust gas delivery. The aim of the smart wastegate is stated to reduce and control 

exhaust back pressure from the turbocharger, allowing the turbine to operate at its 

most efficient point. An illustration of the five stroke concept is shown in Figure 2.30. 

The experiment produced an efficiency of 36.1% and comparison with the 0D and 

1D simulation suggested a combustion efficiency of 99% at an engine speed of 4000 

RPM and brake power of 32.8kW [131]. 

 

Figure 2.30 Illustration of the architecture of the five stroke engine showing the location of the 

valves, smart wastegate, and the low pressure exhaust valve lifts [131]. 

A simulation study comparing the heavily downsized Miller and five stroke engine 

cycles showed that at low loads the Miller cycle exhibited higher fuel conversion 

efficiency than that of the five-stroke cycle [132]. With a brake efficiency of 36.1% in 

the best case Miller cycle and 31.5% in the five stroke cycle at 1000 RPM and 58Nm. 

Conversely at high load conditions the five stroke cycle exhibited higher fuel 

conversion efficiency than that of the Miller Cycle. With a brake efficiency of 26.1% 

in the Miller cycle and 38.3% at 2600 RPM and 165Nm. 
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Apart from an efficiency gain, there is not necessarily any benefit in terms of other 

emissions such as NOx and soot. This is due to no advancement in combustion 

technology to control peak combustion temperatures or improved air fuel mixing 

from conventional port or DI gasoline or Diesel ICEs. 

2.7.5 Double Compression Expansion Engine 

The double compression expansion engine (DCEE) concept can be thought of as 

an amalgamation of the split cycle and five stroke engine concepts. The DCEE 

concept comprises of two cylinders; a large low-pressure cylinder inducts and 

performs the first compression of the working fluid before it is transferred to a smaller 

high pressure cylinder [133]–[137]. The high pressure cylinder then passes the high 

pressure exhaust gas back into the low pressure cylinder to perform the second 

expansion. An illustration of this cycle and system layout is shown in Figure 2.31. 

 

Figure 2.31 System layout of the DCEE concept [134]. 

With a smaller volume high pressure cylinder there is a small efficiency gain as less 

heat is transferred and lost to the walls due to the smaller surface area. The largest 

efficiency gain is obtained from the “over-expansion” of the exhaust. There is an 

increase in pumping losses of up to 3 time that of conventional CI ICEs due to the 

inherent design of the DCEE concept [134]. This could potentially be due to the 

throttling of the compressed exhaust and air as they are transferred between the 

two cylinders via traditional poppet valves. Initial simulations predicted brake 

efficiencies of up to 56% could be achieved. However, this was revised to 53.7% 

once heat transfer and friction losses were updated and the subsystems were 

optimised [135]. NOx emissions were measured at 0.3g/kWh [135]. 
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2.7.6 Homogenous Charge Progressive Combustion Engine 

The homogenous charge progressive combustion engine (HCPC) is a SCE concept 

which utilises the compressed air and port fuel injection to gradually admit a 

homogenous charge of air and fuel into the combustion chamber [138]–[142]. An 

illustration of the concept is shown in Figure 2.32. By forming a homogenous charge 

before progressively adding fuel into the chamber, it is proposed that the concept 

can provide on demand HCCI. 

 

Figure 2.32 The HCPC concept [138]. 

A unique transfer duct containing the injector is proposed to achieve the 

homogenous charge [139]–[142]. The transfer valve is located between the 

compression cylinder and the transfer duct which controls the timing of the 

combustion event. Figure 2.33 displays the proposed arrangement of the transfer 

duct and injector. 

  

Figure 2.33 HCPC engine computational domain and injector position [142]. 
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Research demonstrated that with engine wall insulation it was possible to increase 

indicated thermal efficiency from 46% up to 56% with little to no impact on HC and 

soot production [139]. However, as expected, NOx emissions increased due to 

higher temperatures. It was suggested the effect of NOx emissions can be 

compensated by EGR at low to medium load conditions and by water injection into 

the compressor at high load to further increase thermal efficiency [139]. 

In one study, experimental validation against an Iveco Cursor 9 engine was 

undertaken before a range of CFD simulations were undertaken comparing the 

emissions response of the two engines over a range of conditions [142]. Figure 2.34, 

Figure 2.35, and Figure 2.36 display comparisons of the local equivalency ratio and 

temperature for each of the computational cells in the CFD simulation at 10, 20, and 

30 CAD ATDC for Cursor 9 and HCPC CFD simulations at full load.  

 

Figure 2.34 Comparison of local equivalency versus temperature for 10 CAD ATDC of the cells 

within the combustor computational domain [142]. 

 

Figure 2.35 Comparison of local equivalency versus temperature for 20 CAD ATDC of the cells 

within the combustor computational domain [142]. 
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Figure 2.36 Comparison of local equivalency versus temperature for 30 CAD ATDC of the cells 

within the combustor computational domain [142]. 

The Cursor 9 results display a conventional response of a wide range of 

temperatures and local equivalence ratios in each cell across the combustor. The 

results from the HCPC simulation show a much narrower range of temperatures and 

local equivalency ratios in each point and broadly stick within the LTC zone. There 

is an expected drop in temperature in for both the Cursor 9 and HCPC simulations 

but the narrower operating window for the HCPC engine remains. 

2.7.7 The Isoengine & Recuperated Split Cycle Engine 

The recuperated split cycle engine (RSCE) incorporates two novel processes into a 

SCE, quasi-isothermal compression, and heat recuperation. The first RSCE concept 

was the so called “isoengine” project by Coney et al [1], [143]–[147].  

2.7.7.1 Isoengine 

The isoengine concentrated on the specific design of a large scale (MW) SCE 

concept for electric power generation, due development by National Power and later 

Innogy plc, in 1995. The concept was predicted to achieve up to 60% electrical 

efficiency operating at 600 rpm and 7MW of electric power in the final design [143]. 

The novel engine relies on three features: isothermal compression of combustion 

air to high pressure, (achieved with water injection during compression reducing 

compression work), extensive air pre-heating (integrating exhausted waste heat 

back into the cycle), and isobaric combustion (extracting energy from the fuel at high 

average temperatures without increasing peak temperature).  

Although the average combustion temperature of the isoengine is expected to be 

high, the peak temperatures are lower than that of a diesel engine, due to the 
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isobaric combustion and higher water content of the working fluid [143]. Therefore, 

it is expected that the NOx emissions from the isoengine would be lower than a 

comparative diesel engine. However, testing and development of the combustion 

system is stated as needed to quantify and optimise the emissions response [143]. 

The isoengine project initially focussed research on achieving quasi-isothermal 

compression through water injection in the compressor [144]. The initial proof of 

concept was performed by converting one cylinder of a marine diesel engine [143]. 

With the aim of reducing compression work and lowering the charge air pressure 

out of the compressor, while maintaining air mass flow. Quasi-isothermal 

compression is achieved in the proof of concept through water injection through 

multiple satellite spray nozzles pointing towards the centre of the chamber. High 

pressure ratios of up to 30 are stated as achievable with a single stage and the 

associated reduction in work from wate injection. A diagram of the isoengine 

compressor proof of concept test rig and the varied rig test parameters are shown 

in Figure 2.37. 

 

Figure 2.37 Isoengine compressor proof of concept – Rig test schematic diagram and test 

programme [144]. 

The proof of concept demonstrated that achieving a large heat transfer through large 

water droplet surface area (small droplet size), high injected water mass, high spray 

penetration, and homogenous distribution were key to reducing compressor work. 

In the best proof of concept experimental result, a work saving of 28% was achieved, 

relative to the reference adiabatic case [144]. Reliable operation of the proof of 

concept was achieve with pressure ratios of up to 25 and the tests demonstrated 

that transient air temperatures can be maintained below 100°C compared to the 

adiabatic temperature of ~500°C. Further research suggested ideal work savings of 
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up to 41% could be achieved with a pressure ratio of 30 and isothermal compression 

[146]. 

Research on the isoengine then focused on the complete isoengine [1], [146]. A 

heat exchanger is added to recuperate exhaust heat into the compressed air from 

the compression cylinder. This acts similarly to regenerative or inverted Brayton 

cycle concepts, increasing the potential thermal efficiency of the engine cycle [148].  

This is enabled through the low temperatures out of the compression cylinder, which 

cannot be achieved without quasi-isothermal compression in the compression 

cylinder. The schematic diagram for the prototype isoengine is shown in Figure 2.38.  

 

Figure 2.38 Schematic diagram of the isoengine [1]. 

A 3MW prototype engine was built at Ricardo in Shoreham-by-Sea, UK. The 3MW 

prototype was the first engine to incorporate all the unique features of the isoengine 

concept, with the aim of producing a 7MW commercial demonstrator engine after 

the 3MW engineering demonstrator. The target efficiency of the 3MW engineering 

demonstrator was 50%, with the aim of achieving 60% for the 7MW commercial 

demonstrator [1]. This is primarily governed by the maximum cylinder pressure of 

100 bar.  

An example of the pressure traces and valves lift timings for the engineering 

demonstrator is shown in Figure 2.39. A high amount of exhaust gas recompression 

was utilised to provide heat for ignition of the fuel. With the exhaust valve starting to 

close at 90 BTDC and fully closing at ~30 BTDC. This recompression of the exhaust 

is undesirable and would have negatively affected the efficiency of the isoengine. 
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Figure 2.39 Pressure traces and valve timings for the 3MW engineering demonstrator naturally 

aspirated [1]. 

Fuelled and motored cylinder pressure traces for the engineering demonstrator are 

shown in Figure 2.40, demonstrating the isobaric combustion achieved. Notably the 

intake valves are open for the majority of the combustion event. Combustion was 

found to deteriorate significantly as fuelling was increased, with some tests of the 

tests shown in Figure 2.40 resulting in smoke levels above a Bosch Number of 1.0. 

Calculations of fuel spray break-up length indicated that the nozzle design was 

unsuitable for the cylinder pressures and temperatures at certain conditions, leading 

to impingement onto the piston crown, this was also supported by carbon deposits 

on the piston crown [1].  

 

Figure 2.40 Pressure traces of isobaric combustion for the 3MW engineering demonstrator [1]. 



79 

 

Further analysis of the data was presented from the 3MW model and added into a 

model to extrapolate the potential efficiency [147]. The results of this work 

suggested that an efficiency 57.3% is achievable with an increase in cylinder 

pressure from 100 to 150 bar for the commercial demonstrator. With further 

improvements suggested that could bring the efficiency up to 60%, shown in Figure 

2.41. Combustion is noted as needing improvements in the work. However, no 

numbers or figures on combustion efficiency are provided to quantify the 

improvement that could be made and are not noted in the potential efficiency 

improvements graph. The issues with high soot in a natural gas engine indicate 

combustion development was needed to improve mixing, emissions, and increase 

fuel consumption. No hypotheses are presented as to why this may be. 

 

Figure 2.41 Potential efficiency improvements for the isoengine [147]. 

2.7.7.2 Recuperated Split Cycle Engine 

As the isoengine project encountered issues and eventually came to a halt, Ricardo 

continued research on the concept with a new focus on medium duty engines with 

the University of Brighton. The conceptual schematic for the RSCE is identical to 

the isoengine concept shown in Figure 2.38. 

The RSCE concept provides the ability to control the intake air and working fluid 

temperature entering the cylinder so that the combustion reaction can be optimised 

to produce LTC. Versions of RSCE have also been touted utilising coolants in the 

compressor other than water, such a liquid nitrogen. The other coolants could be 

used that serve other purposes as well as a coolant in the compression cylinder, 
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such as liquid nitrogen, or a liquid fuel. These would enable dilution and/or fuel 

atomisation and heating. Versions of the RSCE have been attributed names by 

Ricardo and Dolphin N2, with ThermoPower being the water injection version of the 

RSCE, and CryoPower being the liquid nitrogen fuelled version [149]. The 

CryoPower version brings with it challenges in terms of operating liquid nitrogen in 

ICE chamber conditions, the specifics of which will not be delved into in detail in this 

review, but it is worth noting that research and experimentation considering the 

effect on liquid nitrogen fuel atomisation and the thermo-physical properties are 

being investigated [150], [151]. This section will review and discuss thermodynamic 

and the initial experimental research on the RSCE. 

Several studies on the RSCE thermodynamic cycle were produced by Dong et al 

[2], [121], [152]. The temperature entropy (T-S) diagrams shown in Figure 2.42 

demonstrate that the improvement in efficiency is gained from the additional heat 

captured from the quasi-isothermal compression and precombustion heat 

recuperation of the RSCE, i.e., the area between points 1, 2’, and 3. 

  

Figure 2.42 Theoretical temperature entropy (T-S) diagram of the RSCE (left), and T-S diagram 
comparison of SCE and a diesel engine (right) [2]. 

Dong et al [2] present an equation for calculating the thermodynamic efficiency of a 

RSCE, shown in Equation (12). Dong et al state upon inspection that the ideal 

thermal efficiency is determined be four parameters: the ratio of CR/ER, isothermal 

index C (where C = 0 is isothermal), temperature rise ratio N (which represents the 

energy released by the fuel), and the recuperator effectiveness σ. Dong et al present 

several sensitivity studies on these variables. 
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(12) 

The sensitivity study by Dong et al [2], shown in Figure 2.43, demonstrated the ability 

for the RSCE to produce a higher efficiency (~90% peak thermal efficiency) than the 

Otto cycle. In the studies presented in Figure 2.43, the CR/ER ratio is assumed to 

be 1, and the recuperator effectiveness is assumed to be 80% for the CR swing. 

The RSCE thermodynamic efficiency peaks at a CR of ~3, much lower than that of 

the Otto cycle.  

 

Figure 2.43 Diagram of thermodynamic efficiency of RSCE against compression ratio (left) and 
recuperation effectiveness (right)  [2]. 

The study against recuperator effectiveness demonstrated the potential cause of 

higher RSCE cycle at lower CRs with an assumed recuperator effectiveness of 80%. 

With a range of CR presented, a lower CR delivered higher thermal efficiency above 

~77% recuperator effectiveness, whereas a higher CR delivered higher thermal 

efficiency at below ~77% recuperator effectiveness. This is likely due to a lower ER 

in the expander increasing the temperature of the exhaust and therefore increasing 

recuperator efficiency. Due to this, lower CR or ER produced overall higher system 

efficiencies with recuperator effectiveness of ~77% or higher, as shown in Figure 

2.43. Decreasing ER has the additional benefit of increasing specific power in SCE, 

as chamber volume at IVC dictates the air mass and therefore energy that is added 

to the system. 

Although not discussed by Dong er al, if the CR/ER ratio is increased to greater than 

1 or the amount of fuel is increased, it is likely that the crossover point of whether 
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higher or lower CR produces greater efficiency will lower. This is due to the 

recuperator becoming more efficient with a higher exhaust temperature. The 

crossover in efficiency is due to whether the expander or the recuperator are most 

efficient at harnessing the exhaust energy, either through expansion of the gas in 

the expander or by heat transfer in the recuperator. This would require further 

analysis and modelling to determine the trade-off between the two conditions for a 

range of conditions. 

Several isothermal indexes are shown in CR sensitivity study in Figure 2.43. Figure 

2.43 highlights the diminishing returns of the RSCE at higher CR, with an isothermal 

index of 0.4 not providing any benefit in thermal efficiency over the Otto cycle due 

to there not being enough heat available to recuperate [2]. The figure demonstrates 

the benefit of reducing compression work and increasing recuperator efficiency with 

more ideal quasi-isothermal compression. Interestingly at the peak efficiency of ~3 

CR shown in Figure 2.43, the three isothermal efficiencies converge at this 

condition, suggesting the recuperator effectiveness is more important than 

isothermal compression with lower a CR for this condition. 

Dong et al presented another sensitivity study of two temperature rising ratios, which 

represents the and manner of heat addition from the energy from the fuel, shown in 

Figure 2.44. The response shows that for a given CR and recuperator effectiveness 

thermodynamic efficiency increases with N. The differences between a value of 4 

and 6.5 for N demonstrates that for a higher value the efficiency is more forgiving in 

response with a lower gradient in efficiency against CR. However, there is a higher 

gradient in response to recuperator efficiency with recuperator effectiveness. 

 

Figure 2.44 3D thermal efficiency maps of the RSCE for two temperature rising ratio (N) conditions 
[2]. 
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Unfortunately, Dong et al did not present a sensitivity study of independent CR and 

ER in their work in the same manner as Figure 2.44. However, it can be theorised 

from the expression and sensitivity studies presented, that a higher CR would 

increase pressure and therefore energy available to add to the system. Therefore, 

a suitably high CR and low ER would yield the highest thermal efficiency in a RSCE, 

as long as the quasi-isothermal compression and recuperator effectiveness are able 

to recuperate heat and results in a high recuperator efficiency due to a large 

difference in temperature and other losses are unaffected. 

Dong et al [2] present a graph which suggests that increasing ER independently of 

CR, with a CR of 23, increases efficiency. Dong et al suggest that this is the result 

of reduction in heat transfer with higher ER. However, this is for a given fuel injection 

rate of 53mg/cycle. It is unclear if the amount air mass is constant or changes with 

the variation in ER in the results shown in Figure 2.45. It is unclear what recuperator 

effectiveness was used for this sensitivity study and if the recuperator conditions 

achieved convergence for each condition, as the recuperator efficiency and 

temperature transfer is dependent on the heat exchange from the previous cycle. 

The increase in efficiency could be the result of leaning out of the fuel with an 

increasing air mass and more “free” Rankine work from the gas but this cannot be 

said with any certainty either way. Graph (a) in Figure 2.45 shows that the heat loss 

occurs during the heat addition from the fuel. However, there is a higher peak 

temperature for the lower ER conditions the cause of which is not clear. 

 

Figure 2.45 Effects of ER on T-S diagram (a) and thermodynamic efficiency improvement (b) for a 

RSCE [2]. 

Initial experimental results from a single cylinder test rig representing the expander 

cylinder of the RSCE were presented by Morgan et al [3]. The results presented in 

this work demonstrated stable and rapid combustion over a limited range of test 
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conditions at 800 and 1200 RPM. The high speed test data for test points 15 and 18 

at 1,200 RPM are shown in Figure 2.46. In comparison to the pressure traces of the 

isoengine in Figure 2.39 and Figure 2.40, the intake valves fully close around TDC 

and fuel is added approximately as the intake valves begin to close. There is a 

higher intake pressure utilised of ~28 bar, increasing to a peak pressure of 50 bar, 

compared to an increase of 10 to 15 in Figure 2.39. Isobaric combustion is not 

utilised, instead there is a relatively high pressure rise rate, in comparison to that of 

the isoengine and comparable diesel engines [3]. 

 

Figure 2.46 High speed cylinder data for two test points (15 & 18) at 1200 RPM from a single 
cylinder test rig representing the expander cylinder of a RSCE [3]. 

Morgan et al state that conventional heat release analysis are invalid as the fuel is 

injected while the intake valves are open and it is likely initial fuel reactions begin 

while the intake valves are open, therefore close volume assumption could not be 

made [3]. Instead, Morgan et al utilised an approach of matching measure pressure 

data to a 1D simulation model created by LMS AMEsim package and Ricardo 

WAVE. The results of the normalised rate of heat release (ROHR) data from the two 

test points (15 & 18) are presented in Figure 2.47. Morgan et al do not provide units 

to the ROHR but claim it is more comparable to that of gasoline than diesel 

combustion [3]. No evaluation of combustion efficiency is provided to quantify how 

good and well mixed the combustion process is, with or without using the simulation 

model. 



85 

 

 

Figure 2.47 Rate of heat release (ROHR) results for test points 15 & 18 at 1200 RPM from a single 

cylinder test rig representing the expander cylinder of a RSCE [3]. 

AMEsim cycle simulation study of combustion period and comparison to 

representative conventional diesel engine thermodynamic efficiency by Morgan et 

al [3] is presented in Figure 2.48. This shows a ~10% increase in brake efficiency 

over a comparative diesel cycle and the reduction in combustion period 

demonstrating the benefit of rapid combustion in the RSCE and diesel engine.  

 

Figure 2.48 Trade off of brake efficiency against combustion period [3]. 

The data in Figure 2.48 is then used to support the efficiency walk shown in Figure 

2.49. However, there is some optimism shown for the RSCE of ~60%, whereas 

Figure 2.48 shows an efficiency of 58%. There is also a reduction in the improved 

Diesel cycle, with Figure 2.49 demonstrating an efficiency of 45% BTE whereas 

Figure 2.48 displayed an efficiency of 47%.  



86 

 

 

Figure 2.49 Efficiency walk in terms of Brake Thermal Efficiency (BTE) at the best operating point 

for conventional and advanced diesel combustion with waste heat recovery and predictions for a 
RSCE [3]. 

Limited emissions data was gathered in the initial experimental research [3], with 

the main goal originally to produce and replicate the high efficiencies shown by the 

past research on the isoengine project and produce stable combustion. A black box 

approach was initially taken during experimentation leading to questions over the 

mixing and combustion phenomena that takes place within the engine. Therefore, 

investigations into the causes and phenomena taking place to produce low 

emissions require further investigation. 

2.7.8 Discussion 

Alternative and novel thermodynamic cycles show promise to provide a step 

increase in efficiency. However, only a few novel cycles demonstrate promise in 

tackling the inherent issues of toxic emissions productions in conventional ICEs at 

source, i.e., through engineered and controlled combustion conditions favourable to 

low emissions. Many concepts attempt to increase efficiency through increased or 

over expansion. However, only the RSCE attempts to reduce compression work. 

Due to this, the RSCE is also the only concept which could control start and 

therefore peak combustion temperatures to control emissions formation at source.  

An overview of the concepts discussed in this section is shown in Table 2.4. This 

comparison demonstrated that there are not enough novel engine concepts being 
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researched that will be able to meet future emissions regulations and achieve ultra-

high efficiency of greater than 60%. This highlights the need for innovation in this 

area to create new novel engine concepts that fundamentally address emissions 

first as well as providing a step improvement in efficiency. The ICE cycle and 

combustion technology needs to be designed with emissions and combustion 

designed in mind from the outset, rather than developing systems that may have a 

step increase in efficiency, but which inherently do not reduce emissions at source. 

This will be further discussed in Chapter 3. 

Table 2.4 Comparison of ICE Concepts. 

ICE Cycle/ 

Concept 

Control of 

peak 

combustion 

temperature 

Premix style 

charge & 

combustion 

proposed 

Waste 

Heat 

Recovery 

Efficiency 

achieved to date 

Efficiency 

potential 

Otto No Possible None 45% [153]  - 

Diesel No No None 52% [154] - 

Scuderi No No None  - 

Z Engine No Yes None 49.4% [128] - 

5 Stroke No No Post 36.1% [131] -  

DCEE No No Post 
47% (indicated) 

[135] 
56% [135] 

HCPC Yes Yes None - 49% (indicated) 

RSCE Yes Yes Pre 53% [3] 60% [3] 

2.8 Summary of the Literature 

Through the course of this literature review the fundamental limitations of current 

and future ICE concepts highlight the requirements of a nontoxic emissions engine 

which are described below: 

• Utilises renewable or synthetic chemical fuel. 

This may be a biofuel from waste products, such as human effluent, biofuels from 

renewable and ethically sources, or green synthetic fuels from carbon capture or 

water and renewable energy sources. New ICE concepts must be able to run on 

one of these fuels and ideally would be fuel agnostic to enable it to not compete with 

premium buyers of renewable fuels, such as the aviation sector. 

• Zero or near zero toxic emissions 
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This stipulates that the combustion process must utilise a premix style of combustion 

and control peak combustion temperature, requiring control over intake air 

temperature entering the combustion cylinder.  

• Ultra-high efficiency of 60% or greater 

For reduced energy consumption, economic impact, and high and quick commercial 

adoption and viability. This will require greater efficiencies than that of the Otto cycle 

and therefore a different thermodynamic cycle. In addition, likely utilising a form of 

reducing or recuperating exhaust heat as well as low friction and heat losses. 

• Utilise cheap, abundant, recyclable, and sustainable engine 

design/architecture that does not utilise exotic materials. 

For high recyclability and low cost, the material choice must consider the life cycle 

impact of the engine during and at the end of the products lifecycle and be highly 

recyclable with low recycling complexity and cost. 

The RSCE concept is currently one of the best proposed ICE concepts for 

addressing the point outlined. Currently the RSCE is the only ICE concept discussed 

which is potentially fuel agnostic, provides control over the start of combustion, and 

therefore peak combustion temperatures, reduces compression work through quasi-

isothermal compression, reduces frictional losses through reduced compression 

temperature, can potentially reduce heat losses through individual optimisation of 

the two compression and expansion chambers, and insulation of the expansion 

chamber surfaces. However, there remain gaps in the literature on the theoretical 

limits and capability of what an emissions limited ICE could potentially achieve in 

terms of efficiency and combustion efficiency of the RSCE and phenomena 

potentially contributing to mixing and combustion in the RSCE. 
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Chapter 3 Efficiency Limits brought on by Emissions 

Limitations 

In theory, how efficient could an ICE be while meeting sustainable limitations 

on emissions during use? 

3.1 Introduction 

This chapter will present fundamental theoretical analysis concerning whether the 

operational emissions of an ICE can be sustainable, followed by efficiency 

limitations within the set boundary of low to zero toxic emissions ICE. First analysing 

if a combustion chemical reaction can be sustainable followed by efficiency 

limitations within the limitations of clean toxic emissions. The focus of this work is 

on avoidable toxic emissions that are a result of the ICE, with a focus on NOx. 

Carbon dioxide is not considered a toxic emission in this context as it is unavoidable 

from the exhaust of an ICE if utilising a carbon-based fuel. Instead, the approach of 

reducing carbon dioxide is tackled through increasing efficiency, which will be 

covered in the last section of this chapter. 

3.2 Methods to Reduce Toxic Emissions 

Several paths and methods are available to reduce in use emissions from ICEs. 

These can be thought of as three groups, chemical, thermodynamic, and physical, 

though there is invariably interconnection between these broad groups. These can 

further be split into the main variables that effect chemical reactions, their products, 

and therefore unwanted emissions. 

• Initial temperature • Initial pressure 

• Working fluid composition • Oxygen concentration 

• Fuel composition • Reaction area, interface, and 

mixing (atomisation & motion) 

What can be controlled, what has the greatest effect, and what should be controlled 

to reduce and eliminate the unwanted emissions products will be discussed in more 

detail in the following sections. 
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3.2.1 Fuels, Reactants, Products & Energy 

What is classified as an emission is still widely debated by academics, society, and 

industry. As previously discussed in Section 2.1.1, there is agreement between 

health bodies on toxic emissions that are hazardous to health, such as carbon 

monoxide, particulate matter, and nitrous oxides. However, carbon dioxide is not 

considered a toxic emission and whether it is considered an emission is dependent 

on the life cycle of the carbon fuel product it is released from. Carbon produced from 

fossil fuels is considered an emission as during the lifecycle of fossil fuels, fossil 

fuels are extracted extremely quickly in comparison to their formation. The formation 

of fossil fuels is an extremely slow process of carbon lifeform decomposition into 

fossil fuels over millions of year’s deep underground. Whereas it is generally agreed 

that biofuels from biomass such as wood, biogas, and bioethanol, can be 

sustainable due to biofuel production and sequestration generally being of similar 

speed. However, there are societal concerns with biofuels, due to the possibility of 

competing land space with other resources, such as food. The lifecycles of carbon 

fuels must be diligently evaluated to assess the carbon lifecycle. Alternative fuels 

are discussed in detail in Section 2.3. In this chapter the carbon in an organic 

molecule will be assumed to be from a sustainable source. 

3.2.2 Temperature  

Temperature plays a key role in the reaction rate of this plethora of reactions, such 

as the oxidation of the nitrogen in the air to produce NOx, as other parameters 

typically remain constant or have very little variation affecting the reaction rate. The 

rate of the reaction is described by the Arrhenius equation (Equation (13)) where 𝐾 

is the rate of the reaction, 𝑇 is the temperature, 𝑅 is the universal gas constant, 𝐸𝑎 

is the activation energy specific to the fuel utilised and 𝐴𝑓 is the pre-exponential 

factor. 𝐴𝑓 can be modified through dilution such as with by exhaust gas recirculation 

(EGR) and the AFR. Temperature has a much larger scope for modification and 

reduction. 

𝐾 = 𝐴𝑓. 𝑒−
𝐸𝑎
𝑅.𝑇, (13) 

To reduce the formation of NOx in an engine, the temperature must be kept low 

enough to sufficiently slow the nitrogen oxidation reaction. A stated previously, if the 
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peak temperatures are kept below 2,200K, NOx formation rates are low enough to 

meet current regulation, this is illustrated in Figure 2.17. It should be noted that a 

lower threshold of 1,550K may be required to meet future emissions standards. 

Common hydrocarbon fuels will oxidise rapidly at temperatures above 1,000K, 

therefore there is a temperature window where the desirable oxidation reaction of 

the fuel can progress rapidly whereas the undesirable oxidation of nitrogen will not. 

This is illustrated in Figure 3.3, where the typical operating regions of current diesel 

and gasoline cycle engines and the target region of operation for a zero-emission 

engine are shown.  

Unfortunately, the temperatures generated by the reaction mechanisms 

encountered in conventional diesel and gasoline fuelled engines are high enough to 

produce significant NOx emissions. The other significant variable that affects the 

formation of emissions is the concentration of the fuel in the air, expressed as the 

equivalence ratio. Under normal engine operating conditions at a local equivalence 

ratio of 1, NOx formation rates are high at typical combustion temperatures. In 

addition, there are local regions in a Diesel engine around the fuel dense spray 

where the fuel can form soot emissions through a pyrolysis reaction. However, there 

are temperature and fuel concentration conditions where little to no NOx nor soot 

emissions will form. The challenge is to design a reaction regime that preferentially 

operates in these regions. 

3.2.3 Fuel Mixing & Atomisation 

Soot is generally formed from unreacted carbon atoms, which has two main causes: 

poor mixing of air and fuel before and during reaction and rich air to fuel ratios. The 

majority of modern Diesel vehicles operate at lean AFR to ensure there are plenty 

of oxygen atoms to each carbon atom, ensuring low levels of soot. This does 

however have a small effect on the production of NOx as there are also more oxygen 

atoms available to react with nitrogen, but this is negligible in comparison to the 

effect of temperature. For the engine of the future to create zero or near zero levels 

of soot the reaction cannot be rich and must be at maximum Stoichiometric. Leaner 

mixtures will continue to be used but as air fuel mixing technology improves, the 

closer engines will run at Stoichiometric to maximise specific power. 
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3.3 Perfectly Stirred Reactor Model 

A fundamental question is then raised. What fuel, if any, is most suitable and able 

to produce no toxic emissions such as soot and NOx? As soot is attributed to air 

mixing technologies as mentioned previously, a study understanding the NOx 

potential of fuels in an ideal environment needs to be understood. Khalid et al 

conducted a piece of work investigating this for autoignition for N-dodecane, iso-

octane, and methane utilising a 0D FORTE CHEMKIN combustion model and 

several reduced chemical kinetic schemes [155]. 

In the work a perfectly stirred reactor (PSR) model was used to assess the NOx 

emissions potential for a range of fuels. This imagines that the air and fuel is 

perfectly mixed in a constant volume of ~1L. This is a useful step for understanding 

the capability of an optimised combustion system achieving low emissions before 

considering other aspects, such as topology, air flow, ignition points, flames, etc. 

A new PSR model was created, run, and analysed by the author utilising the full 

mechanism, rather than reduced mechanism utilised by Faizan et al. For n-decane 

JetSurF 2.0 scheme was utilised [40], [46] and the full scheme developed by Luo et 

al [156] was utilised for n-dodecane, compared to the reduced skeletal mechanism 

comprising of 105 species and 420 reactions that was used in Faizan et al’s work. 

N-dodecane and n-decane to 0.6 equivalence ratio are included in comparison to 

the previous work by Faizan et al. Both results from the new model and Khalid et 

al’s results are shown in Figure 3.1, with additions by the author in grey (full scheme 

N-dodecane) and orange (N-decane). The use of full schemes has led to less 

variability in the end temperature for the new set of results compared to the results 

from Khalid et al.  
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Figure 3.1 End temperature for a range of fuels and equivalence ratios against start temperature. 

Adapted and modified from Khalid et al [155] with new additions by the author of N-decane and 
higher equivalency ratio N-dodecane with higher order schemes. 

The relationship between start and end temperatures for each equivalency ratios 

should be almost linear, as the energy released by the fuel is divided amongst the 

mass in the chamber. However, as the initial temperature increases, the heat 

capacity of air increases (generally above 1,000K for all pressures). This will result 

in a slightly reducing gradient of end temperature, as more energy is required to 

heat up the mass in the chamber. This demonstrated that diesel fuel and similar 

long chain molecules are more suited to producing lower NOx emissions with 

autoignition, due to the higher start of combustion temperature required for the same 

equivalency ratio for shorter chain hydrocarbons. 

The new model and analysis conducted by the author also included reaction rate 

times, represented by the size of the circles in Figure 3.2. The reactions follow the 

Arrhenius equation (Equation (13)) in that as the start temperature increases the 

reaction rate also increases. Chemkin can only resolve to the nearest 0.1ms 

resulting in all the points with 1,000K starting temperature having 2ms reaction time. 

This approach is limited by imagining the mixture as perfectly mixed and that 100% 

of the fuel is burned. This will not occur in a real engine but is still a very useful guide 

for the potential capability of LTC for a given fuel. This piece of work demonstrates 

although LTC is a challenge to accomplish it does show promise and capability to 
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produce low NOx emissions combustion systems. The challenges are mostly 

variable control based, e.g., combustion temperature, and restrictions of operation, 

e.g., limited engine speed. 

 

Figure 3.2 End Temperature & reaction times for a range of equivalence ratios & start temperature 
for decane, with reaction times displayed by the size of the circles and given in the data label in 

seconds. 

Reaction rates are important to consider due to the effects in a real reciprocating 

expander where there will be a limited window in which the reaction can occur in 

both time and space. With a lower reaction rate engine speed will play a primary 

role in time available, followed by piston motion and combustion chamber topology. 

At 1700 RPM a ~2ms represents a window of 20 CAD. 

Ignition systems that do not rely on autoignition for primary ignition is a potential 

pathway to eliminate this as an issue to utilise fuels with a high autoignition 

temperature and low start of combustion temperature. 

3.4 Adiabatic Flame Temperature & Dilution 

Utilising the aforementioned Equations (1) to (8) it is possible to create a simple 

thermochemical model of adiabatic flame temperatures for an idealised combustion 

reaction. In the simple adiabatic flame model that will be presented dodecane is 

utilised as the fuel, and the mixture of reactants, products, and temperature field are 
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assumed to be homogeneous. The ideal dodecane reaction is used as the 

governing equation for this analysis. This is not a highly detailed chemical model, 

such as the previously discussed PSR model, as the model only utilises 5 species. 

However, this model displays the response and trends of the adiabatic flame 

temperature for the ideal dodecane reaction over a range of dilution, fuel, and 

temperature conditions simply in a 0D scenario with no timescale. 

Four combinations of oxygen concentration and initial temperature were considered. 

The analysis was run from rich to lean regions. It is assumed in all regions that the 

chemical reaction is 100% complete dependant on the limiting reactant, i.e., fuel 

limited in the lean region and oxygen limited in the rich region. 

A temperature of 478K was selected as the lower limit for starting temperature, as 

this is the approximate autoignition temperature of dodecane, and therefore the 

lowest conceivable temperature at which a reaction could take place without some 

form of ignition aid for an idealised homogenous mixture. Oxygen concentrations of 

21% and 18% by volume were assumed as representative of an engine running 

without any charge air dilution and an engine with modest dilution – equivalent to 

approximately 14% exhaust gas recirculation (EGR) by volume. Much higher dilution 

rates have been proposed [93] but these were not considered due to the impact of 

high dilution on pumping losses, and hence efficiency, and safe operating 

procedures with depleted oxygen levels in air for experimental testing. The model 

assumes dilution is performed by an increase in the balance of nitrogen, this enables 

simple calculations but does not account for changes such as specific heat capacity 

ratio of using EGR or other gases as diluents. 

The adiabatic model described is shown in Figure 3.3. It is evident from Figure 3.3 

that the start temperature plays a major role in the adiabatic flame temperature, with 

a low start temperature allowing a higher equivalence ratio to be utilised. The 

greatest difference in flame temperature is at the stoichiometric ratio due to initial 

temperature and dilution becoming the dominant factors at these conditions as they 

are not energy limited, as they are at equivalency ratios lower and higher than 1. 

With higher amounts of energy from combustion more energy is absorbed by the 

increased fuel or nitrogen quantities compared to at stoichiometric. Dilution and 

equivalence ratio are also useful tools for achieving low flame temperature. These 
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will be especially key variables to control in the case of fuels with high autoignition 

temperatures, such as methane and hydrogen. 

 

Figure 3.3 Adiabatic flame temperature for an idealised dodecane reaction at start temperatures of 

478K & 1,000K and air concentrations of 18% & 21% oxygen by volume. 

Similar figures to that of Figure 3.3 have been reported in the past, but they have 

not presented the changes in adiabatic temperature caused by changes in oxygen 

levels in the precombustion gas and initial temperature, instead primarily looking at 

the effects of EGR. 

3.5 Efficiency 

3.5.1 Introduction 

The main methods for reducing energy consumption, and therefore increasing fuel 

efficiency, for any vehicle are to reduce mass, inertia, aerodynamic drag, tyre friction 

and to increase the efficiency of the power conversion of the propulsion system. In 

an ICE vehicle, reducing the energy consumption reduces the amount of carbon 
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dioxide produced per unit of distance, as well as reducing running cost. When 

analysing the efficiency losses of modern ICE’s, it is clear to see that efficiency has 

become a bottleneck. Increasing the thermodynamic efficiency of an ICE vehicle 

effects more than just the propulsion system efficiency. As a smaller amount of fuel 

is required for a task, the mass and size of the vehicle fuel tank can also be reduced 

for a given range. 

3.5.2 Ideal Thermodynamic Efficiencies 

3.5.2.1 Carnot and Curzon-Ahlborn 

The Carnot efficiency demonstrates the theoretical maximum efficiency of a heat 

engine, but this theoretical upper limit of efficiency cannot be practically achieved. 

This is because the conditions of the Carnot efficiency are idealised and do not 

consider the finite time in which the cycle must exist. It also does not account for 

unavoidable losses that will be incurred in a real physical engine. However, the 

Carnot cycle efficiency remains a useful guide for evaluating how efficient an engine 

is or could be through potential improvement. Equation (14) displays the Carnot 

efficiency 𝜂𝐶𝑎𝑟𝑛𝑜𝑡, where 𝑇𝐶𝑆 is the temperature of the cold sink, 𝑇𝐻𝑆 denotes the 

temperature of the hot sink, 𝑝𝐶𝑆 is the pressure of the cold sink, 𝑝𝐻𝑆 is the pressure 

of the hot sink, and 𝛾 is the heat capacity ratio of the working fluid. 

 𝜂𝐶𝑎𝑟𝑛𝑜𝑡 =
𝑇𝐻𝑆 − 𝑇𝐶𝑆

𝑇𝐻𝑆
= 1 −

𝑇𝐶𝑆

𝑇𝐻𝑆
= 1 − (

𝑝𝐶𝑆

𝑝𝐻𝑆
)

(𝛾−1)
𝛾

 (14) 

Two separate pairs of thermodynamicists, Curzon-Ahlborn and Chambadal-

Novikov, discovered Equation (15) for a semi-ideal heat engine. Chambadal-

Novikov implicitly discovering this relationship, while Curzon-Ahlborn later derived 

this relationship, hence the relationship has been generally attributed to Curzon-

Ahlborn. Although it is commonly mistaken to be the upper limit of efficiency for 

practical heat engines, it is proven to be the thermodynamic efficiency of an 

endoreversible Carnot engine, which gives an thermodynamic efficiency at 

maximum power [157]. While the Carnot efficiency happens over an infinite amount 

of time, the Curzon-Ahlborn efficiency considers the finite-time period in which 

combustion takes place in a real engine. This extension or subset of 

thermodynamics is generally referred to as finite-time thermodynamics, which has 
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gained interest in the literature at the end of the 20th century [158] but is still in its 

adolescence as a field of research. As an ideal heat engine is in theory most 

efficiency at maximum power, the Curzon-Ahlborn efficiency is another useful tool 

for assessing the theoretical and real efficiencies achievable with a heat engine. 

 𝜂𝐶𝑢𝑟𝑧𝑜𝑛−𝐴ℎ𝑙𝑏𝑜𝑟𝑛 = 1 − √
𝑇𝐶𝑆

𝑇𝐻𝑆
= 1 − √(

𝑝𝐶𝑆

𝑝𝐻𝑆
)

(𝛾−1)
𝛾

 (15) 

Considering the maximum temperature imposed by NOx formation a future heat 

engine cannot operate at temperatures higher than 2,200K. To understand the 

impact a temperature limitation would have on efficiency, a plot of Carnot and 

Curzon-Ahlborn efficiencies over a range of hot source temperatures and a set 

ambient temperature of 293.15K is shown in Figure 3.4. 

 

Figure 3.4 Thermal Efficiency for TCS = 293.15K while varying THS. 

The reverse is also performed, with the set limitation of 2,200K for the hot source 

temperature and a range of ambient air temperatures on Earth (-60°C to +60°C). A 

fundamental understanding of the efficiency limits of a low to zero NOx emissions 

engine can then be realised, as shown in Figure 3.5. Using the hottest ambient cold 

sink temperatures present in the world (+60°C) and NOx threshold hot sink 

temperature (2,200K) the Curzon-Ahlborn efficiency is 61%, as shown in Figure 3.5. 

Higher efficiencies are achievable with lower 2,200K is used as the hot sink 

temperature in the Figure 3.5 as this is where NOx formation begins to increase 

20%

30%

40%

50%

60%

70%

80%

90%

100%

 500  1,000  1,500  2,000  2,500  3,000  3,500

T
h

e
rm

a
l 
E

ff
ic

ie
n

c
y

THS (K)

Carnot

Curzon-Ahlborn

NOx 2200K Threshold

NOx 1550K Threshold



99 

 

exponentially, therefore keeping below this temperature is critical to reduce NOx 

emissions. The aim of future low toxic emissions ICEs must be to achieve at least 

61% efficiency. 

 

Figure 3.5 Thermal Efficiency for THS = 2,200K while varying TCS 

For an ICE to produce zero NOx emissions the temperature across the whole of the 

combustion event must not exceed the formation temperature of NO2 of 

approximately 1,550K. This would decrease the maximum theoretical efficiency 

compared to that of reduced toxic emissions engine, but still shows promise with a 

Curzon-Ahlborn efficiency of 57% at an ambient air temperature of 293.15K, as 

shown in Figure 3.4. If the heat sink temperature can be further decreased from 

ambient air temperatures, there is the potential for efficiencies greater than 60% 

with zero NOx production. Alternative heat rejection pathways utilising substances 

with lower than ambient temperatures could be potential method to increase 

efficiencies beyond this point. 

Equation (16) denotes the formula for pressure ratio. Figure 3.6 displays the Carnot 

and Curzon-Ahlborn efficiencies against pressure ratio for air (𝛾 = 1.4), utilising the 

previous discussed Equations (14) and (15). As shown in Figure 3.6, to achieve 57% 

Curzon-Ahlborn efficiency with air would require a high-pressure ratio of 340 or 

higher between the hot source and cold sink. Alternatively, a working fluid with a 

higher ratio of specific heat capacity could reduce the pressure ratio required, but 

this would require a closed system and potentially a system able to introduce oxygen 

at much higher concentrations than that of air. 
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 𝑃𝑟𝑒𝑠𝑠𝑢𝑟𝑒 𝑅𝑎𝑡𝑖𝑜 =
𝑝𝐻

𝑝𝐶
 (16) 

 

Figure 3.6 Thermal efficiencies vs pressure ratio, utilising air for Curzon-Ahlborn efficiency. 

3.5.2.2 Conventional Cycles: Otto, Diesel, & Atkinson 

The conventional four stroke thermodynamic cycles have endured the last century. 

However, there is now a question around whether their fundamental and practical 

thermal efficiency limitations have been or are close to being achieved. In all cycles 

compression ratio (CR) and specific heat capacity ratio (𝛾) are the main variables 

which dictate ideal efficiency. Equation (17) denotes the formula for CR, where 𝑉𝐵𝐷𝐶 

the volume at bottom dead centre (BDC) and 𝑉𝑇𝐷𝐶 is the volume at top dead centre 

(TDC). The corresponding thermal efficiency equations for the cycles are shown in 

Equations (18)-(20). For an Atkinson cycle, there are differing ratios for expansion 

and compression. The Atkinson cycle relies on valve timing to generate variations 

in the effective expansion ratio (ER) and CR of the working fluid. 

 𝐶𝑜𝑚𝑝𝑟𝑒𝑠𝑠𝑖𝑜𝑛 𝑅𝑎𝑡𝑖𝑜 =
𝑉𝐵𝐷𝐶

𝑉𝑇𝐷𝐶
 (17) 

 𝜂𝑂𝑡𝑡𝑜 = 1 −
1

𝐶𝑅(𝛾−1)
 (18) 

 𝜂𝐷𝑖𝑒𝑠𝑒𝑙 = 1 − (
1

𝐶𝑅(𝛾−1)
) (

𝛼𝛾−1 − 1

𝛾(𝛼 − 1)
) (19) 
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 𝜂𝐴𝑡𝑘𝑖𝑛𝑠𝑜𝑛 = 1 −
𝛾(𝐸𝑅 − 𝐶𝑅)

𝐸𝑅𝛾 − 𝐶𝑅𝛾
 (20) 

In theory in all cycles by changing the CR, ER, and/or the working fluid, a higher 

thermal efficiency can be achieved, but this has practical limitations. The main 

practical CR limitations of reciprocating engine are the architecture, combustion 

technology, fuel composition, and friction. 

The efficiencies of the thermodynamic cycles can be increased by moving away 

from using air as the working fluid to closed cycles with working fluids with higher 

specific heat capacity ratios than that of air, such as argon. Using argon as a working 

fluid is possible with hydrogen as a fuel, as water can be separated from the working 

fluid. Hydrocarbons could not be utilised as a fuel, as this would require carbon 

dioxide to be separated, which is currently not viable in vehicles. In an Otto or 

Atkinson cycle engine running argon, the maximum CR would still be governed by 

the autoignition temperature of the oxygen and fuel mixture. Necessitating a move 

to a more “diesel like” combustion system and cycle with direct fuel injection. 

A comparison of ideal thermodynamic efficiencies for the Otto, Diesel, and 

Miller/Atkinson cycle utilising both air and argon as working fluids is shown in Figure 

3.7. Ratio of specific heat of air utilised is 1.4 and for argon is 1.66. For Diesel cycle 

the cut-off ratio (𝛼) of 2 is utilised. For the Miller/Atkinson cycle, the expansion ratio 

(ER) is assumed to be 1.2 times greater than that of the CR. The Carnot and Curzon-

Ahlborn efficiencies, with a source and sink temperatures of 2200K and 293.15K 

respectively, are overlaid for reference. A range of claimed efficiencies and CR are 

included for the Otto (Mercedes PU106C & Toyota M20A-FKS), Miller/Atkinson 

(Toyota 1NZ-FXE), and Diesel (BMW N47 2.0, Volvo D11-72S, &Wärtsilä RT-

flex96C) cycle ICEs are shown in the figure. Due to turbocharging of modern ICEs, 

the Otto and Miller/Atkinson cycle ICEs are further limited below the gasoline knock 

limit of ~14. A CR of 13 is still a significant achievement with turbocharging, no 

consistent knock, or substantial low speed pre ignition. However, the premix air fuel 

combustion system utilised in the original Otto cycle limits any further gains in the 

thermodynamic cycle through increases in CR.  Although the Otto and 

Miller/Atkinson cycle are more efficient for a given CR in the ideal thermodynamic 

cycle than the Diesel cycle, in reality diesel ICEs can realise higher efficiencies as 
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they are not limited by the pre ignition and knock constraints of the fuel, as fuel is 

not premixed. This also allows for higher amounts of turbocharger work to be utilised 

and optimised accordingly, leading to generally higher efficiency diesel engines.  

 

Figure 3.7 A comparison of the ideal thermodynamic efficiencies against compression ratio for the 

Otto, Diesel, and Miller/Atkinson cycle utilising air and argon as working fluids. With the inclusion of 
a range of ICE engines and Carnot and Curzon-Ahlborn efficiencies utilising 2100K and 293.15K. 

This has led to the development of gasoline engines running more “Diesel like” 

cycles and combustion systems over the last couple of decades. Such as port and 

direct injection combustion systems being utilised in gasoline four stroke engines to 

increase efficiency. However, increasing CR comes with other issues, which will be 

discussed in the next section. 
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3.5.3 Losses 

A set of equations that are required to calculate losses will be defined, as well as 

the definitions for MEP are defined in this section. A Sankey diagram illustrating and 

conversion of fuel energy to useful work is shown in Figure 3.8. 

 

Figure 3.8 Sankey diagram of losses from fuel energy to work. The sizes of arrows are purely 
illustrative and not to scale. 

To calculate the amount of fuel required and energy added to an ICE, the amount 

of mass of air, fuel and/or AFR must be known. In a reciprocating ICE, the mass of 

air 𝑚𝑎 in the cylinder is dependent on the inlet air pressure 𝑝𝐼𝑎, inlet air temperature 

𝑇𝐼𝑎, gas constant 𝑅, volumetric efficiency 𝜂𝑉 and the in-cylinder volume at IVC 𝑉𝐼𝑉𝐶. 

This is shown in Equation (21). 

 
𝑚𝑎 = 𝜂𝑉 .

𝑉𝐼𝑉𝐶 . 𝑝𝐼𝑎

𝑅. 𝑇𝐼𝑎
 

(21) 

This does not incorporate pulsations of the flow field or other phenomena which may 

reduce or increase the mass of air that is trapped in the cylinder at IVC. The mass 

of fuel 𝑚𝑓 added to the system can then be calculated from the air mass and AFR, 

shown in Equation (22). 

 𝑚𝑓 =
𝑚𝑎

𝐴𝐹𝑅
 (22) 

The energy of the fuel is then simply the mass of the fuel multiplied by the lower 

heating value of the fuel, shown in Equation (23). The amount of thermal energy 𝑄𝑇 

released from the fuel to the system is the fuel energy multiplied by the combustion 

efficiency 𝜂𝐶, shown in Equation (24) 
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 𝑄𝑓 = 𝑚𝑓 . 𝐿𝐻𝑉𝑓 (23) 

 𝑄𝑇 = 𝑄𝑓. 𝜂𝐶 (24) 

Mean effective pressure (MEP) is defined as the rate of energy, typically per cycle, 

divided by the maximum displaced volume. This allows for evaluation of 

performance of the engine independent of engine displacement. The generally 

equation for MEP is shown in Equation (25), with specific MEP equations relevant 

to this piece of work shown in Equations (26)-(28). Where GIMEP is the gross 

indicated MEP, and QMEP is the thermal energy MEP, FuelMEP is the fuel MEP.  

 
𝑀𝐸𝑃 =

�̇�

𝑉𝑑
=

�̇�

𝑉𝑑
 

(25) 

 
𝐺𝐼𝑀𝐸𝑃 =

𝑊𝐺
̇

𝑉𝑑
 

(26) 

 
𝑄𝑀𝐸𝑃 =

𝑄�̇�

𝑉𝑑
 

(27) 

 
𝐹𝑢𝑒𝑙𝑀𝐸𝑃 =

𝑄�̇�

𝑉𝑑
 

(28) 

Thermal efficiency 𝜂𝑇 is defined as the effectiveness of turning thermal energy 𝑄𝑇  

into work, this is defined in Equation (29).  

 
𝜂𝑇 =

𝑊𝐺

𝑄𝑇
=

𝐺𝐼𝑀𝐸𝑃

𝑄𝑀𝐸𝑃
 

  (29) 

Combustion efficiency is defined as the effectiveness of turning the fuel energy 

available into thermal energy. This is shown in Equation (30). 

 
𝜂𝐶 =

𝑄𝑇

𝑄𝑓
=

𝑄𝐴𝐻𝑅

𝑄𝑓
=

𝑄𝑀𝐸𝑃

𝐹𝑢𝑒𝑙𝑀𝐸𝑃
 

(30) 

Brake mean effective pressure (BMEP) is described in Equation (31), where 𝑊𝑏
̇  is 

the brake power. 
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𝐵𝑀𝐸𝑃 =

𝑊𝑏
̇

𝑉𝑑
 

(31) 

Combustion losses mean effective pressure (CLMEP) is shown in Equation (32). 

 𝐶𝐿𝑀𝐸𝑃 = 𝐹𝑢𝑒𝑙𝑀𝐸𝑃 − 𝑄𝑀𝐸𝑃 = (1 − 𝜂𝐶). 𝐹𝑢𝑒𝑙𝑀𝐸𝑃 (32) 

Equation (33) describes heat transfer loss mean effective pressure (HLMEP), where 

𝑄ℎ𝑡 is the energy of heat loss. 

 
𝐻𝐿𝑀𝐸𝑃 =

𝑄ℎ𝑡
̇

𝑉𝑑
 

(33) 

Exhaust loss mean effective pressure (ELMEP) is presented in Equation (34), where 

𝑄𝑒𝑥ℎ
̇  is the rate of energy lost to the exhaust. 

 
𝐸𝐿𝑀𝐸𝑃 =

𝑄𝑒𝑥ℎ
̇

𝑉𝑑
 

(34) 

Pumping loss mean effective pressure (PMEP) is shown in Equation (35). 

 𝑃𝑀𝐸𝑃 = 𝐺𝐼𝑀𝐸𝑃 − 𝑁𝐼𝑀𝐸𝑃 (35) 

Friction loss mean effective pressure (FMEP) is defined is Equation (36). 

 𝐹𝑀𝐸𝑃 = 𝑁𝐼𝑀𝐸𝑃 − 𝐵𝑀𝐸𝑃 (36) 

Efficiencies and partial efficiencies are described in this section. Equation (37) 

demonstrates the gas exchange efficiency 𝜂𝐺𝐸. 

 
𝜂𝐺𝐸 =

𝑁𝐼𝑀𝐸𝑃

𝐺𝐼𝑀𝐸𝑃
= 1 −

𝑃𝑀𝐸𝑃

𝐺𝐼𝑀𝐸𝑃
 

(37) 

Mechanical efficiency 𝜂𝑀 is defined in Equation (38). 

 
𝜂𝑀 =

𝐵𝑀𝐸𝑃

𝑁𝐼𝑀𝐸𝑃
= 1 −

𝐹𝑀𝐸𝑃

𝑁𝐼𝑀𝐸𝑃
 

(38) 

The equation for brake efficiency is shown in Equation (39). 
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𝜂𝐵 =

𝐵𝑀𝐸𝑃

𝐹𝑢𝑒𝑙𝑀𝐸𝑃
=

�̇�

�̇�𝑓 . 𝑄𝐿𝐻𝑉
= 𝜂𝐶 . 𝜂𝑇. 𝜂𝐺𝐸 . 𝜂𝑀 

(39) 

3.5.4 Compression Ratio Limits 

Due to high CR leading to high cylinder pressures, the CR in conventional 

thermodynamic cycles are limited by knock, friction, heat losses, maximum cylinder 

pressure, or a combination of these factors. As the temperature of the working fluid 

and fuel mixture is ultimately governed by the CR, the CR is limited by the auto-

ignition temperature of the fuel, concentration of oxygen in the mixture, cylinder 

pressure, and cylinder temperature. However, the Diesel cycle is not constrained by 

autoignition temperature of the fuel, as the fuel is direct injected around TDC. The 

real efficiency of the Diesel cycle is limited by other constraints, such as heat, 

pumping, and friction losses. 

Several general models have been proposed for predicting and evaluating the 

friction and FMEP for an ICE to differing levels of detail. Such as those by Chen et 

al [159], Sandoval et al [160] , and Rezeka et al [161]. There is agreement that 

load/cylinder pressure and piston speed are the main influencing factors, with oil 

viscosity and temperature also of interest in detailed models. 

The Chen & Flynn model for friction describes friction as an almost linear 

relationship with maximum cylinder pressure and mean piston speed [159]. The 

Chen & Flynn model predicts the FMEP for a reciprocating engine in bar. The 

formula is shown in Equation (40), where 𝑝𝑚𝑐 is the maximum cylinder pressure. 𝐴, 

𝐵, 𝐶, and 𝐷, denote constants for the model and 𝑆𝑓 is the engine speed factor, 

denoted in Equation (41). 

 𝐹𝑀𝐸𝑃𝐶ℎ𝑒𝑛 & 𝐹𝑙𝑦𝑛𝑛 = 𝐴𝑐 + 𝐵𝑐. 𝑝𝑚𝑐 + 𝐶𝑐 . 𝑆𝑓 + 𝐷𝑐 . 𝑆𝑓
2 (40) 

 𝑆𝑓 =
𝜔. 𝑠𝑠

2
 (41) 

With the correct optimisation of constants, the model has been shown to be accurate 

when compared to real engines [162]. Without optimisation of the constants, there 

is low accuracy compared to other models. Due to assumptions of constants which 

inevitably vary with engine architecture. However, it is still currently widely used due 



107 

 

to its simplicity and generalisation. A higher order detailed model was not chosen 

for this piece of evaluation as the aim was not to produce accurate predictions for a 

given ICE, but to evaluate issues with ever increasing compression ratios and 

cylinder pressure. Several initial constants have been used for the values of 𝐴, 𝐵, 𝐶 

and 𝐷. For the calculations in this work values of 𝐴 = 0.4, 𝐵 = 0.005, 𝐶 = 0.09 and 

𝐷 = 0.000085 were utilised.  

To calculate FMEP the maximum cylinder pressure must be known. To calculate 

the change in pressure from compression, the initial pressure, specific heat capacity 

and CR must be known. The equation for isentropic expansion is shown in Equation 

(42), where 𝛾 is the ratio of specific heat capacity. This forms the basis of the ideal 

gas equation, shown in Equation (43), where 𝑇 is the temperature. 

 𝑝. 𝑉𝛾 = 𝐶𝑜𝑛𝑠𝑡𝑎𝑛𝑡 (42) 

 
𝑝𝑗

𝑝𝑖
= (

𝑉𝑖

𝑉𝑗
)

𝛾

= (
𝑇𝑖

𝑇𝑗
)

𝛾
𝛾−1

 

(43) 

The change in pressure in the cylinder is equal to the calculated the change in 

pressure due to the change in volume ∆𝑝𝑉 and other pressure changes ∆𝑝𝐶. In a 

conventional engine, this would be pressure due to combustion. This is shown in 

Equation (44) from Heywood [163, p. 385]. If there is no combustion, Equation (45) 

can be utilised. If there is combustion, Equation (46) can be utilised. These are 

rearrangements of the ideal gas Equations shown in (42) and (43) substituted into 

Equation (44). 

 ∆𝑝 = ∆𝑝𝑉 + ∆𝑝𝐶 (44) 

 
∆𝑝𝑉 = 𝑝𝑗 − 𝑝𝑖 = 𝑝𝑖 . ((

𝑉𝑖

𝑉𝑗
)

𝛾

− 1) 
(45) 

 
∆𝑝𝐶 = 𝑝𝑗 . (

𝑉𝑗

𝑉𝑖
)

𝛾

− 𝑝𝑖 . 
(46) 

Calculation of heat release from Heywood [163, p. 388], without crevices and heat 

transfer calculations, is shown in Equation (47).  
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 𝑑𝑄

𝑑𝜃
=

𝛾

𝛾 − 1
. 𝑝𝑗 .

𝑉𝑗 − 𝑉𝑖

𝑑𝜃
+

𝑉𝑗

𝛾 − 1
.
𝑝𝑗 − 𝑝𝑖

𝑑𝜃
 

(47) 

Over a constant and known difference in crank angle or volume, Equation (47) can 

be rearranged to calculate the pressure after energy is added to a system. This is 

shown in Equation (48). 

 
𝑝𝑗 =

𝑑𝑄. (𝛾 − 1) + 𝑝𝑖 . 𝑉𝑗

(𝑉𝑗 − 𝑉𝑖). 𝛾 + 𝑉𝑗
 

(48) 

With a known inlet pressure, energy addition from the fuel, and compression ratio, 

the maximum cylinder pressure can then be calculated from Equation (48) and the 

energy Equations (21)-(30) from Section 3.2.1. This maximum cylinder pressure will 

be idealised, as it will be assumed that all the energy is released instantaneously at 

TDC.  

The Equation for Q can be substituted into Equation (48) to produce Equation (49) 

to calculate the maximum theoretically possible cylinder pressure, 𝑝𝑚𝑐, with no 

losses and instantaneous heat addition. Volumetric and efficiency assumed to be 

100% in this instance. R is the universal gas constant with the value of 287J/kgK 

used in this piece of work. 

 

𝑝𝑚𝑐 =
(

𝜂𝐶 . 𝜂𝑉 . 𝑝𝑖 . 𝐿𝐻𝑉𝑓. 𝐶𝑅
𝑅. 𝑇𝑖 . 𝐴𝐹𝑅

) . (𝛾 − 1) + 𝑝𝑖

(1 − 𝐶𝑅). 𝛾 + 1
 

(49) 

This calculated ideal maximum cylinder pressure can then be used to calculate 

friction for a given set of conditions using Equation (40). 

3.5.5 Comparison of Ideal Efficiency 

Figure 3.9 displays a comparison of the ideal thermodynamic efficiencies of the Otto, 

Diesel, Atkinson, ORC, and RSCE cycles. The thermodynamic efficiencies of the 

Otto, Diesel, and Atkinson cycle are shown for air and argon as working fluids. The 

ORC and RSCE cycle are only shown utilising air. For the Otto, Diesel, and Atkinson 

cycles the same variables are utilised as Figure 3.7. The RSCE efficiency is the 

ideal efficiency by Dong et al [2] shown in Figure 2.43. With a recuperator 

effectiveness of 80% and where CR and ER are equal. 



109 

 

 

Figure 3.9 Efficiencies of Conventional Cycles, RSCE, ORC, & Real Engines 

The RSCE trends towards the Otto efficiency as the recuperator becomes less 

efficient with lower expansion cylinder out temperatures. The capability for the 

RSCE thermodynamic cycles to produce high efficiency at low CR is of huge benefit, 

as the losses incurred for high CR are avoided. This allows the RSCE to achieve 

not only high thermodynamic efficiency but low heat and friction losses at low CR. 

There is further potential for higher efficiency with unequal values of CR and ER. 

3.6 Discussion 

Based on the literature and analysis in this Chapter, the efficiencies of conventional 

ICE thermodynamic cycles are approaching the practical limits of efficiency even 

without the constraints of achieving low NOx emissions. There are likely to be small 

incremental improvements that can be made, but these are unlikely to give the 
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improvement required to reach ultra-high efficiencies of greater than 60%, at the 

same time as achieving a reduction in toxic emissions. However, the Curzon-

Ahlborn efficiency suggests 61% is possible and therefore there is merit in 

considering alternative approaches. 

 

Chapter 4 Understanding the RSCE Expander 

Thermodynamic cycle Efficiency 

The thermodynamic cycle, efficiency metrics, and behaviour of an isolated 

RSCE expander through theory, analysis, and a 0D model. 

4.1 Introduction 

Before discussing experimentation, it is important to understand the thermodynamic 

cycle of a RSCE expander. This section will present and explain theory on the 

thermodynamic efficiency of the RSCE expander and a simple 0D thermodynamic 

model that was used to understand, investigate, and predict some of the responses 

of an ideal and quasi-real RSCE expander. Sensitivity studies of the effect of 

variables, and a study of optimising the Titan expander, will be presented at the end 

of the chapter. 

4.2 A Carnot Efficiency Analysis 

This section will differ in analysis to the emissions limited efficiency analysis, as the 

analysis and discussion will centre on the practical implementation of the cycle and 

expander. This work builds upon ideas and work that Dong et al presented in their 

analysis of the and formula for calculating the efficiency of the split cycle engine [2]. 

There will be two brief Carnot efficiency theoretical analyses of the expander 

presented, one of the system and one on the expander in isolation. The Carnot 

efficiency is previously shown in Equation (14). A Carnot upper limit for efficiency 

dictated by NOx formation temperature is discussed in Section 3.5.2.1. However, 

this section discusses the theory on how the expander and the RSCE achieve higher 

efficiency. 
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4.2.1 The RSCE System 

It is pertinent to revisit the temperature entropy diagram, also known as a T-S 

diagram, for the RSCE cycle which was briefly discussed in Section 2.7.7. A version 

created and annotated by the author is shown in Figure 4.1. In the Figure, line a is 

the quasi-isothermal compression, b is the recuperation, c is the combustion, d is 

the expansion, and e is the exhaust. The grey dotted lines illustrate the ideal 

isothermal compression and the ideal heat recuperation from the exhaust. 

 

Figure 4.1 Temperature entropy (T-S) diagram of the RSCE (not to scale) annotated with points, 

steps, and ideals. 

The factor that was not discussed in Dong et al’s work, is the interlinking of heat at 

point 3 in Figure 4.1 and the addition of heat energy from the fuel. As temperature 

dictates the charge air density and air mass at the start of combustion, there is a 

direct correlation with air temperature and potential heat addition from the fuel at the 

start of combustion. Therefore, as the recuperator becomes more efficient, or the 

exhaust becomes hotter, increasing the temperature of point 3, less energy can be 

added to the expander, for a given equivalence ratio, pressure, combustion volume, 

and combustion efficiency. This is shown in Equations (50)-(52). 

 𝑇4 = 𝑇3 +
𝑄𝑇

𝑐
 (50) 

 𝑄𝑇 =
𝑝3. 𝑉𝐶 . 𝜂𝑉 . 𝐿𝐻𝑉𝑓. 𝜂𝐶

𝑅. 𝑇3. 𝐴𝐹𝑅
 (51) 
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 𝑇4 = 𝑇3 +
𝑝3. 𝑉𝐶 . 𝜂𝑉 . 𝐿𝐻𝑉𝑓. 𝜂𝐶 . 𝑐

𝑅. 𝑇3. 𝐴𝐹𝑅
 (52) 

This means as point 3 increases in temperature, the temperature difference 

provided by heat energy from the fuel must decrease the temperature difference of 

section c and the temperature of point 4. This can be mitigated through more ideal 

quasi-isothermal compression, allowing more heat energy to be captured. However, 

after a certain point increasing recuperator effectiveness will have a negative effect 

on expander efficiency, as less temperature difference can be realised in the 

expander. 

As the expander ultimately adds fuel energy to the system, there is questionable 

benefit in increasing temperature higher than necessary to achieve stable, 

complete, and fast combustion, for a given pressure. Once this has been achieved, 

increasing recuperator effectiveness or temperature will have a negative effect on 

efficiency. 

It is important to remember that the Carnot efficiency is the difference in temperature 

between the hot and cold source/sink divided by the hot source temperature. 

Therefore, if you can maintain the same difference in temperature with a lower hot 

source temperature, it is possible to achieve a higher efficiency. However, if there is 

a smaller difference in temperature with the same or lower hot source temperature, 

the efficiency will decrease. 

4.2.2 The Expander in Isolation 

When considering the expander in isolation, the only steps and points that need to 

be considered from Figure 4.1 are points 3-5 and steps c & d. For the purpose of 

evaluating the expander in isolation, it can be assumed that the recuperator is acting 

ideal. Therefore, the temperature at points 3 and 5 are equal. The temperature at 

point 4, 𝑇4, is equal to the temperature at point 3, 𝑇3, plus the heat energy added 

from the combustion of the fuel 𝑄𝐶. This is shown in Equation (50). A Carnot analysis 

for the expander in isolation can then be written by substituting Equation (51) into 

(53) to create Equation (54). 
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 𝜂𝐶𝑎𝑟𝑛𝑜𝑡 =
𝑇4 − 𝑇3

𝑇4
 (53) 

 𝜂𝐶𝑎𝑟𝑛𝑜𝑡 =
𝑄𝑇

𝑇3 + 𝑄𝑇
=

𝑄𝑇

𝑇4
=

(
𝑝3. 𝑉𝐶 . 𝜂𝑉 . 𝐿𝐻𝑉𝑓. 𝜂𝐶 . 𝑐

𝑅. 𝑇3. 𝐴𝐹𝑅
)

𝑇3 + (
𝑝3. 𝑉𝐶 . 𝜂𝑉 . 𝐿𝐻𝑉𝑓. 𝜂𝐶 . 𝑐

𝑅. 𝑇3. 𝐴𝐹𝑅
)
 (54) 

Equation (54) demonstrates that to maximise thermal efficiency in the expander, the 

highest amount of Q needs to be added to the expander to create the largest 

difference in temperature and the peak temperature needs to be reduced. Operating 

cold to increase thermal efficiency is unintuitive compared to conventional heat 

engine thinking, as typically higher heat returns higher efficiency. However, as the 

source of the initial temperature and heat is provided from the expander and the 

expander adds fuel energy to the RSCE system, this is not the case for the RSCE 

expander. 

This is a great characteristic for the RSCE, as NOx emissions should in theory fall, 

and efficiency should increase with a low start of combustion temperature. 

Operating colder 𝑇3 temperatures should allow for greater Q and reduce 𝑇4, although 

the increase in Q could offset the reduction in 𝑇4 temperature caused by reducing 

𝑇3. Until combustion can no longer ignite or does not react fast enough. Q can be 

greater with reducing 𝑇3 by increasing air density and mass in the combustion 

chamber. There are other potential benefits through running colder. Less heat loss 

due to lower temperature difference, and less requirements on material properties 

to withstand high temperatures. 

4.3 Equations of Pressure, Work, Efficiency, & Ideal Gas 

To calculate the work undertaken or generate by the system work must be 

calculated, this is shown in Equation (55). Where Work is represented by 𝑊, force 

𝐹, distance 𝑠, pressure 𝑝, area 𝐴, and volume 𝑉. 

 𝑊 = 𝐹. 𝑠 = 𝑝. 𝐴. 𝑠 = 𝑝. 𝑑𝑉 (55) 

The expander gross work 𝑊𝐺 per cycle is defined as the work created over the 

duration of 360-degree stroke. This is denoted as 𝑊𝐺
̇ . As TDC is the referenced 



114 

 

used for CAD in this piece of work, the integral is taken from -180 to 180 CAD ATDC. 

This expander gross work per cycle is defined in Equation (56). 

 
𝑊𝐺

̇ = ∫ 𝑝. 𝑑𝑉
180

−180

 
(56) 

Equations (44)-(48) can be utilised to calculate Q and pressure from Section 3.5.4. 

However, as the change in pressure during the RSCE expansion cycle can be 

caused be the introduction of pressure by the intake valves, this is not true in the 

case of the RSCE expander. The same equations can still be used from Heywood 

[163, p. 385] to negate the effects of volume pressure change and decipher the 

change in pressure. While not including the parts of the Equation (47) for crevices 

reduces the accuracy of the model, this is considered accurate enough for the 0D 

model to evaluate the expander thermodynamic cycle. Without energy added to the 

system, Equation (48) can be utilised with dQ at 0, this produces Equation (57). 

 
𝑝𝑗 =

𝑝𝑖 . 𝑉𝑗

(𝑉𝑗 − 𝑉𝑖). 𝛾 + 𝑉𝑗
 

(57) 

Alternatively, the ideal gas Equation can be used in no combustion cases, shown in 

Equation (58). 

 
𝑝𝑗 = 𝑝𝑖 . (

𝑉𝑖

𝑉𝑗
)

𝛾

 
(58) 

Using Equation (47) apparent heat release (AHR) can be calculated with a known 

change in volume. However, as previously discussed in Section 4.3, there are 

difficulties in this approach in the expander in a RSCE. As a change in pressure can 

be caused by either combustion or IVO. For this reason, to calculate the AHR from 

combustion, an estimate must be made of when SOC begins so as not to include 

the energy change caused by IVO. AHR is defined in Equation (59) between the 

CAD for the SOC, and the end of the cycle. Where AHR per cycle is �̇�𝐴𝐻𝑅 and 𝜃𝑆𝑂𝐶 

is the SOC in CAD. 

 
�̇�𝐴𝐻𝑅 = ∑

𝑑𝑄

𝑑𝜃

180

𝜃𝑆𝑂𝐶

 
(59) 
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The rate of thermal energy released is defined as the total thermal energy released 

by the fuel over the duration of combustion (DOC) in CAD and the resolution of the 

model. This is shown in Equation (60), where 𝜃𝐷𝑂𝐶 is the DOC in CAD and ℎ𝜃 is the 

number of steps per CAD in the model.  

 
𝑑𝑄𝑇 =

𝑄𝑇

𝜃𝐷𝑂𝐶 . ℎ𝜃
 

(60) 

This is an averaged heat release approach which does not capture the reality of true 

heat release and mass fractioned burner of fuel, which has a gradual build up to the 

fastest heat release before trailing off. However, this is deemed good enough for the 

model. For the model and studies presented in this piece of work, ℎ𝜃 will be set at 1 

per CAD, this provides adequate resolution for interrogation. 

4.4 Model States & Assumptions 

Using the equations from the previous sections and setting a crank angle of -180 to 

180 degrees as an input, a 0D thermodynamic model of the expander can be 

created. The states of the model can be split down into three main scenarios or 

sections: 

1. If the exhaust valves are open, in-cylinder pressure is equal to the exhaust 

pressure. 

It is imagined that the exhaust is an infinite volume where the pressure and 

temperature of the equalisation of the chambers results in the expansion cylinder 

equalling the set conditions of the exhaust manifold. This is an approximation and 

ideal process of what occurs. In reality, the cylinder pressure would fall at a rate 

dependant on valve and exhaust manifold design. 

In the expander EVC can act as a method EGR control, trapping any remaining 

exhaust gas from the previous cycle in the chamber. In this model this is not 

considered. As long EVC is close to TDC and the intake manifold pressure is much 

greater than that of the exhaust pressure, the EGR effect will be small. Varying 

volumetric efficiency could be used as a method of adjusting or investigating the 

effect EGR would have, as this would in reduce the amount of air available for 

combustion.  
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2. If the intake valves are open, the in-cylinder pressure starts to fill by a defined 

pressure rise rate until achieving intake pressure, which is then held until IVC. 

It is imagined that the exhaust is an infinite volume where the pressure and 

temperature of the equalisation of the chambers results in the expansion cylinder 

equalling the set conditions of the intake manifold. If start of combustion (SOC) 

occurs during the IVP, then it is assumed all pressure is absorbed into the inlet 

manifold, with no increase in pressure in-cylinder. This approximates the real the 

process which is considered good enough for this model. 

In addition, and to make the model more realistic, a PRR due to the intake valves 

opening is defined in Equation (61). Where 𝑝𝐼𝑉𝑂 is the in-cylinder pressure at IVO 

and  𝜃𝐷𝑃𝑅𝐼 is the duration in CAD over which the filling occurs. This is not a real 

representation of the filling from intake manifold into the cylinder, which is dominated 

by pressure ratio, valve area, valve lift and other effects. However, it provides a 

simple and good enough approach for the model to examine the effects of 

increasing the PRR due to valve design quickly and easily. 

 𝑃𝑅𝑅𝐼 =
𝑝𝐼𝑉𝑂 − 𝑝𝐼𝑎

𝜃𝐷𝑃𝑅𝐼. ℎ𝜃
 (61) 

3. If all valves are closed, in-cylinder pressure is determined by the pressure of 

the previous state, movement of the piston and fuel energy added. 

In this state the conditions and equations set out in this Chapter drive the model. 

The overall assumptions of the model are stated below: 

• The system is adiabatic. 

• Heat capacity ratio is assumed to be a constant value of 1.33. 

• Heat release of the fuel is an average over a set number of CAD. 

• At EVO until EVC, cylinder pressure instantaneously becomes the set 

exhaust pressure. 

• At IVO, cylinder pressure instantaneously becomes another state. 

• In cylinder pressure rise at IVO is defined by Equation (61). 
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• In cylinder pressure equals intake pressure from end of intake pressure rise 

until IVC. 

• Heat transfer to cylinder walls is not accounted for. 

• The effects of crevices inside the chamber and around the piston are not 

considered. 

• The resolution or steps of the model, ℎ𝜃, are set a 1 step per CAD. 

4.5 The Ideal Cycle 

In an ideal expander, the entire upstroke from bottom dead centre (BDC) to top dead 

centre (TDC) would be dedicated to removing exhaust from the chamber and 

conditions in the chamber would equal the exhaust manifold conditions 

instantaneously. IVO, IVC and SOC would all occur at TDC and occur 

instantaneously. The volume would then begin expansion until EVO at BDC and the 

cycle repeats again. An ideal split cycle pressure trace created by the 0D model is 

shown in Figure 4.2. Due to the resolution of the model, IVO and combustion must 

each occur over 1 CAD, resulting in a slightly off vertical line. In essence and in 

practicality, the ideal cycle of the expander is the ideal cycle from the Otto cycle with 

the compression pressure removed and replaced with exhaust manifold pressure.  

 

Figure 4.2 An ideal split cycle expander pressure trace. 

-180 -135 -90 -45 0 45 90 135 180

P
re

s
s
u

re

CAD ATDC



118 

 

The PV diagram of the ideal cycle is shown in Figure 4.3. It must be noted that for 

a RSCE expander to function correctly and provide adequate thermal energy and 

pressure to the exhaust and recuperator, the end pressure must be greater than the 

intake pressure to the compressor. 

 

Figure 4.3 An ideal split cycle expander pressure volume diagram, with each axis in a logarithmic 
scale. 

It is not possible to achieve the ideal cycle in the real world, due to the time 

constraints in which processes such as combustion, heat transfer and valve events 

must occur. However, in the RSCE there are additional barriers that are not typically 

considered. Notably it is not possible for instantaneous transfer of intake air. 

Therefore, there can be inherent disadvantages to valve setup in the expanders of 

SCE if they are forced to operate with IVO before TDC, as this will create negative 

torque on the engine by the recompression of previously compressed working fluid. 

4.6 The Rankine Cycle Effect 

Due to the addition of intake air at IVO, with isobaric conditions during the IVP, the 

expander in a DCE can be thought of as a Rankine cycle when no fuel is added. As 

IVP continues past TDC, the expander runs as a Rankine cycle. An ideal example 

of this is shown from the model in Figure 4.4. Where IVO is at TDC, IVP is set at 30 

CAD, and no fuel is added to the system, creating an ideal Rankine cycle. 
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Figure 4.4 Ideal Rankine expander cycle. 

Because of this Rankine cycle effect, the apparent thermodynamic efficiency of the 

expander to tend towards 100% efficiency as fuel added decreases, as work can be 

generated with no heat addition from fuel and work from the compressor is 

unaccounted for. 

In an ideal conventional engine, the compression and expansion curves are 

identical. This allows for relatively simple calculation of the work created from 

combustion, as the compression and expansion work cancel out when the work is 

summated across the 360 CAD cycle. This is highlighted in Figure 4.5 where the 

model is utilised to create an ideal Otto cycle with compression, combustion, and 

Rankine pressure traces.  

 

Figure 4.5 Ideal Otto cycle with compression, combustion and Rankine presssure traces. 
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It is not possible when evaluating the combustion work generated by the expander 

in isolation to not consider the difference in compression and expansion work, as 

the compression and expansion curves without fuel are always unequal. For this 

reason, when evaluating the expander in isolation of the compressor, another 

method must be used to access how well the expander is producing work from the 

fuel. Without a compression cylinder to realistically calculate net IMEP, a single 

metric will not be able to gauge the efficiency of the RSCE expander. 

For the RSCE system to be as efficient as possible, compression work must be 

minimised, and recuperator effectiveness and expander efficiency must be 

maximised. However, as Rankine work goes up the combustion work will be 

reduced. Therefore, the goal for the expander is to create the most combustion work 

from the smallest Rankine work. For this reason, metrics to compare the isentropic 

expansion work that would occur with no fuel addition must be incorporated when 

analysing the expander in solitude with no compression cylinder to calculate 

combustion work. A method for doing this will be explained below and incorporated 

into the model. 

The sections of the cycle can be split into the two areas of where negative and 

positive work are created, i.e., the recompression and expansion strokes of the 

expander. Therefore, the following equations are defined. In Equation (62) where 

�̇�𝑅𝐶 is the work created during the recompression stroke. 

 
�̇�𝑅𝐶 = ∫ 𝑝. 𝑑𝑉

0

−180

 
(62) 

With fuel and combustion, Equation (63) defines the work created during expansion 

of the combustion stroke. Referred to as combustion expansion work �̇�𝐶𝐸. 

 
�̇�𝐶𝐸 = ∫ 𝑝. 𝑑𝑉

180

0

 
(63) 

Equation (64) defines the work created during expansion with no fuel or combustion. 

Referred to as Rankine expansion work �̇�𝑅𝐸 

 
�̇�𝑅𝐸 = ∫ 𝑝. 𝑑𝑉

180

0

 
(64) 
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The gross work from the expander is the summation of the recompression work 𝑊𝑅𝐶, 

or combustion expansion work 𝑊𝐶𝐸, this is shown in Equation (65). The gross 

Rankine work GRW is the summation of the recompression work and the Rankine 

expansion work 𝑊𝑅𝐸, this is shown in Equation (66). 

 𝑊𝐺 = 𝑊𝑅𝐶 + 𝑊𝐶𝐸 (65) 

 𝑊𝐺𝑅 = 𝑊𝑅𝐶 + 𝑊𝑅𝐸 (66) 

In the same manner as Equation (44), the work created by combustion alone can 

be calculated from the change with and without combustion present. Therefore, 

work from combustion can be isolated. This can be calculated by removing the GRW 

from gross work of the expander. This is shown in Equation (67), where 𝑊𝐶 is the 

combustion work. 

 𝑊𝐶 = 𝑊𝐺 − 𝑊𝐺𝑅 = 𝑊𝐶𝐸 − 𝑊𝑅𝐸 (67) 

An ideal pressure trace of the expander with recompression, Rankine and 

combustion separated for the same case is shown in Figure 4.6.  

 

Figure 4.6 The ideal RSCE expander cycle with the lines displaying recompression, combustion, 
and Rankine work. 

Expander adjusted work (EAW) 𝑊𝐸𝐴 is defined in Equation (68). This metric is useful 

to understand the double negative work that is required of the recompression work, 

as it is the minimum work on the compression cylinder as well as work on the 
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combustion cylinder. This metric therefore helps quantify the double negative effect 

that recompression work has on the system. Without this metric, the effect of 

increased recompression work would not be captured fully by combustion work.  

 𝑊𝐸𝐴 = 𝑊𝐺 − 𝑊𝑅𝐸 = 𝑊𝑅𝐶 + 𝑊𝐶 (68) 

Using the definitions for CW and EAW work above, two efficiency metrics that have 

been used to enable assessment of the efficiency of combustion and are described 

below. Combustion thermal efficiency (CTE) is shown in Equation (69), where 

CMEP is the combustion MEP. Expander adjusted thermal efficiency (ETE) is 

shown in Equation (70), where EAMEP is the expander adjusted MEP. 

 
𝜂𝐶𝑇 =

𝑊𝐶

𝑄𝑇
=

𝐶𝑀𝐸𝑃

𝑄𝑀𝐸𝑃
 

(69) 

 
𝜂𝐸𝑇 =

𝑊𝐸𝐴

𝑄𝑇
=

𝐸𝐴𝑀𝐸𝑃

𝑄𝑀𝐸𝑃
 

(70) 

An equation to calculate a so-called expander adjusted fuel efficiency (EFE) is 

described in Equation (71). Ideally this efficiency would include other losses, such 

as friction, gas exchange, and mechanical efficiencies, but for this simple model 

these will not be included and are therefore not incorporated into Equation (71).  

 
𝜂𝐸𝐹 =

𝑊𝐸𝐴

𝑄𝐹
=

𝐸𝐴𝑀𝐸𝑃

𝐹𝑢𝑒𝑙𝑀𝐸𝑃
= 𝜂𝐸𝑇 . 𝜂𝐶 

(71) 

There are issues with these metric that utilise expander adjusted work if Rankine 

work is negative. However, if this is remembered and considered in conjunction with 

thermodynamic efficiency of the expander, these additional metrics serve as useful  

guidance tools to understand how well the expander is turning fuel into useful work 

in isolation of the compressor. 

4.7 Efficiency Study of a Quasi Real RSCE Expander Cycle 

This section will present swings performed on the model to predict impact of key 

variables on the efficiency of the RSCE expander. The conditions for the initial point 

of the swing are displayed in Table 4.1. These conditions are based on the Titan 

SCCRE, which will be discussed in further detail in 0. The initial variable values of 

IVO, IVP, EVO, EVO, SOC, DOC, intake air, fill rate, AFR, volumetric efficiency and 



123 

 

combustion efficiency were chosen for the mid-point to enable the swing. The 

swings around this point will not produce the most efficient operation of the expander 

but provide the ability to understand the effect in changes of key variables have on 

efficiency. An optimised expander will be discussed in the following section. 

Table 4.1 Initial conditions for quasi real RSCE expander model efficiency study. 

Variable Value Unit 

Piston Diameter 0.105 m 

Crank Throw 0.0650 m 

Con Rod Length 0.2120 m 

Expansion Ratio 19.0 - 

Gamma 1.33 - 

IVO -20 CAD ATDC 

IVP 20 CAD 

EVO -180 CAD ATDC 

EVP 140 CAD 

SOC 4 CAD ATDC 

DOC 10 CAD 

Intake Air Temperature 700 K 

Intake Air Pressure 5.0  MPa 

Fill rate Intake P from IVO 8 CAD 

Exhaust Pressure 0.2  MPa 

Fuel LHV 45.5  MJ/kg 

AFR 21 
 

Volumetric efficiency 90 % 

Combustion Efficiency 90 % 

The resultant pressure trace and PV diagram from the model and the midpoint 

conditions presented in Table 4.1 are shown in Figure 4.7 and Figure 4.8 

respectively. It is important to remember that the Rankine work and combustion 

curves follow the same path until fuel energy is added to the system. 
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Figure 4.7 The pressure trace for initial point of the efficiency study for the quasi real RSCE 

expander. 

 

Figure 4.8 PV diagram for the initial point of the efficiency study for the quasi-real RSCE expander. 

Figure 4.9 displays the swing in ER and the effect this has on efficiencies. TE and 

CTE increase linearly with expansion ratio. However, the inverse is true for EFE. 

This is due to increasing ER reducing the combustion chamber volume for a given 

IVC, therefore reducing air mass and energy added to the system, and the extra 

work that is required during recompression at higher ERs. For increasing ER to be 

a successful method of increasing EFE, intake valve events would need to be 

retarded to minimise recompression work. However, this has the potential to 

negatively affect combustion thermal efficiency, as the work created from 
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combustion would have to be retarded so that the intake valves are not open when 

combustion is occurring. The constant CTE between ER 15 and 17 suggests with a 

different setup or optimisation of the expander, TE, CTE and EFE can all be 

increased. It is worth noting that with higher ER, there is not the same issues as 

friction, as higher ER does not increase maximum cylinder pressure. Which is the 

case for conventional ICEs utilising a single compression/expansion ratio. High ER 

can in fact lower the maximum cylinder pressure by increasing the volume from SOC 

at a faster rate. 

 

Figure 4.9 Quasi-real expander efficiency study – ER swing. 

It is worth remembering that this model does not consider the energy recovered from 

the recuperator. As exhaust temperature increases with lower ER, the efficiency of 

the recuperator will increase. As long as the effectiveness of the recuperator is 

greater than ~77%, system efficiency will increase with lower ER, as shown by Dong 

et al [2]. 

Figure 4.10 displays the effect of swinging IVO. In this swing, IVC has no impact on 

SOC, which remains constant efficiency of 63.5%. TE and EAFE both rise positively 

with IVO as recompression work is reduced. As IVC moves before and after TDC, 

there is a change in trapped air mass. TE increases in line with the movement of the 

piston after TDC, as more “free” Rankine work increases the efficiency, as pressure 

is maintained a constant rate with a greater volume. This does not affect EFE in the 

same way, as this is unaffected by the increase in Rankine expansion. Resulting in 

an almost linear increase in efficiency. 
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Figure 4.10 Quasi-real expander efficiency study – IVO swing. 

Figure 4.11 presents the IVP swing effect on efficiencies. For the same reasons as 

the swing on IVO, the CTE is unaffected and remains constant at 63.5%. While 

recompression work is at its highest at 16 CAD IVP, as IVC occurs before TDC, and 

remains constant from 20 to 24 CAD. TE and EFE follow similar trends, with the 

minimum efficiencies between 20 and 22 CAD. This is because IVC determines the 

volume of air that is in the cylinder and IVO is unaffected by IVP and remains 

constant. Therefore, the effect of IVC dominates, producing a sinusoidal response 

into variation in IVP alone. 

 

Figure 4.11 Quasi-real expander efficiency study – IVP swing. 
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reduces the amount of expansion that could be converted to work. EVO after BDC 

creates negative work which begins to be offset by the reduction in recompression 

between EVC and IVO. 

 

Figure 4.12 Quasi-real expander efficiency study – EVO swing. 

Figure 4.13 displays the swing of EVP. Like the swing in EVO, the reduction in 

recompression work with a longer EVP reducing the gap between EVC and IVO and 

therefore reducing work. As there is a smaller volume change as the EVC moves 

closer towards TDC, there is less recompression work that can be removed to 

increase efficiency. CTE remains constant across the swing as the amount of air, 

fuel, heat release and expansion is unaffected by this variation in EVP. 

 

Figure 4.13 Quasi-real expander efficiency study – EVP swing. 
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Figure 4.14 displays a swing in SOC. In the same manner as conventional engines, 

if energy is added into the system at larger volumes, less pressure is created in the 

chamber and there is less distance available to expand to create work from the 

pressure. Therefore, efficiency in TE, CTE and EFE all follow a negative linear trend 

as SOC is retarded.  

 

Figure 4.14 Quasi-real expander efficiency study – SOC swing. 

Figure 4.15 displays a DOC swing. For the same reasons as outlined in the SOC 

swing, the later fuel energy is released the less work can be extracted and utilised, 

resulting in a linear negative trend for all three efficiencies as DOC increases. 

 

Figure 4.15 Quasi-real expander efficiency study – DOC swing. 

Figure 4.16 displays an intake air temperature swing, with TE having a positive 

correlation, CTE unaffected, and EFE having a negative correlation. As intake 
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It is important to note that this a constant Rankine work condition, due to pressure 

remaining constant. Therefore, more work is extracted from the Rankine work in 

proportion to combustion work. This increases TE accordingly but has the opposite 

effect on EFE, and no effect on CTE. EFE decreases as combustion work decreases 

but the amount of recompression work stays constant. 

This matches up with the Carnot analysis and theory presented in Section 4.2, with 

increasing amounts of energy added it is expected for efficiency to increase. As 

intake air temperature dictates the amount of mass available for combustion, and 

therefore maximum cylinder pressure, there is a higher difference in pressure. This 

means that the expander operates most efficiently at higher loads. However, friction 

must also be considered, which increases with cylinder pressure. 

TE and ETE converge as intake air temperature tends towards zero. This also 

occurs as AFR changes for the same reason. Underlining the expander would 

ideally run as cold, high pressure, and as rich AFR as possible. The cold intake air 

could be a benefit for emissions control and efficiency in the expander. 

 

Figure 4.16 Quasi-real expander efficiency study – intake air temperature swing. 

Figure 4.17 displays a swing in intake pressure. In this condition both Rankine work 

and combustion work vary. Both TE and EFE increase positively with intake air 

pressure. Tending towards an upper limit, dependant on other engine parameters, 

at higher pressures. CTE remains at a constant 63.5%, as the ratio between 
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Figure 4.17 Quasi-real expander efficiency study – intake air pressure swing. 

Figure 4.18 displays the AFR swing. CTE remains constant as the ratio between 

Rankine expansion work and combustion expansion work remain constant. TE 

increases with a reduction in the addition of fuel as a higher proportion of work is 

extracted from Rankine expansion work compared to combustion expansion work. 

For a similar reason EFE reduces, as the amount of combustion work reduces but 

the amount of recompression work remains constant. As EFE more effectively 

considers the negative recompression work, this results in a negative correlation 

with AFR. 

 

Figure 4.18 Quasi-real expander efficiency study – AFR swing. 
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decreases with increasing AFR as a lower proportion of work is produced from 

Rankine expansion. EFE increases with AFR as more combustion work is produced 

while recompression work is constant. 

 

Figure 4.19 Quasi-real expander efficiency study – volumetric efficiency swing. 

Figure 4.20 displays the results from the combustion efficiency swing. CTE is 

unaffected as it is the thermal efficiency of turning thermal energy into work and 

remains at a constant of 63.5%. TE decreases with combustion efficiency as a lower 

proportion of work is produced from Rankine work. EFE is directly affected by 

combustion efficiency, as shown in Equation (71), and therefore reacts positively to 

increased combustion efficiency. 

 

Figure 4.20 Quasi-real expander efficiency study – combustion efficiency swing. 
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The results from a swing in temperature and pressure with a constant air flow of 

24.9kg/m3 (the air flow of the midpoint) is shown in Figure 4.21. This results in 

constant fuel addition and a constant amount of energy extracted from the fuel as 

CW. However, Rankine work increases as pressure increase. This results in 

increasing TE, as the proportion of “free” Rankine work increases. CTE is 

unaffected, while EFE reduces as there is a larger amount of recompression work 

with increasing inlet pressure at higher inlet temperatures. 

 

Figure 4.21 Quasi-real expander efficiency study – pressure and temperature swing with constant 

air flow. 
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in more detail a full model of the RSCE including the expander and recuperator 

would need to be considered, as well as the transient and exhaust feedback effects. 

 

Figure 4.22 Quasi-real expander efficiency study – temperature and pressure swing with constant 
GW. 
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of the ER swing. This is due to EFE being doubly affected by the extra 

recompression work caused by increasing ER. 
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Table 4.2 summarises the modified conditions that were used for the optimised 

expander case and the resultant efficiencies. With the changes made, the resulting 

efficiencies are higher than any shown in Section 4.7, due to multiple variables being 

optimised at once. 

Table 4.2 Modified variables from the midpoint for a quasi-real expander with optimised valve 

timings & combustion. 

Variable Value Unit 

IVO -16 CAD ATDC 

IVP 16 CAD 

EVO -180 CAD ATDC 

EVP 164 CAD 

SOC 0 CAD ATDC 

DOC 8 CAD 

Intake Air Temperature 600 K 

Intake Air Pressure 5.0  MPa 

Fill rate Intake P from IVO 8 CAD 

Thermodynamic Efficiency 76.8 % 

Combustion Thermodynamic Efficiency 66.3 % 

Expander Fuel Efficiency 50.8 % 

The resultant pressure trace for the optimised combustion and valve events is 

shown in Figure 4.23. This demonstrates the higher pressures that the combustion 

event is able to achieve and sustain for a longer period. 

 

Figure 4.23 Pressure trace for a quasi-real expander with optimised combustion & valve timings 
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4.8.2 Expander Architecture 

Figure 4.24 presents an ER optimisation swing of the quasi-real expander. 

Efficiencies are highlighted in the graph at 19 ER, the initial ER of the midpoint. 27, 

where the highest EFE is found at 51.6%. 37, where the highest TE is found at 

80.2%. The model was not run at higher than 49 ER, although CTE would continue 

to increase until recompression work becomes larger than Rankine work, at which 

point CTE is no longer a useful metric. 

 

Figure 4.24 A quasi-real expander with optimised valves timings and combustion – ER swing 
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performed on the recompression stroke. This reaches a tipping point in both TE and 
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conditions. While ER is chosen as a this is a key consideration for design of the 

engine and, as shown in Figure 4.24, it’s intrinsic maximum efficiency. With a low 

volumetric efficiency of 50%, the optimised ER would be ~16, yielding 43.9% CTE. 

At the same ER, 90% volumetric efficiency would yield 49.9% EFE. The optimum 

ER for 90% volumetric efficiency would be ~27, yielding 51.6% EFE. At the same 

ER, 50% volumetric efficiency would yield 41.5% EFE. 

 

Figure 4.25 A quasi-real expander with optimised valves timings and combustion – 3D plot of ER, 

volumetric efficiency & CTE 

A swing in conrod length occurred from 0.112m to 0.312m in steps of 0.05m, with 

0.212m the midpoint. The value of con rod length must be longer than that of the 

maximum length of the stroke. Figure 4.26 display the effect of con rod length on 

the change in volume through the cycle. As seen in conventional ICES, increasing 

con rod length decreases the change in volume near TDC. Increasing the time the 

piston dwells at TDC. This has a couple of extra benefits for a SCE expander. As 

there is less change in volume around TDC, there is less losses in the 
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recompression stage of the expansion cycle while the intake valves are open. 

Engine efficiency would be more forgiving in response changes to intake valve and 

SOC timings, as the peak change in volume occurs closer towards -90 and 90 CAD 

ATDC rather than closer towards TDC where it would cause a higher amount of 

recompression work, as shown Figure 4.26. 

 

Figure 4.26 A quasi-real expander optimisation – The effect of con rod length on change in volume. 

The results of the effect this has on efficiencies are shown in Figure 4.27. CTE 

decreases as a lower change in volume during peak combustion pressure 

marginally changes the ratio of Rankine work to combustion work, resulting in a 

reduction of 0.4% in CTE. As recompression work is reduced, both TE and EFE 

increase by 0.2% and 0.6% respectively. The reduction in recompression work 

therefore has a greater impact on efficiency than a slight decrease in combustion 

work when increasing con rod length. This has associated benefits of longer conrods 

in conventional reciprocating ICEs, such as reducing the conrod angle and therefore 

friction between the piston and the cylinder walls. 
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Figure 4.27 A quasi-real expander optimisation – Con rod length swing vs efficiency 

For optimisation of crank throw, piston bore varies to maintain a constant 1.26L 

displacement. The swing occurs from 0.035m to 0.095m over 5 points. Steps of 

0.015m were chosen as realistic changes that could be implemented in either 

direction of the starting midpoint of 0.065m. Similarly to conrod length, the changes 

to crank throw in the change in volume increases piston dwell at TDC with shorter 

crank throws, this is shown in Figure 4.28. This also reduces recompression work 

and is forging in intake valve and combustion timings.  

 

Figure 4.28 A quasi-real expander optimisation – The effect of crank throw length on CAD vs 
change in volume. 
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The efficiency responses to the swing in crank throw length are shown in Figure 

4.29. With CTE shown to increase with increasing crank throw length, by 0.2% 

across the swing. TE and EFE both increase with decreasing crank throw length, by 

0.2% and 0.3% respectively. This is due to the changes in recompression work and 

maximising the highest combustion pressure with the greatest change in volume. In 

this model the engine favours oversquare or short stroke for higher efficiency. 

However, the increase in efficiency could be negated by an increase in surface area 

at TDC, leading to higher heat losses. A larger bore is usually beneficial in increasing 

volumetric efficiency, due to larger available area for the packaging of valves, inlet, 

and exhaust manifolds. 

 

Figure 4.29 A quasi-real expander optimisation – Crank throw length swing vs efficiency 

The final variables output from the expander optimisation are shown in Table 4.3.  

Table 4.3 Variables for the final optimised expander. 
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Piston Diameter 0.143 m 

Crank Throw 0.035 m 
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DOC 8 CAD 

Intake Air Temperature 600 K 

Intake Air Pressure 5.0  MPa 

Fill rate Intake P from IVO 8 CAD 

Exhaust Pressure 0.2  MPa 

Fuel LHV 45.5  MJ/kg 

AFR 21 
 

Volumetric efficiency 90 % 

Combustion Efficiency 90 % 

Thermodynamic Efficiency 79.6 % 

Combustion Thermodynamic Efficiency 71.2 % 

Expander Fuel Efficiency 51.9 % 

4.9 Comparisons 

Table 4.4 displays a summary comparison of the expander optimisation cases/steps 

that were taken through this chapter, with efficiencies and delta between each step 

shown. The optimisation of the combustion and valve timing represented the highest 

change to TE and EFE, 4.3% and 6.9% respectively. CTE shows the highest 

improvement with optimised ER but still shows a relatively significant improvement 

with optimisation of combustion and valve timings. Demonstrating combustion and 

valve timings are key variables to optimise the performance of the expander. 

Table 4.4 Efficiency comparison of the initial midpoint and optimised expander cases. 

Cases/Steps TE ∆TE CTE ∆CTE EFE ∆EFE 

Initial midpoint 72.5% - 63.5% - 43.9% - 

+ optimised combustion & valve timing 76.8% 4.3% 66.3% 2.8% 50.8% 6.9% 

+ optimised ER 79.4% 2.6% 71.4% 5.1% 51.6% 0.8% 

+ optimised engine architecture 79.6% 0.2% 71.2% -0.2% 51.9% 0.3% 

A comparison of the initial and optimised cycle pressure traces is shown in Figure 

4.30. Remembering that the area inside the curve represents the work captured 

from the expander, Figure 4.30 displays the losses from the compression of 

residuals from the previous cycle, negative work created with IVO before TDC, and 

lower peak pressures due to combustion happening over several CAD. also displays 

how a small amount of work could be recovered by acting more “diesel like” with 

peak pressure occurring at a larger volume later in the cycle in the pseudo-real case. 
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Figure 4.30 Comparison of 0D model pressure traces over three selected stages of optimisation. 

Pressure traces show that while the peak pressure is lower, due to increased 

change in volume smoothing out of the rate of change of volume from engine 

architecture optimisation, while the overall efficiency increased. A PV diagram 

highlighting the change in volume is shown in Figure 4.31. 

 

Figure 4.31 Comparison of 0D model PV diagrams over three selected stages of optimisation. 
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4.10 Discussion 

A short evaluation of the cycle and a Carnot analysis were performed in the first part 

of the chapter. Underlining the potential efficiency benefits of running the overall 

cycle colder.  

A 0D model was created and used as a method of evaluating the RSCE expander. 

This relatively simple method was used due to the difficulties of separating Rankine 

work from combustion work in commercial 1D models, such as GT-Suite and 

Ricardo Wave. The benefits of the 1D commercial applications is that they are more 

complex and representative of engines, with combustion and losses models more 

representative than the 0D model demonstrated in the piece of work. However, the 

0D model provides a good starting point for interrogation with more complex models 

or development and provides information on key metrics and differences to 

conventional cycles. 

The model demonstrates that TE alone should not be used as a metric when 

evaluating the expander in isolation of other systems. As Rankine work is “free” 

when using TE, this gives deceptive outcomes as to what is the most efficient 

method of operating the expander. Two metrics are proposed and described, CTE 

and EFE, which provide can provide a more apt evaluation of how well the expander 

is truly performing than TE alone. 

To maximise efficiency in the expander, volumetric efficiency must be as high as 

possible, combustion must start early as close to TDC as possible and as fast as 

possible, in line with conventional engines. In contrast to conventional engines, it is 

also key to minimise IVP while keeping IVC as close to TDC as possible.  

Optimum efficiency is dictated by several extra factors dictated primarily by the 

changes in valve timings. The optimum expansion ratio is heavily dependent on 

valve timings, such as IVO due to recompression work. To maximise efficiency over 

a range of operating conditions, the expander architecture will need to be flexibility 

in the valve lift and/or timings, and/or variable ER of the expander. 

Optimisation of the combustion and valve timings are the key first points to optimise 

the expander and bring about the highest return on efficiency for a given condition. 

The compressed air generated from the compressor needs to be transferred or 
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injected as close to TDC as possible to minimise negative torque and maximise the 

energy extracted from the fuel with minimal penalty. The period in which the 

expander acts as a “steam engine” should be minimised to ensure the expander 

does not under expand and maximise efficiency of the expander overall. IVP should 

only be long enough to allow the cylinder pressure to equalise with the upstream 

valve conditions. With the correct and optimised timing, the cylinder pressure could 

be larger than that of the upstream air pressure, due to pressure pulsation/ram air 

effect. 

A larger bore to stroke length is preferable. This should aid breathing and packaging 

issues, as there is more space for larger diameter or higher number of valves. 

Minimising IVP as much as physically possible will increase efficiency, as long as 

volumetric efficiency is maintained or increased. 

Running the intake air temperature colder, with high pressure, and high AFR would 

benefit the efficiency of the expander. Emissions control must be considered with 

high AFR. However, cold intake gas can mitigate this to an extent, but AFR would 

need to be limited. The efficiency of the overall RSCE system would need to 

consider the effectiveness of the recuperator in operating at lower temperature 

conditions and the cost benefit of the two. 

A slightly long conrod is preferable, which in turn can reduce friction but increases 

mass and overall size. The study suggested this is a relatively small window of 

optimisation. Shorter crank throws can marginally increase efficiency through 

optimisation. However, this will reduce torque on the crankshaft. This can be 

mitigated by larger cylinder bore and higher engine speed to maintain a rated power. 

There would be high speed engine issues with speed reducing volumetric efficiency 

and increased friction. 

There is merit in further study into offset crank and/or piston pin. This could provide 

positive efficiency gains through optimisation of the variation in dwell time and 

change in volume, by minimising the change in volume on the compression side 

and increasing the change in volume on the expansion side. 

To control combustion and maintain high efficiency with varying parameters, such 

as speed and load, variable valve timing, lift and/or duration will be required. This 
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would allow control of air breathing and pressure and temperature equalisation. As 

IVP length before TDC is detrimental to efficiency and SOC needs to start as close 

to TDC as possible, variable valve timing, duration, and lift combined would be the 

most effective method of control. As with variable lift and duration it is possible to 

reduce the duration required for a given engine condition. Illustrative examples of 

this for a given valve lift speed (lift/CAD) are shown in Figure 4.32 for three 

conditions with the same integral area. High load/speed condition a, medium 

load/speed condition b, and low load/speed condition c. 

 

Figure 4.32 Illustrative examples of methods of valve control for conditions of high (a), medium (b) 
and low (c) speed/load with the same integral area for the three speed/load conditions. With 

variable duration shown on the left, variable lift centre, and variable duration & lift on the right. 

Alternatively, a method of control of air temperature and density would allow 

variation of load for a fixed valve duration and lift. This could be achieved on the 

RSCE through a bypass valve route around the recuperator to blend hot air post 

recuperator and cold air from the compressor. If the exhaust temperature was lower 

than the compressor out temperature, the bypass would also enable the recuperator 

to not become a sink of energy that would reduce the overall efficiency of the 

expander. The other options to avoid this condition would be to decrease ER and 

improve the isothermal compression of the compressor. 

Summary of design considerations to achieve a high efficiency expander: 

• Combustion as close to TDC as possible. 

• Fast combustion. 

• IVP minimised as far as practically possible while still achieving airflow. 
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• IVC ideally at TDC or after TDC – balance between reducing 

recompression work and maximising expansion work. 

• Low expander intake temperature. 

• Air and fuel, as much as possible (high intake pressure, low intake 

temperature, low AFR, high combustion efficiency, high volumetric 

efficiency). 

• Minimise change in volume on the compression stroke near TDC to reduce 

compression work. 

• Long conrod. 

• Short crank throw. 

It is worth remembering that this model does not consider the potential reduction in 

work via quasi-isothermal compression and additional work from exhaust 

recuperation. If the recuperator can achieve a higher efficiency than the expander, 

then there is merit in overall system efficiency in decreasing ER, as shown by Dong 

et al [2]. The combustion power would increase with lower ER, as reducing ER 

increases the volume and therefore mass of air for a given IVC. However, a full 

transient system model would be required to understand and balance the competing 

efficiencies of the system as the exhaust and recuperator temperature changes at 

various load conditions in the duty cycle. The effects the above variables have on 

emissions must also be considered, such as AFR, temperature, etc. 
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Chapter 5 Are the responses of RSCE Expander like that of 

conventional ICEs? 

Investigations and experiments on a single cylinder research rig replicating 

the RSCE expander. 

5.1 Introduction 

This chapter primarily explores test bed data from a single cylinder research engine 

(SCCRE) that replicates the combustion cylinder in a RSCE. The aim of the 

investigations and experiments were to answer three main questions and aims: 

1. Does the RSCE combustion system responds in a similar manner to that of 

past conventional ICE engines? 

2. Are emission responses comparable or lower than that of the of other ICEs? 

3. To highlight any differences in responses to that of the conventional ICEs and 

expected results from the simple 0D model. 

It will not interrogate changes to engine architecture, such as ER, piston geometry, 

conrod length, etc. The variables that can and will be varied during testing will be 

outlined in the explanation and description of the SCCRE in the next section. 

Both emissions and efficiency responses to input variables will be explored in this 

section. Where possible, comparisons with the predictions from the 0D model will 

be made and evaluated. Definitively answering which combustion and flame 

phenomena are occurring will be difficult to achieve but can be discussed and 

inferred to an extent from responses. 

5.2 The Single Cylinder Combustion Research Engine 

Test bed parameters, thermodynamic and limited initial test data have been reported 

to an extent in previous published research by the author and others [2], [3], [152], 

[164], but will be discussed here in detail. An engine test bed for investigations into 

the combustion cylinder in the RSCE started testing at The University of Brighton in 

2016. Overall front and rear photographs of the SCCRE are displayed in Figure 5.1. 
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Figure 5.1 Front and Rear photographs of SCCRE and auxillary systems. 

The SCCRE is based on a Ricardo Titan single cylinder research engine, which has 

been modified and fitted with a hydraulic valve actuation system, high pressure 

intake system, gas burner, recuperator, and accompanying instrumentation. A high-

speed hydraulic valve actuation system is utilised on the SCCRE, as this enables 

full variation of inlet and exhaust valve timings. Modifications to the valve timings 

can be achieved statically and transiently for testing. Modifications to valve lift can 

be achieved pretesting through mechanical modifications.  

As explained previously, due to the RSCE design, the SCCRE runs a two-stroke 

cycle, i.e., combustion takes place once every 360 crank angle degrees (CAD). The 

SCCRE differs from the full RSCE architecture in that compressed air is supplied by 

an air bank and the recuperator is fed with hot gas from a methane burner. Rather 

than a compression cylinder feeding the combustion/expansion cylinder and hot 

exhaust gas feeding the recuperator. This enables a high degree of independent 

control of key variables that affect the air dynamics and combustion processes in 

the engine, primarily intake temperature and pressure, allowing isolation of the 

responses to variable changes. The temperature of the methane burner, and 

therefore the recuperator, and the air bank inlet pressure, can be varied throughout 
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the testing. Photographs of the 25MPa hydraulic oil system used to control the 

valves and the gas burner and recuperator systems are shown in Figure 5.2.  

  

Figure 5.2 Photographs of the hydraulic pack (left), comprising of an oil reservoir and a high 
pressure and low pressure oil pump, and the gas burner and recuperator (right) systems of the 

SCCRE. 

The SCCRE utilises a ceramic coating of stabilised zirconia to aid insulation of the 

expander cylinder to minimise heat losses to the surfaces of the piston, upper liner, 

and valves. This can be seen in the images in Figure 5.3. The details and 

effectiveness of these coatings will not be discussed, compared, or analysed in this 

piece of work. However, it is worth noting that these coatings have been utilised to 

produce the results presented in this chapter. 

   

Figure 5.3 Photographs of the ceramic coating utilised on the surfaces of the piston crown (left), 
upper liner cuff (left), cylinder head flame plate (middle), valve face (middle), and valve stem (right). 
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EN590 diesel fuel is utilised in the SCCRE experiments to allow comparison with 

other known diesel combustion literature. The diesel fuel is supplied through a 

production common rail direct fuel injection system, with a maximum working 

pressure of 120MPa (1,200 bar). Utilising a Mercedes Delphi common rail, Delphi 

1.5 fuel injector, found on many production Diesel engines, and a separate electric 

motor driven fuel pump. The Delphi fuel injector has 8 holes and a cone angle of 

156°. Baseline SCCRE main parameters are summarised in Table 5.1. 

Table 5.1 Initial SCCRE parameters. 

Feature Value/Description 

Bore 105mm 

Stroke 130mm 

Compression Ratio 18:1 

Injector Delphi DFI 1.5 

Injector Nozzle 8 holes, 156° cone angle 

Injector flow at 100 bar 800ml/min 

Combustion Chamber Open shallow bowl 

Inlet Valves Electro-hydraulic, peak lift ~3mm (cold) 

Exhaust Valves Electro-hydraulic, peak lift ~5mm (cold) 

A schematic diagram of the compressed air, nitrogen, and exhaust systems for the 

SCCRE test cell is displayed in Figure 5.4. This demonstrates the two high pressure 

air banks that feed the SCCRE. A high-pressure compressor fills the air banks 

overnight to reach maximum pressure (20 MPa) but can also be activated during 

testing to ensure a longer supply at higher pressures. Typically, the engine is 

supplied with 2 to 4 MPa air supply to simulate the compressor. 
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Figure 5.4 Schematic of working fluid and hot recuperator gas supply of the SCCRE test cell. 

To simulate nitrogen injection into the compressor and therefore dilution of the 

intake air, a bank of cylinders can be partially filled with pure nitrogen before filling 

the remainder with air to reach the desired nitrogen enrichment. A nitrogen dilution 

of 18% oxygen by volume is typically utilised for nitrogen dilution tests on the 

SCCRE, as this replicates a modest amount of dilution why keeping above oxygen 

levels that could potentially cause hypoxia, such as shortness of breath (16%) or 

loss of consciousness (10%), in unforeseen leakages or worst case events from the 

large air bank supply to the control room or test cell. Photographs of the two sets of 

20MPa air and nitrogen cylinder banks and the Hiflux recuperator are shown in 

Figure 5.5. 

  

Figure 5.5 Photographs of the two sets of 15 bottle high pressure cylinder banks (left) and the 
Hiflux recuperator (right) utilised on the SCCRE test bed. 
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5.3 Data Acquisition & Control Systems 

The data acquisition and control system can generally be split into three streams: 

control systems, high frequency (>1kHz) data acquisition, and low frequency 

(<10Hz) data acquisition. Several control systems exist for operating and managing 

the test bed, such as the high-pressure gas supply, methane burner, hydraulic 

valves, fuel injection, emissions analysers, and other sensors. Some of which are 

fully independent, such as the hydraulic valves and fuel injection systems. Whereas 

the others operate at set conditions managed by the main control computer, which 

runs a version of Horiba STARS Lite Engine test automation software. The Horiba 

STARS Engine acts as the main test bed controller and data logger, recording all 

the low frequency data acquisition, such as data from thermocouples, flow meters 

and emissions analysers. It can also request the IndiCom computer to record high 

frequency data, which is locally stored on the IndiCom computer. 

The separate computer running AVL IndiCom monitors and records the high 

frequency data from valve position sensors, Kistler pressure sensors operating in 

the combustion chamber and inlet manifold, and current clamp detecting the 

injection signal sent from the fuel injection system. A dedicated computer runs 

Emtronix which controls the fuel injection system, and another dedicated computer 

runs Ricardo R-Cube and ETAS INCA to control the hydraulic valve system. A 

diagram providing an overview of the computers, control systems independence, 

and interconnections is shown in Figure 5.6. 

 

Figure 5.6 Diagram of the interface between data acquisition systems for the SCCRE test bed.  
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To perform and gather data from the engine test bed, at least two operators are 

required. One to overseeing the computer running Horiba STARS Lite computer and 

the other operating the IndiCom, Ricardo R-Cube, and Emtronix computers. Four 

systems of data collection exist, a paper test cell logbook, an electronic logbook, an 

electronic engine test request (ETR), a low frequency data log file, and a high 

frequency data log file. Once an ETR set point has been achieved data collection is 

started and logged by the operator. Unless otherwise indicated, all tests and data 

were achieved at stable conditions, enabling reliable data acquisition over the 

duration of the test logging process. 

The STARS computer runs the low frequency (1Hz) data log collecting the average 

and range of data for each instrument. The STARS logging process takes a log over 

the course of one minute, first beginning with a purge of the Motor Exhaust Analyser 

(MEXA) system, before sampling instrument measurements in parallel. The 

computer running AVL IndiCom records a data set of 100 cycles when requested by 

the Horiba STARS machine or manually by the operator. From this the average of 

the 100 cycles, the individual cycles, and other data, such as IMEP, is recorded. 

A few key and atypical devices and instrumentation from the SCCRE test bed will 

be discussed in this section. The list will be non-exhaustive. A David McClure Ltd 

130kW 6,000 rpm dynamometer is utilised on the testbed. The dynamometer is 

operated through a D3000 Digital Dynamometer Controller. An AVL fuel balance 

733S is operated to conduct fuel flow measurements. A 1.25kN Novatech F256 load 

cell it utilised to measure torque. There are two measurements of engine speed; the 

primary engine speed measurement is provided by a Leine & Linde encoder, with a 

native resolution of 0.5 CAD which is fed to the AVL Indicom unit. The second is a 

hall effect sensor located on the flywheel. 

A Horiba 7170DEGR MEXA is utilised and measures HC, NO, NOx, CO, CO2, O2, 

and AFR. An AVL 415SE smoke meter is utilised to measure the filter smoke 

number (FSN) of the exhaust. Two Kistler pressures are utilised: 6125C measures 

cylinder pressure. 4007C100 with a cooling jacket measures inlet manifold pressure. 

A Bronkhorst mass flow meter was utilised; however, this was unreliable for pulsed 

flow measurements, therefore air mass flow measurements are typically calculated 

from fuel flow and AFR measurements unless otherwise stated. 
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Four MOOG E050-807 servo valves were utilised to operate the hydraulic valves. 

Valve displacement measurement was recorded through four LORD MicroStrain S-

DVRT linear displacement sensors. There were reliability issues utilising this 

approach to measure displacement of the valves. Maintaining calibration was 

difficult during testing. Therefore, these were primarily used to confirm valve event 

timings and profile of valve movement but were generally not be relied upon for 

direct measurement of displacement in distance. 

5.4 Equations & Definitions 

In addition to the equations discussed in Chapter 4, this section will outline further 

analytical equations specifically relating to evaluating the SCCRE data from the test 

bed, as well as definitions. The main additions now that the experiment moves out 

of the 0D and incorporates emissions testing. 

In the expansion cylinder of the RSCE, and other SCE, the capacity is not the swept 

volume, as in conventional ICEs, instead the volume at TDC, also sometimes 

referred to as the combustion or “dead” volume, is relevant. The capacity of the 

expander is a function of the dead volume size, intake pressure, intake temperature, 

and IVC. Intake valve period (IVP) is defined as the period from intake valve opening 

(IVO) to the start of intake valve closure (IVC) for the SCCRE testing, as this was 

the method taken by the engine operators. Exhaust valve period is defined as the 

period from exhaust valve opening (EVO) to the start of exhaust valve closure 

(EVC). Exhaust valve inlet valve separation (EVIVS) is defined as the period from 

EVC to IVO. An illustration of these definitions is shown in Figure 5.7. 

 

Figure 5.7 Illustration of valve period and separation definitions. 
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Ignition delay is (IGD) is defined as the difference from the SOI to SOC in CAD. 

Hydraulic delay is not considered. This is described in Equation (72). 

 𝜃𝐼𝐺𝐷 = 𝜃𝑆𝑂𝐶 − 𝜃𝑆𝑂𝐼 (72) 

5.4.1 Normalised Emissions 

Angular velocity and power must be defined, as these are prerequisites for 

calculating power, losses, and normalised emissions. Equation (73) displays the 

conversion from revolutions per minute 𝑛 to angular velocity 𝜔. The equation for 

power �̇� is shown in Equation (74), where torque is 𝜏. 

 
𝜔 =

𝑛. 2. 𝜋

60
 

(73) 

 �̇� = 𝜔. 𝜏 (74) 

The formula used for mass fraction burned is shown in Equation (75), where 𝑚𝑏 

denotes the mass burned. As pressure created by IVO can cause a pressure 

change not created by the change in volume, the mass fraction burned formula is 

slightly different from the conventional formula, as the calculation starts from the 

SOC, not from the first logged interval. 

 
𝑀𝐹𝐵 =

𝑚𝑏(𝑖)

𝑚𝑏(𝑡𝑜𝑡𝑎𝑙)
=

∑ ∆𝑝𝐶
𝑖
𝜃𝑆𝑂𝐶

∑ ∆𝑝𝐶
𝑛
𝜃𝑆𝑂𝐶

 
(75) 

To normalise emissions from the engine across speed and load ranges, brake 

specific emissions must be calculated. Therefore, exhaust mass flow must be 

known. In the absence of direct measurement, exhaust mass flow can be calculated 

by assuming all fuel, air, and combustion products exit engine through the exhaust. 

The amount of mass that is missed, such as from soot build up in engine and blowby, 

from this calculation is negligible. The calculation for exhaust mass flow is given in 

Equation (76), where �̇�𝑒𝑥ℎ is the exhaust mass flow, �̇�𝑓 is the mass flow of fuel, 

and �̇�𝑎 is the mass flow of air. 

 �̇�𝑒𝑥ℎ = �̇�𝑓 + �̇�𝑎 (76) 
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Equation (77) displays conversion from exhaust mass flow to molar exhaust flow 

rate, 𝑚𝑜𝑙̇
𝑒𝑥ℎ. A molar mass of 29g/mol is utilised for the exhaust molar mass, 𝑀𝑀𝑒𝑥ℎ, 

in this piece of work. 

 
𝑚𝑜𝑙̇

𝑒𝑥ℎ =
�̇�𝑒𝑥ℎ

𝑀𝑀𝑒𝑥ℎ
 

(77) 

The equation to calculate the mass flow of the emissions, �̇�𝑒, is shown in Equation 

(78). Where 𝑀𝑀𝑒 is the molar mass of the emissions, 𝑉𝐹𝑒 𝑑𝑟𝑦 is the dry volume 

fraction of emissions, and 𝑘ℎ𝑢𝑚 is the humidity correction factor. A humidity 

correction needs to be applied to convert from dry to wet air. As no dynamic intake 

humidity data is available on the engine and as the engine is supplied by a bank of 

compressed air cylinders, which is pressurised with an industrial air compressor with 

a humidity collector before the HP air regulator, there is a set moisture/humidity 

content that is produced. Therefore, for all data produced from the SCCRE the 

correction factor is assumed to be constant. 0.9 is used as the assumed value for 

the humidity correction factor 𝑘ℎ𝑢𝑚. 

 �̇�𝑒 = 𝑀𝑀𝑒 . 𝑉𝐹𝑒 𝑑𝑟𝑦. 𝑚𝑜𝑙̇
𝑒𝑥ℎ . 𝑘ℎ𝑢𝑚 (78) 

The mass flow of emissions can then be used to calculate the brake specific 

emissions (BSE). This is displayed in Equation (79), where 𝐵𝑆𝑒 is BSE. 

 𝐵𝑆𝑒 =
𝑚𝑒

𝑊𝑏
 (79) 

As previously discussed in Chapter 4, the work created from the expander can be 

misleading when evaluating the expander in isolation of the compressor. Therefore, 

a further calculation for the expander specific emissions (ESE) is shown in Equation 

(80), where 𝐸𝑆𝑒 is the ESE. This will not fully capture the losses but is another useful 

metric for evaluation of the engine. 

 𝐸𝑆𝑒 =
𝑚𝑒

𝑊𝐸𝐴
 (80) 

Brake specific fuel consumption (BSFC) is displayed in (81), where 𝐵𝑆𝐹𝐶 is the 

BSFC. 
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 𝐵𝑆𝐹𝐶 =
𝑚𝑓

𝑊𝑏
 

(81) 

Expander specific fuel consumption (ESFC) is displayed in (82), where 𝐸𝑆𝐹𝐶 is the 

ESFC. 

 𝐸𝑆𝐹𝐶 =
𝑚𝑓

𝑊𝐸𝐴
 

(82) 

5.5 Comparison & Evaluation of Real Expander Pressure Trace Data 

In this section, selected experimental results from the SCCRE will be reviewed and 

compared to illustrate the fundamental differences brought on by combusting at the 

representative conditions of a real RSCE expander engine. Some of results have 

been reported in past research [164] but will be discussed here in more detail and 

compared to conventional a Diesel ICE and the 0D model to highlight the key 

questions regarding how the RSCE combustion system operates. The two 

comparisons will be discussed in this section. 

5.5.1 Comparison with Conventional Engine Data 

A comparison of three pressure traces can be seen in Figure 5.8, a comparison of 

PRR and ignition delay is also shown in Table 5.2. One pressure trace is that of a 

conventional Diesel cycle from a Ricardo Hydra single cylinder research engine at 

2,000 RPM, air fuel ratio (AFR) of 21 and 140MPa rail pressure. The two other 

pressure traces are from the SCCRE and are of differing intake pressures (3.85MPa 

and 2.89MPa) at 1,200RPM, 21 AFR and 120MPa rail pressure. The valve events 

for the SCCRE are noted at the bottom of Figure 5.8, the valve events of the 

conventional Diesel pressure trace are not noted. All tests displayed in Figure 5.8 

have the same start of injection (SOI) timing of -4 CAD. 
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Figure 5.8 Comparison of three pressure traces. Two from the SCCRE at 1,200 RPM and one from 
a conventional Diesel engine at 2,000RPM. All at 0.69 equivalence ratio (21 AFR). SCCRE data 

previously reported in [164]. 

It can be seen in Figure 5.8 that the two pressure traces of the SCCRE do not 

resemble that of conventional Diesel or Otto ICEs pressure traces. There is a small 

increase in pressure at -35 CAD as a small amount of residuals from the previous 

cycle are compressed. Before a sudden large increase in pressure at intake valve 

opening (IVO) is recorded, as air is introduced into the chamber and equalises to 

the set inlet manifold pressure. Pressure equalisation occurs before the maximum 

valve lift of 3mm is achieved. The intake valves close (IVC) after TDC when 

expansion is already underway and, depending on the case, combustion may 

already be occurring. A more detailed investigation of the air motion during these 

steps will be covered in Chapter 6. 

Table 5.2 Comparison of maximum PRR and ignition delay of the three pressure traces presented 

in Figure 5.8. 

Pressure Trace Maximum PRR (MPa/CAD) Ignition Delay (CAD) 

SCCRE 3.95MPa 1.0 11 
SCCRE 2.99MPa 0.6 14 

Conventional Diesel 1.0 9 
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Comparing first the two SCCRE pressure traces: Both cases have identical valve 

timings, injection timings, operating at 1,200RPM, 120 MPa rail pressure and an 

AFR of 21. However, they differ in manifold pressure and intake temperature. As the 

methane burner that feeds the recuperator is at the same set temperature (~1,080K) 

in both cases and the mass flow of air through the recuperator increased with 

pressure, this led to a variation in temperature between the two cases. The 3.95MPa 

intake pressure case has a decreased ignition delay of approximately 3 CAD and 

increased PRR of 0.2MPa/CAD compared to the lower 2.99MPa case. Both cases 

display a small increase in pressure around 3 CAD with similar PRR. This is most 

likely the result of reflected pressure waves in the cylinder but could be a small initial 

heat release. This is followed by the main heat release, with an earlier and faster 

burn in the 3.95MPa intake manifold pressure test point. 

Comparing the conventional Diesel and 3.95MPa case: Both the 3.95MPa SCCRE 

and conventional Diesel pressure traces have similar maximum PRR of 

approximately 1.0MPa/CAD, with the 2.99MPa displaying a slightly lower maximum 

PRR of 0.8MPa/CAD. Similarly, the higher pressure SCCRE case and conventional 

Diesel differ marginally in ignition delay, with ignition delays of 11CAD and 9CAD, 

respectively. The lower pressure 2.99MPa case displayed a longer ignition delay of 

14CAD. However, once the differences in RPM are considered, the Diesel pressure 

case demonstrates that the higher temperature and pressure in the conventional 

Diesel trace is resulting in almost 167% increase in PRR. Both comparisons 

demonstrate that increased PRR, and therefore reactivity, is still primarily dictated 

by pressure and temperature conditions of the charge air. 

5.5.2 Comparison with the 0D Model 

To compare a real data case with the 0D model, first a few inputs and assumptions 

are required to from the real data case. Two key inputs are temperature and 

pressure. The pressure of the intake is 2.99MPa. Temperature is 802K out of the 

recuperator. There are caveats with the temperature measurement, as this is the 

measured gas temperature out of the recuperator and may not be fully 

representative of the temperature of the gas in the chamber once it has equalised 

with the pressure upstream of the valves. 
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For this case, SOC is assumed to begin at 9.4 CAD. It is not possible to say 

accurately whether combustion occurs before this point without optical data. 

However, as SOI begins before IVC, it is likely there is a small amount of combustion 

occurring before this point that cannot be detected. 

The valve timings, intake pressure fill rate, DOC are then best fit to provide a 

comparison with the 0D model in this first case. Figure 5.9 demonstrates real 

pressure data compared with a best fit of the 0D model. 

 

Figure 5.9 Example of best fit approach of 0D model with real pressure data. 

A pressure volume (PV) diagram is shown in Figure 5.10 below of the real and best 

fit data. This comparison begins to highlight some of the issues with the best fit 

approach, such as at which point SOC begins. The high-pressure pumping loop is 

clear from the real data. Ideally this would be minimised or eliminated to maximise 

efficiency. There are issues with the best fit approach for evaluating the combustion 

work, Rankine work, and performance of the expander. Valve timings do not fully 

match, due to valve size, valve movement, differential pressure and mass flow rate 

calculations are not incorporated in the 0D model. 
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Figure 5.10 PV diagram comparison of best fit approach and real data. 

There are issues with inlet pressure fluctuations and combustion pressure which are 

not captured accurately. These issues are evident when comparing the pressure 

change not created by changing volume between the real and best fit case, shown 

in Figure 5.11. The Figure shows a variable rate of PRR would have made an 

improved comparison for initial chamber filling, dependant on valve geometry and 

movement. A fluctuation could have been added for the period between chamber 

filling and SOC. Though this would need to be tuned. Instead of a DOC producing 

a constant heat release, a heat release map with increasing heat release around 

50% burn would have yielded better comparisons. However, the aim was not to 

create a high precision model but to investigate the effects of major variables. 

Comparing the GW from the best fit (709.17J) vs the real case (714.09J) shown in 

this section, the best fit approach achieves a high accuracy, within 0.7% of the real 

case. 
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Figure 5.11 Comparison of 0D model best fit with real pressure change data. 

For a real case to evaluate Rankine work, combustion, and efficiencies realistically, 

accurately, and quickly, the pressure data from the real case will be used up until 

SOC. Rankine expansion pressure will then be calculated from the change in 

volume after SOC using Equation (57). Which can then be utilised to generate work 

and efficiencies. An example using the data presented in shown in Figure 5.12.  

 

Figure 5.12 Example of approach to calculate Rankine work from real pressure data. 

There remains an issue of deciding at which point SOC begins when looking at a 

combustion trace, such as the one shown in  Figure 5.12, to calculate the Rankine 
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pressure trace without combustion. Once IVC has occurred it can be assumed that 

any pressure change after IVC can be attributed to pressure created by combustion. 

However, pressure waves detected by the pressure sensor still make this an 

estimate with ~1-2 CAD accuracy. This typically only has a small effect on work (0-

20J) created as combustion and Rankine work, which is acceptable. If fuel is 

injected before IVO and ignites before IVC, it will not be possible to capture this from 

the pressure trace. 

The difference and improvement of the best fit approach compared to that of 

calculating pressure change due to volume from SOC is shown in Table 5.3. Gross 

Rankine work (GRW) showed the greatest difference between the two methods, 

with a 10.5% decrease in in the volume after SOC method compared to the best fit 

approach. 

Table 5.3 Comparison of best of fit approach and volume method after SOC. 

Metric 
Best Fit 

Approach (J) 

Volume after 

SOC Method (J) 

Difference 

(J) 

Percentage 

Difference 

Gross Rankine Work 170.06 153.91 16.15 10.5% 

Recompression Work -196.04 -207.94 11.90 6.1% 

Combustion Expansion Work 544.03 555.26 11.23 2.1% 

Expansion Work 347.99 327.32 20.67 6.3% 

For analysis of the rest of the cases presented in this chapter, the approach of 

calculating the pressure trace from volume after estimated SOC will be used to 

evaluate Rankine work. Rather than a best fit approach utilising the 0D model, this 

will enable higher accuracy and produce a faster result. 

5.6 Injection Timing Swing 

5.6.1 Aim 

Injection timing swings have been shown to be a useful tool for lowering NOx 

emissions in conventional engines, due to late combustion phasing enabling lower 

peak combustion temperatures. However, they have typically incurred a trade off 

with efficiency, and increasing fuel consumption. As demonstrated in the 0D model 

and in conventional engines, combustion closer to TDC creates higher pressures 

and temperatures, this allows for a greater expansion and therefore captured work. 

The aim of this swing was not to produce positive work or high efficiency, but to 

investigate the combustion sensitivity to injection timing, and its effect on emissions. 
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Therefore, a relatively early IVO and long IVP is utilised to give a stable condition to 

operate within. 

5.6.1 Data Quality 

Issues were present with the high-speed cylinder pressure data in this set of testing. 

Unresolved, this would affect the pressure and combustion calculations. However, 

this does not impact low speed data and other areas and evaluation of ignition delay 

can still be interrogated. There were questions on whether this data is real and 

produced from other phenomena such as Helmholtz resonance, detonation, knock, 

or other type of combustion. However, the presence of this noise throughout the 

signal, presence in the non-combusting periods of the pressure trace, and 

consistent oscillation attributed this to damage to the sensor or possibly a consistent 

source of unknown noise. 

For the high-speed cylinder pressure data for this set of testing, a centred moving 

mean average (CMA) was applied to reduce noise and produce a smoother signal 

from the data. The length of the average was minimised as much as possible to 

avoid eliminating accuracy and fidelity from the high-speed data. The CMA was 

taken over 3 data points. Summing the previous and following data point for the 

CMA. The data is recorded from Indicom at intervals of 0.5 CAD. Therefore, the 

average is over 1.5 CAD. An example of the raw cylinder pressure data compared 

to the 3-point CMA is shown in Figure 5.13. The graph focuses on the intake 

pressure waves and combustion as this is the location of the highest amount of 

noise. 
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Figure 5.13 Injection Timing Swing – Raw cylinder pressure data compared with the 3 point centred 

moving average. 

This is not a perfect solution, as some fidelity and accuracy is lost on SOC and 

lowers peak pressure, but this provides a more realistic dataset to be utilised to 

calculate pressure changes, work, and efficiency. There remains a small amount of 

noise in the 3-point CMA data, most notably just after peak cylinder pressure. 

The improvement the CMA brings when analysing the data is clear when comparing 

the calculated pressure change from the raw data and several CMAs of differing 

lengths. Figure 5.14 displays a comparison of the raw data with CMA of lengths of 

3, 5 and 7 points. There is a significant improvement in noise reduction from the 3 

point CMA, with lower improvements when increasing to 5 and then 7 point CMA. 

However, there is a large effect on the peak cylinder pressure at 5 and 7 CMA. For 

these reasons, the 3 point CMA was chosen as the optical to use for the data. 
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Figure 5.14 Injection Timing Swing – Pressure change calculated from raw data, 3 point CMA 

(3PCMA), 5 point CMA (5PCMA), and 7 point CMA (7PCMA). 

All of the cylinder pressures and resulting calculations in the rest of Section 5.6 

Injection Timing Swing will utilise the 3-point CMA approach on the test data. 

5.6.2 Initial Conditions 

The initial conditions for the SOI swing are shown in Table 5.4.  

Table 5.4 Initial conditions of the injection timing swing tests. 

Quantity Value Units 

Intake Pressure 2.5 MPa 

Rail Pressure 80 MPa 

Engine Speed 1200 RPM 

AFR 21 - 

Intake Valve Opening -35 CAD ATDC 

Intake Valve Period 30 CAD 

Exhaust Valve to Intake Valve Separation 15 CAD 

Exhaust Valve Opening 175 CAD ATDC 

Gas Burner Temperature 1073 K 

Figure 5.15 displays the valve setup for the injection swing. 
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Figure 5.15 Injection Timing Swing – Valve profiles. 

Table 5.5 displays the test number with the differences in SOI. SOC, IGD, GIMEP 

mean and GIMEP standard deviation (SD) is also shown. 

Table 5.5 Injection timing swing tests. 

Test 

Number 

SOI (CAD 

ATDC) 

SOC (CAD 

ATDC) 

IGN Delay 

(CAD) 

GIMEP 

Mean (Pa) 

GIMEP SD 

(Pa) 

1 -6.0 4.4 10.4  394,627   12,816  

2 -5.0 4.9 9.9  394,233   8,351  

3 -4.0 7.4 11.4  395,944   11,689  

4 -3.0 10.0 13.0  393,541   7,997  

5 -2.5 9.4 11.9  383,862   9,074  

6 -6.0 4.4 10.4  395,386   11,219  

7 -7.0 2.4 9.4  393,895   12,238  

8 -8.0 2.0 10.0  394,307   6,234  

5.6.3 Results & Analysis 

5.6.3.1 Cylinder Pressure 

The pressure traces of an injection timings swing are displayed in Figure 5.16. The 

SOI swing is performed from -8.0 to -2.5 CAD ATDC. 
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Figure 5.16 Injection Timing Swing – Cylinder pressure traces 

Figure 5.17 displays the Rankine pressure traces for all 7 test points. In theory all of 

the Rankine pressure traces should be identical. However, due to pressure sensor 

error, the variation in start of SOC, and therefore variation at which point the change 

in volume method begins, there is a variation in the Rankine pressure trace. There 

are small variations in recompression work of 6.3J, 9.4J in Rankine expansion, and 

6.5J in GRW. This results in a worst-case variation of 2% in recompression work 

and 3% in Rankine expansion work. This variation is considered small and 

acceptable across the test points.  

 

Figure 5.17 Injection timing swing – Difference in Rankine pressure traces 
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The PV diagrams for the test points are shown in Figure 5.18. This figure highlights 

a reduction in high pressure pumping loop work across the test points. With earlier 

ignitions resulting in almost no high-pressure pumping loop. 

 

Figure 5.18 Injection timing swing – PV diagrams 

5.6.3.2 Ignition & Combustion 

The trend in ignition delay remains constant from -8 to -6 CAD SOI timings, before 

increasing at a steady rate between -6 and -2.5 CAD. The approximate ignition delay 

can be seen in Figure 5.19. The ignition delay of 11.7 CAD can be attributed as the 

fastest rate of ignition at the set experimental conditions, while the late combustion 

phasing is expected to decrease as the bulk of the fuel burns later in the chamber. 

The sinusoidal movement of the piston is expected to quickly reduce the 

temperature and pressure and therefore reaction times, as the piston no longer 

moves out of the dwell zone at TDC. It is for the same reason that burn angle and 

PRR are seen to follow the same trend, i.e., the reaction rate has an inverse 

relationship with ignition delay with decelerating reaction time and accelerating 

ignition delay time. 

0.0E+00

5.0E+05

1.0E+06

1.5E+06

2.0E+06

2.5E+06

3.0E+06

3.5E+06

4.0E+06

4.5E+06

5.0E+06

6.00E-05 1.20E-04 2.40E-04 4.80E-04 9.60E-04 1.92E-03

P
re

s
s
u

re
 (

P
a

)

Volume (m3)

1

2

3

4

5

6

7

8



169 

 

Although the general trend is positive, test points with -7, -5 and -2.5 SOI have a 

slightly lower ignition delay than the preceding SOI timing. These couple of CAD 

changes roughly match that of the pulsations of inlet pressure. The variation in 

ignition and CE could be the result of changing air dynamics occurring around the 

varying points of SOI, with higher pulsations and turbulence at points after IVO. 

However, this result on its own is not enough evidence, especially with the resolution 

of a 1 CAD change is not enough and without repetition of the test points. 

 

Figure 5.19 Injection timing swing – Ignition delay 

Mass fraction burned is shown in Figure 5.20. This again highlights the earlier 

ignition with earlier injection. The mass fraction burned shows the burn rate is faster 

in the earlier injection cases. There are two potential main causes of this. Due to 

SOC starting later in the cycle, a degree of expansion of the gas has already 

occurred. Leading to lower combustion temperatures, as well as shorter duration of 

sustained higher temperatures, as the cylinder and expansion accelerate. As the 

SOI moves further away from IVC, there may be lower mixing and kinetic potential 

available to break up and accelerate atomisation of the fuel spray. 
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Figure 5.20 Injection timing swing – mass fraction burned. 

5.6.3.3 Efficiencies 

Figure 5.21 displays the CE for the test points. There is not a consistent response 

in CE to injection timing. There is a relatively large variation in CE, from 49 to 63% 

overall. As CE can only be calculated after IVC, there will likely be some combustion 

occurring while the inlet valves are open which is missed, especially in the earliest 

injection cases. Following the earlier suggestions of effects of temperature and 

atomisation, it would have been expected that both causes would lead to increased 

CE. However, it may be the case that with earlier SOI there is an increased amount 

of burning before IVC, leading to less pressure build up and therefore a higher 

amount of fuel being uncaptured as a pressure rise in the cylinder. 

 

Figure 5.21 Injection timing swing – Combustion efficiency 
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A comparison of efficiencies against SOI is displayed in Figure 5.22. EAW is 

negative in these cases, due to the large amount of recompression work required in 

these test points, therefore EFE is not reported. There is a small increase in CTE 

and CE from -8 to -6 CAD ATDC. This is either due to less combustion occurring 

while the intake valves are open, and/or there is an increase in air fuel mixing. TE 

remains high, due to “free” Rankine work, at between 55.2 and 62.5%. TE and CTE 

both decline with retarding SOI timings, this is expected with later and lower peak 

pressures and the high-pressure pumping loops with later SOI timings. BE is 

between 20.4 and 26.9%, there is an inconsistent response which is due to the 

variability of CE.  

 

Figure 5.22 Injection timing swing – Efficiencies 

5.6.3.4 Emissions 

Figure 5.23 displays the NOx and FSN responses to the SOI swing. The NOx follows 

the expected response of decreasing with retarded injection timing, as there is a 
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lower temperature. However, there is a slight increase in NOx at -3 CAD. This could 

be attributed to a slight increase in AFR at this condition. The FSN is relatively high 

in this setup, suggesting poor mixing or atomisation at these conditions, and 

decreases with SOI. This suggests that the conventional NOx soot trade-off is not 

occurring in these test conditions. The flat or trending downwards BSNOx could be 

attributed to lower temperatures at the SOC in combination with increased mixing 

rate. This may explain why FSN has started to decrease. As SOI occurs while the 

inlet valves are open, earlier combustion may be impeding the turbulent kinetic 

energy and flow created by the intake valves. Fuel consumption and NOx trade-off 

is still present with SOI timing changes. 

 

Figure 5.23 Injection Timing Swing – NOx and FSN response 

Figure 5.24 displays the BSHC. Generally, BSHC increases with later SOI timing. 

This is due to relatively constant power output of the engine over the swing, higher 

HC emissions with later SOI, and the variability of CE that was previously discussed. 

There appears to be a trade-off in FSN vs BSHC, with retarded SOI producing higher 

BHSC and lower FSN. This suggests there may be a phenomena decreasing the 

mixing rate at a certain point, this may again be the result of combustion during IVP 

impeding bulk mixing or other mixing motion. 
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Figure 5.24 Injection timing swing – BSHC response 

5.6.3.5 Other Variables 

It must be noted that heat in the recuperator can vary depending on the load and 

thermal mass. Figure 5.25 displays the high-pressure inlet air temperature post 

recuperator. The effect of residual heat in the recuperator can be seen in when 

comparing Figure 5.25. There is a loss in recuperator outlet temperature as the tests 

are performed. This can be seen in Figure 5.25, where the repeated initial point (-6 

CAD ATDC) shows a 50K loss between the start and end of the swing. This does 

not appear to have had affected the response to NOx, FSN and HC during the 

injection swing. It would be expected that the NOx would be lower at lower inlet 

temperatures but NOx at -8 SOI is higher than that of -2.5 SOI. 

 

Figure 5.25 Injection timing swing – Inlet temperature 
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The AFR is shown across the swing in Figure 5.26. This generally has an acceptably 

small variation of ±0.25 from -8 to -3 SOI. However, the AFR drops to 20.1 at -2.5 

SOI. However, this has not affected the BSHC and FSN at -2.5 SOI. 

 

Figure 5.26 Injection timing swing – AFR 

Figure 5.27 displays the mass flow rate calculated from the AFR and fuel flow rate. 

While the inlet air temperature may vary throughout a test due to the thermal energy 

in the recuperator, the pressure remains fairly constant. Combustion before IVC will 

also impede air flow into the engine. 

 

Figure 5.27 Injection timing swing – AFR calculated mass flow rate. 
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displaying a strong positive correlation with SOI. This could be due to fuel burning 

in the exhaust, but does not have a clear relationship with NOx, FSN, or HC. As it 

would be expected that more fuel combustion in the exhaust would produce lower 

FSN and HC, as well as higher NOx. This effect could be purely a result of later 

combustion phasing and a slightly lower effective ER. 

 

Figure 5.28 Injection timing swing – Exhaust temperature 

There is a small difference in torque which can be attributed to the changes in AFR 

and airflow, this can be seen in Figure 5.29. However, torque and power are almost 

constant throughout the test points. With a range of 48.3 to 51.0Nm. 

 

Figure 5.29 Injection timing swing - Torque 
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5.7 Intake Valve Opening & Exhaust Valve Separation Swings 

5.7.1 Aim 

As first discussed in Chapter 4, due to the induction event of the RSCE and SCCRE 

occurring near TDC, the valve timings have a much greater effect on efficiency and 

combustion than those of conventional engines. As IVC occurs near the end of the 

exhaust stroke or at the beginning of the combustion stroke, small changes to the 

position of the piston relative to IVC can have a major effect on the volume available 

to fill. Therefore, effecting the residual gas from the previous cycle (EGR) and the 

oxygen mass available for combustion. This can have an effect not only dilution but 

residual temperature within the chamber. In cases where IVC occurs after TDC, a 

large amount of air can continue to enter the chamber as the chamber attempts to 

equalise with the upstream pressure which can cause a further drop in temperature 

of the chamber gas on top of the expansion of the chamber. 

Earlier IVO has a negative effect on work output from the engine as the compressed 

gas entering before TDC is compressed again. Likewise, if IVC occurs after TDC 

this can inflate the work output from the engine. Ideally IVO needs to occur at as 

late of timing as possible to still enable effective transfer and equalisation of high-

pressure gas and heat from the recuperator. If IVO only occurred after TDC, the gas 

would undergo expansion and never equalise in temperature, leading to no 

autoignition due to low temperature conditions. 

As IVO and EVC occur over the same stroke, the period between EVC and IVO 

(EVIV) directly affects the amount of residual exhaust gas in the chamber from the 

previous cycle, acting as a method of EGR variability and control.  

5.7.2 Initial Conditions 

The constant set conditions for the intake valve opening and exhaust valve 

separation swings are shown in Table 5.6. 

Table 5.6 Initial conditions of the intake valve opening and exhaust valve separation swing tests. 

Quantity Value Units 

Intake Pressure 3.0 MPa 

Rail Pressure 120 MPa 

Engine Speed 1200 RPM 

AFR 21 - 
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Intake Valve Period 20 CAD 

Exhaust Valve Opening 180 CAD ATDC 

Gas Burner Temperature 1073 K 

The four valve profiles for the first four test points are shown in Figure 5.30. The 

intake valve profiles remain the same for the other 8 test points, however the 

exhaust valve profiles are advanced according to the EVIV separation. 

 

Figure 5.30 IVO & EVIV Swing – Valve Profiles 

SOI aimed to be constant throughout the swing. However, changes had to be made 

to the injection timing to ensure adequate and stable combustion throughout the 

entire swing of valve timings. This resulted in a 3 CAD variation in SOI across the 

test points, this is shown in Table 5.7. This is not an ideal comparison due to the 

change in SOI that was necessitated to maintain nominal combustion, but 

comparisons will still be interrogated to understand the effect IVO and EVIVS. This 

variation is captured to an extent in the ignition delay.  

Table 5.7 IVO & EVIV separation test points 

Test 

Number 

IVO (CAD 

ATDC) 

EVIV Sep 

(CAD ATDC) 

SOI (CAD 

ATDC) 

SOC (CAD 

ATDC) 

IGN Delay 

(CAD) 

GIMEP 

Mean (Pa) 

GIMEP SD 

(Pa) 

1 -25 10 -3.0 7.4 11.4  634,368   15,364  

2 -23 10 -3.0 9.4 13.4  712,123   17,170  

3 -21 10 -3.0 10.5 14.5  785,262   18,251  

4 -19 10 -3.0 6.5 10.5  729,204   24,443  
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5 -25 15 -4.0 7.4 13.4  644,454   17,541  

6 -23 15 -4.0 9.4 15.4  709,658   20,434  

7 -21 15 -3.5 9.4 14.4  767,513   18,383  

8 -19 15 -3.5 7.0 11.0  855,115   23,016  

9 -25 20 -5.0 7.5 15.5  626,497   13,068  

10 -23 20 -5.0 7.0 15.0  683,965   18,356  

11 -21 20 -4.5 4.9 11.9  720,159   15,597  

12 -19 20 -2.0 6.4 8.4  794,716   14,150  

IVO, EVIVS, and SOI are shown in Figure 5.31. This displays that as EVIV 

separation increased SOI was retarded to ensure stable and reliable combustion for 

each test point. As EVIVS increased, and at IVOs of -21 and -19 CAD ATDC, SOI 

was increasingly retarded. This could be the results of increased residuals and 

temperature, leading to decreased ignition delay and earlier SOC. This will be 

further evaluated in the next section. 

 

Figure 5.31 IVO & EVIV Swing – SOI timing. 

5.7.3 Results & Analysis 

5.7.3.1 Cylinder Pressure 

First, only test points 1-4 will be discussed to describe the effect seen on the PV 

diagram with the variation in IVO, shown in Figure 5.32. As previously discussed, 

retarded IVO creates a greater PV area and therefore amount of work to be captured 

due to the reduction in recompression work. It is clear from Figure 5.32 that test 

point 4 should produce the highest efficiency due to the later IVO and an earlier 

SOC. It is worth remembering the consistent SOI (-4 CAD ATDC) that was achieved 
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Figure 5.32 IVO & EVIV Swing – Test points 1-4 

Interrogating the pressure trace further by eliminating the change in pressure due 

to the change in cylinder volume is shown in Figure 5.33. This figure shows the 

difference in pressure change caused by the changes in IVO and displays the earlier 

onset of combustion that occurs in the -19 IVO case for 10 EVIV separation. The -

19 CAD case demonstrates lower ignition delay and higher PRR. There is an 

increase in the maximum pressure change of roughly 0.2MPa compared to the other 

three test cases. This could be attributed to moving towards a higher turbulence 

region or into another phenomena that is enhancing the atomisation and leading to 

a higher PRR. Theoretically this is an ideal scenario for expander efficiency, as this 

reduces the expander recompression work at the same time as creating conditions 

which reduce ignition delay and reduces the combustion duration of the fuel. 
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Figure 5.33 IVO and EVIV swing – Pressure changes for test points 1-4. 

Figure 5.34 displays the pressure change for test points 5-8. Test points 5-7 have a 

higher PRR than that of test points 1-3 but are similar in terms of max pressure 

change. There is a fairly consistent SOC and PRR among tests 5-7, with most 

retarded IVO having the latest SOC. These conditions are comparable to that of test 

point 4 in terms of PRR, but not in terms of maximum pressure change. Test 8 

however appears to have an early SOC around 9 CAD ATDC, before all of the other 

cases, but with a lower PRR that results in a later combustion. It is possible that pre 

combustion during IVP is causing a decrease in overall combustion PRR, impeding 

mixing and/or the flame propagation. Although there would be an increase in mixing, 

as SOI is closer to IVO, even with some retard of a couple of degrees in this case 

and increase in temperature due to residuals from the previous case. 

 

Figure 5.34 IVO and EVIV swing – Pressure changes for tests 5-8. 
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Figure 5.35 displays the pressure change from tests 9 to 12. Test points 10 and 11 

display similar PRR and responses to that of 5-7, but with a slightly lower peak 

pressure change. This is expected with a higher degree of residuals in the chamber. 

 

Figure 5.35 IVO and EVIV swing – Pressure changes for tests 9-12. 

From these cases it is possible that there is an optimum zone where fast or a premix 

style of air fuel preparation can occur, followed by ignition and combustion. Where 

there is just enough time to mix to form a premix style of combustion, but not enough 

energy to ignite early and ruin the formation of the premix. The EGR effect could aid 

in managing this by effecting both the temperature and the reaction chemistry. 
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Figure 5.36 IVO and EVIV swing – Ignition delay 

Lower temperatures would be expected as IVC goes further past TDC. Increasing 

EVIV separation would help retain an increasing amount of heat in the chamber, 

resisting unstable combustion at more retarded IVC timings. This is shown to have 

an effect in Figure 5.36. However, what is not anticipated is that ignition delay 

decreases to below that of the earliest IVO cases at -21 and -19 CAD. 

5.7.3.1 Efficiencies 

The effects of earlier ignition with retarded IVO is reflected when interrogating the 

efficiencies. Efficiencies for test points 1-4 are shown in Figure 5.37. TE increases 

as expected, as recompression work is minimised and more REW is generated. This 

is also why ETE and EFE continue to rise. CTE is highest in the cases with the 
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be attributed to unoptimized SOI, but this could be explained by a drop in 

temperature reducing reactivity throughout the combustion event as IVO is retarded 
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highest reaction rate, as shown in Figure 5.33, CE is lowest in this swing. This could 

be due to SOC occurring earlier than the other cases and possible ignition before 
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IVC. It is notable that there is a substantial benefit to be had if CE increased to result 

in EFE close to the ETE efficiencies of 40.2-50.6%. 

 

Figure 5.37 IVO and EVIV swing – Efficiencies for Test points 1-4, 10 CAD EVIV separation.  

Figure 5.38 display the efficiencies for test points 5-8. Late SOC of test point 8 

contributes to lowest TE and CTE. However, CE is highest in this test point. 

Generally, BE and EFE have increased in comparison to tests 1-4. This is due to an 
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due to trapped residuals retaining heat contributing to a higher reaction rate in test 

cases 5-7, and a slightly lower reaction rate in test point 8, as shown in Figure 5.34. 
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should act against the increase in temperature to a lesser extent. Because of the 

dilution, overall ETE drops slightly in comparisons to the 10 CAD EVIV cases, as 
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ETE is lower than Test point 4, however, highest EFE is higher due to 7.4% increase 

in CE.  

 

Figure 5.38 IVO and EVIV swing – Efficiencies for Test points 5-8, 15 CAD EVIV separation.  

Figure 5.39 displays the efficiencies for test points 9-12. Notable CE has again 

generally improved with increasing EVIV. However, the benefit this previously had 

on ETE and BE is now less than the negative effect on ETE. Resulting in a small 

reduction or stagnation in EFE across the points in comparison to the 15 CAD EVIV 

test points. 
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Figure 5.39 IVO and EVIV swing – Efficiencies for Test points 9-12, 20 CAD EVIV separation. 
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mass of air that can enter the cylinder, and reducing the differential pressure 

between the intake manifold and cylinder. 

The FSN response for all of the test cases is shown in Figure 5.40. The response 

follows the expected trend, with FSN increasing due to lower availability of oxygen 

and lower combustion temperatures. 

  

Figure 5.40 IVO and EVIV swing – FSN response. 

Figure 5.41 displays the BSNOx and ESNOx responses from the test points. There 

is a general trend between test three sets of cases for EVIV separation, with 10 CAD 
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the lowest. This is expected to an extent due to lower available energy to increase 
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Figure 5.41 IVO and EVIV swing – NOx responses. 

Figure 5.42 displays the HC responses from the test points. There again seems to 

be an outlier in the test point 2, suggesting there may have been an issue with the 

MEXA emissions readings recorded at that test point. The rest of the test points 

appear to follow a trend of decline from -25 to -21 CAD ATDC for IVO, before an 

increase at -19. This is an interesting trend when compared to that of CE and FSN. 

It would be expected for HC content to increase with FSN or remain fairly flat due to 

small variations in CE. It may be that mixing and/or combustion are not uniformly 

occurring across the chamber. Resulting in local areas of high mixing that do not 

combust and/or areas of poor mixing that do combust. 

 

Figure 5.42 IVO and EVIV swing – HC responses 
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5.7.3.3 Other Variables 

Figure 5.43 displays the graphs for calculated air flow and torque across the swing. 

As expected, air flow and torque increase in line with each other as IVO is retarded 

and decreases with EVIV separation across all cases, with the exception of the 10 

CAD EVIV -19 CAD ATDC case. This is likely due to the reduced ignition delay and 

interference of the SOC with IVC. Combustion occurring earlier and before IVC 

would impede the breathing of the expander as air is either not able to flow due to 

the flow of combustion products upstream of the intake valves, or lower differential 

pressure between the intake manifold and the expansion cylinder. 

 

Figure 5.43 IVO and EVIV swing – Air flow (AFR) and Torque 
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Figure 5.44 IVO and EVIV swing – Reuperator outlet (left) and exhaust (right) temperatures 

A key consideration at these conditions is that the inlet temperature is greater than 

that of the exhaust, therefore there would need to be a reduction in inlet temperature 

or ER to be achievable on a real RSCE. The objective of this swing was to 

investigate combustion response and efficiency and therefore exhaust temperature 

was not a concern. 

5.7.3.4 Discussion 
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temperatures at TDC of conventional Diesel ICEs, 500 to 1,000K compared with 

800 to 1,200K. The highest intake temperature in the SCCRE is limited by the heat 

supplied by the gas burner and recuperator. Whereas in conventional engines this 

is a function of intake temperature and CR. The pressures are generally lower in the 

SCCRE compared to a conventional Diesel, 2 to 7MPa compared to 6 to 12MPa. 

As previously discussed in Chapter 2, whereas LTC is forced on conventional ICEs 

through EGR and high AFR, the RSCE and SCCRE can theoretically achieve LTC 

through lowering initial temperature and late combustion phasing. This ensures 

expansion and combustion processes occur after TDC, thereby limiting the 

maximum temperature that the combustion gas can achieve during the combustion 

process. As well as having the potential to eliminate the negative effects EGR and 

high AFR have on efficiency, as well as being a much more effective method of LTC. 

In the RSCE the point of ignition can be as much as 30 crank angle degrees (CAD) 

after TDC, where some cooling of the charge will have occurred through heat losses 

and expansion of the compressed intake air. Additional reductions can also be with 

low adiabatic flame temperatures by dilution with EGR or nitrogen. 

The aim of this swing is to understand the combustion and emissions over the range 

of pressures and temperatures. The conditions will not be phased late after TDC to 

allow low intake temperatures to be achieved.  

5.8.1 Data Quality 

In the same manner as Section 5.6, a high amount of noise was present on cylinder 

pressure data. In addition, the pressure sensor reading dropping below zero after 

adjustment to absolute pressure. This made interpretation and calculations from the 

high speed pressure data impossible. Therefore, high speed cylinder pressure data 

will not be reported in the section, including calculations that rely on cylinder 

pressure data such as TE, CE, ETE, ignition delay, etc. 

5.8.2 Initial Conditions 

Test set conditions of the swing are shown in Table 5.8. EVIV separation is set at 0 

CAD to minimise the effect of residuals as much as possible. SOI is allowed to float 



191 

 

to maintain combustion throughout the swing but is set a stable nominal position for 

each test point.  

Table 5.8 Initial conditions of the inlet pressure and temperature swing studies. 

Quantity Value Units 

Rail Pressure 120 MPa 

Engine Speed 1200 RPM 

AFR 21 - 

Intake Valve Opening -30 CAD ATDC 

Intake Valve Period 20 CAD 

Exhaust Valve to Intake Valve Separation 0 CAD 

Exhaust Valve Opening 180 CAD ATDC 

The valve setup used for the intake pressure and temperatures swing is shown in 

Figure 5.45.  

 

Figure 5.45 Inlet pressure and temperature swing – valve setup. 

The desired and measured inlet temperatures and pressures for the 26 test points 

are shown in Table 5.9. In this experiment the methane burner was run at the 

maximum operating temperature and reduced by 25-50K for each test condition, 

over a range of pressures from 2 MPa to 4 MPa at 0.5 MPa intervals. 

Table 5.9 Inlet pressure and temperature swing – test points. 

Test 

Number 

Desired Inlet 

Pressure 

(MPa) 

Measured 

Pressure 

(Gauge MPa) 

Burner Set 

Temperature 

(K) 

Measured Inlet 

Temperature 

(K) 

1 2.0 2.04 1073 802 

2 2.0 2.04 1073 815 

3 2.0 2.05 1023 751 

4 2.0 2.05 973 667 

5 2.0 2.05 923 600 

6 2.0 2.06 873 544 

7 2.0 2.06 848 512 

8 2.5 2.49 1073 822 

9 2.5 2.49 1023 723 
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10 2.5 2.49 1023 717 

11 2.5 2.49 973 629 

12 2.5 2.49 923 564 

13 3.0 3.00 1073 718 

14 3.0 3.00 1023 633 

15 3.0 3.00 973 566 

16 3.0 3.00 948 537 

17 3.5 3.41 1073 667 

18 3.5 3.42 1048 623 

19 3.5 3.42 1023 585 

20 3.5 3.42 998 550 

21 3.5 3.43 973 521 

22 3.5 3.43 973 519 

23 4.0 3.93 1023 532 

24 4.0 3.94 1048 555 

25 4.0 3.90 1073 589 

26 4.0 3.98 1023 529 

The maximum inlet temperature achievable is limited by the heat transfer from the 

methane gas burner to the recuperator. The gas burner has a maximum operating 

temperature of 800°C. The heat transfer rate is limited by this upper temperature 

limit and the mass flow through the burner, which is a constant rate for each set 

temperature condition. 

The measured test point temperature and pressure conditions are shown in Figure 

5.46. Due to the higher heat transfer rate required to remain above the ignition point 

at greater mas flow rates, there is a decreasing number of test points for each 

pressure condition, i.e., at 2MPa bar there are 7 test points, while there are 4 test 

points at 4 MPa. 

The true temperature of the air in the chamber will be lower than that of the 

measured recuperator outlet temperature due to heat losses to the chamber, and 

energy loss due to choked flow conditions from the Joule-Thomson effect. 
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Figure 5.46 Inlet Pressure & Temperature Swing – Measured recuperator outlet pressure and 
temperature  

5.8.3 Results & Analysis 

5.8.3.1 Efficiencies 

Due to the issues with data quality previously mentioned, only BE will be discussed 

and evaluated in this section. The BE for the test points is shown in Figure 5.47. As 

air flow and fuel is added to the system BE increases as expected. The 0.2MPa 

swing shows a drop in CE at and below 544K recuperator outlet. As the autoignition 

temperature of diesel fuel is approximately 500K at standard conditions, it is likely 

caused by reducing CE, as less of the fuel auto ignites. 
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increase at the higher temperature. There is not enough information to access 

whether this is real. 
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Figure 5.47 Inlet Pressure & Temperature Swing – Brake efficiency. 

As the recuperator is fed independently from the exhaust, the effectiveness of the 

recuperator can be assessed by comparing the energy available from the exhaust 

and the amount of energy added by the burner. This is not a true measure of 

recuperator effectiveness, as a theoretical value is required to compare potential 

energy. For example, as the exhaust is not cooled, the theoretical energy available 

compared to the ambient temperature can be used to assess potential energy 

available. In a similar manner, as the air for the SCCRE is fed by a bank of 

pressurised cylinders which is regulated down, the air temperature entering the 

recuperator is typically below ambient temperature. Therefore, a theoretical value 

of ambient temperature can be used to understand how much energy is required to 

heat the air from ambient to the measured recuperator out temperature. Equation 

(83) displays the formula used for the so-called quasi-recuperator efficiency, 𝜂𝑄𝑅. 

For the analysis, constants for the specific heat of air and exhaust were used. Where 

𝐶𝑎𝑖𝑟= 1,100J/kgK and 𝐶𝑒𝑥ℎ= 1,063J/kgK. 𝑇𝑎 is the ambient temperature, which in this 

analysis was 298.15K, 𝑇𝑟𝑜 is the recuperator air outlet temperature, 𝑇𝑒𝑥ℎ is the 

exhaust temperature, and 𝜂𝑄𝑅 is the quasi-recuperator efficiency. 

 
𝜂𝑄𝑅 =

�̇�𝑎𝑖𝑟. 𝑐𝑎𝑖𝑟. (𝑇𝑟𝑜 − 𝑇𝑎)

�̇�𝑒𝑥ℎ. 𝑐𝑒𝑥ℎ. (𝑇𝑒𝑥ℎ − 𝑇𝑎)
 

(83) 
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The BE for the test points against quasi-recuperator efficiency is shown in Figure 

5.48. It is possible for the quasi-recuperator efficiency to be greater than 100% due 

to the separation of the exhaust from the recuperator and inclusion of the burner. It 

must be noted that this only considers the effect recuperator efficiency has on the 

expander and does not consider the benefit of recuperation on the system level of 

the RSCE. However, the cost of increased recuperation must be understood for the 

overall cycle. 

 

Figure 5.48 Inlet Pressure & Temperature Swing – BE against quasi-recuperator efficiency. 

Graphs of BE plotted against calculated air flow and torque are displayed in Figure 

5.49. BE should increase with airflow, as with a constant AFR more energy is added 

to the system. However, the gradient of BE increase decreases with increasing 
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Figure 5.49 Inlet Pressure & Temperature Swing – BE against calculated air flow (left) and torque 
(right). 

5.8.3.2 Emissions 
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Figure 5.50 Inlet Pressure & Temperature Swing – FSN against recuperator outlet temperature. 

An alternative graph is shown in Figure 5.51, in which FSN is plotted against the 

calculated density at the recuperator outlet. This more accurately captures the 

variation in measured temperature and pressure. This suggests a strong trend of 

exponential increase in FSN with density. However, this may not represent a 

complete picture due to the gas burner limitations. Resulting in the highest 

temperature of 315°C in the recuperator outlet at 4.0MPa, compared to 549°C in the 

highest 2.5MPa case. 
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Figure 5.51 Inlet Pressure & Temperature Swing – FSN against recuperator outlet density. 

The trend with density is still not expected, as with higher density it would be 

assumed that atomisation would increase and therefore there would be a lower 

FSN. Each pressure swing has a near constant gradient with FSN, with the gradient 

increasing with pressure. This suggests there is a pressure related phenomena that 

is causing a change in the gradient. A cause for this could be that the bulk and 

localised air motion changes at high pressure, which does not create the same air 

fuel conditions as lower pressure conditions, causing localisation of fuel mixture 

resulting in higher FSN. 

The BSNOx response against temperature for the test points can be seen in Figure 

5.52. Overall, engine out NOx production for the entire swing is low (< 8g/kWhr) over 

the range of inlet temperatures tested, compared to conventional ICEs. However, 

this does not subtract the “free” Rankine work and therefore the specific NOx will be 

higher once this is accounted for. With the exception of the two lowest temperature 

2.0MPa cases, there is a linear trend of BSNOx against recuperator outlet 

temperature, which would be expected. However, there is not enough test points at 

high temperature and high pressure to confirm that the cases follow the same trend 

at high temperature. The difference in BSNOx response at sub 650K suggests there 

is poor localised mixing at higher pressures, as NOx should more readily produce in 

the higher pressure conditions if other variables are maintained. 
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Figure 5.52 Inlet Pressure & Temperature Swing – BSNOx against recuperator outlet temperature. 

BSNOx plotted against recuperator outlet density can be seen in Figure 5.53. With 

the exception of the two highest density 2.0MPa test points, when plotted against 

density it appears that the 2.0, 2.5, and 3.0 MPa cases have similar responses, with 

the highest density cases of each producing similar BSNOx of around 5.7 g/kWhr. 

However, this is not the case for the 3.0 and 4.0 MPa cases, suggesting localised 

mixing is falling at elevated pressures, in line with the increased FSN responses. 

 

Figure 5.53 Inlet Pressure & Temperature Swing – BSNOx against recuperator outlet density. 
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The importance initial temperature plays in NOx formation is underlined when 

looking at BSNOx, shown in Figure 5.54. This displays that increasing exhaust 

temperature is not a prerequisite for NOx formation. This graph underlines again a 

difference in the 3.5 and 4.0MPa cases. 

 

Figure 5.54 Inlet Pressure & Temperature Swing – BSNOx against exhaust temperature. 

The BSHC response against recuperator outlet temperature is displayed in Figure 

5.55. Interestingly the 2.0MPa swing displays a different response to that of the 

other cases, which large follow a lower linear positive trend, whereas the 2.0MPa 

case displays a negative linear trend with increasing recuperator outlet temperature.  

 

Figure 5.55 Inlet Pressure & Temperature Swing – BSHC against recuperator outlet temperature. 
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5.8.3.3 Other Variables 

SOI against recuperator outlet temperature is shown in Figure 5.56. This display a 

guide for plotting the SOI required to provide stable combustion across this valve 

timing and engine speed for a wide range of pressures and temperatures. In the 

absence of high frequency pressure data to accurately access ignition delay, a 

rough assumption can be made by looking into SOI used during testing to maintain 

stable combustion. There is a linear trend in each pressure condition, with SOI 

requiring advancing with reducing recuperator outlet temperature. As well as SOI 

requiring retarding for a given intake temperature with increasing pressure. These 

both follow the expected responses as reaction rate increases with both increasing 

temperature and pressure. However, there is very limited change in SOI when 

comparing the 3.5 and 4.0 MPa cases. Suggesting and agreeing with previous data 

that poor air fuel mixing or another factor is impeding the overall reaction. 

 

Figure 5.56 Inlet Pressure & Temperature Swing – SOI against recuperator outlet temperature. 
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Figure 5.57 Inlet Pressure & Temperature Swing – Graphs of air mass flow against recuperator 

outlet temperature. Measured directly with a Bronkhorst air mass flow meter (left) and calculated 
using AFR and fuel flow (right). 

5.8.4 Discussion 

The inlet pressure and temperature swing suggests there are three fairly distinct 

combustion modes this set of testing: 

1. The lowest pressure 2.0MPa swing indicates relatively good mixing but poor 

combustion reaction rate. 

2. The medium pressure 2.5 and 3.0 MPa swings indicate both relatively good 

mixing and fast combustion rate. 

3. The highest pressure 3.5 and 4.0 MPa swings indicate relatively poor mixing 

but fast combustion rate. 

Optimisation and design of the combustion system required to enable the higher 

pressure cases to achieve a good level of mixing to reduce FSN and improve BE. A 

potential avenue for increased mixing and penetration for the high pressure cases 

could be to increase mixing. 
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5.9 Rail Pressure Swing 

5.9.1 Aim 

This set of test points aimed to understand if rail pressure has significant benefit to 

fuel atomisation and combustion in the same manner as conventional ICEs.  

5.9.2 Initial Conditions 

The set initial operating conditions of the SCCRE for the test points are shown in 

Table 5.10. 

Table 5.10 Initial conditions of the injection timing swing tests. 

Quantity Value Units 

Intake Pressure 3.0 MPa 

Engine Speed 1200 RPM 

AFR 21 - 

Intake Valve Opening -35 CAD ATDC 

Intake Valve Period 30 CAD 

Exhaust Valve to Intake Valve Separation 15 CAD 

Exhaust Valve Opening 180 CAD ATDC 

Gas Burner Temperature 1073 K 

The intake and exhaust valve profiles utilised for the swing are shown in Figure 5.58. 

 

Figure 5.58 Rail Pressure Swing – Valve setup. 

The SCCRE operating conditions across all rail pressure swing test points are 

shown in Table 5.11. A constant SOI of -6 CAD ATDC was utilised throughout the 

swing. AFR aimed to be 24, inlet pressure of 3.0 MPa, and a gas burner temperature 

of 1073K. SOC may begin earlier than can be seen in the high frequency cylinder 
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fully close until 5 CAD ATDC, this can be assessed in the CE data. 
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Table 5.11 SCCRE rail pressure swing operating conditions across all test points. 

Test 

Number 

Rail Pressure 

(MPa) 

SOC (CAD 

ATDC) 

IGN Delay 

(CAD) 

GIMEP Mean 

(Pa) 

GIMEP SD 

(Pa) 

1 40 8.0 14  440,702   12,485  

2 60 5.0 11  457,363   10,234  

3 80 4.0 12  467,403   9,179  

4 100 4.0 10  461,446   8,703  

5 120 4.0 10  462,914   9,187  

5.9.3 Results & Analysis 

5.9.3.1 Cylinder Pressure 

The recompression and calculated Rankine work are shown in Figure 5.59, there is 

minimal difference between the five test points. It is notable at this condition there 

is a relatively large high pressure pumping loop which will make these set of test 

points inefficient. However, they provide a stable point for assessing the effect of 

rail pressure, with SOC near TDC, combustion is stable across a range of rail 

pressures with a constant SOI. 

 

Figure 5.59 Rail Pressure Swing – Rankine PV traces. 
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Pressure traces initially suggest that there is still a mixing benefit in increasing rail 

pressure, as shown in Figure 5.60, with the 120 MPa rail pressure case having the 

highest peak cylinder pressure of 5.3MPa. 

 

Figure 5.60 Rail Pressure Swing – PV diagrams. 

5.9.3.2 Ignition & Combustion 

The mass fraction burned is displayed in Figure 5.61. There is an improved rate of 

heat release and decrease in ignition delay with higher rail pressure that. However, 

the rate of improvement decreases until there is a marginal improvement between 

test point 4 and 5.  

 

Figure 5.61 Rail Pressure Swing – Mass fraction burned. 
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5.9.3.3 Efficiencies 

When looking at the combustion efficiency vs CAD, shown in Figure 5.62, the same 

reasoning can be applied as for the mass fraction burned. Again, there is little 

difference between 4 and 5, with 5 also displaying higher reduction or apparent heat 

loss after the combustion event, leading to a lower CE at 90 CAD ATDC. 

 

Figure 5.62 Rail Pressure Swing – Combustion efficiency. 

The efficiencies for each test point are shown in Figure 5.63. The broadly consistent 

CE suggests there is not a significant portion of fuel combustion before IVC, as has 

been seen in other swings, such as in the injection timing swing in Section 5.6. 

However, the slight drop in CE at each point from 80 to 120 MPa suggests a small 

amount may be combusting before IVC. TE and CTE increase with rail pressure, 

due to the earlier ignition and faster heat release rate shown in MFB and CE plots. 

ETE increase up to 80MPa rail pressure, before stagnating due to no improvement 

in CW at the higher conditions, this is due to little difference in SOC and heat release 

rate at these conditions. EFE and BE increase for the same reasons of ETE, but 

also consider the slight drop in CE at pressures above 80MPa. Therefore, there is 
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80MPa test point. 
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Figure 5.63 Rail Pressure Swing – Efficiencies 

5.9.3.1 Emissions 

Figure 5.64 presents a comparison of rail pressure swings from the SCCRE and a 

conventional Diesel single cylinder research engine (Ricardo Proteus). FSN was 

observed to plateau at a lower rail pressure condition of approximately 100 MPa in 

the SCCRE, compared to the convention-al Diesel engines rail pressures of 

approximately 180 MPa. NOx emissions increased with increased rail pressure in 

the case of the SCCRE, suggesting the dependence is still in line with that of 

conventional engines. This is expected in both scenarios, as with higher 

temperatures carbonaceous matter is more likely to combust and NOx is more likely 

to be produced. However, as rail pressure increases to very high pressures (>100 

MPa) it would be expected in conventional engines for NOx to begin to flatten out. 

The linear response suggests that the local premixed air and fuel is closer to 

stoichiometric, rather than rich local equivalence ratio in Diesel engines. 
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Figure 5.64 Rail Pressure Swing – NOx and FSN vs rail pressure from the SCCRE at 1,200 RPM 
and 0.69 equivalence ratio (21 AFR) and from the Proteus at 1,250 RPM and 0.66 equivalence 

ratio (22 AFR). Data previously reported in [8]. 

The earlier plateauing of FSN with rail pressure, increasing NOx with rail pressure, 

and high PRR (relative to the low temperature and pressure conditions), suggests 

there is an amplified or new phenomenon enhancing the air fuel mixing before 

combustion in comparison to conventional Diesel combustion systems. The two sets 

of data suggest that mixing has been amplified while reactivity has declined. The 

decline in reactivity can be attributed to the lower peak pressures and temperatures, 

however the increased mixing warrants further investigation. 

Specific NOx results are displayed in Figure 5.65. The effect of removing Rankine 

and compressor work for the ESNOx is apparent when comparing the specific NOx 

response for these test points, as over half of the work is lost accounting for this. 

However, as previously discussed, the aim was not to produce a highly efficient and 

high power test point but to analyse the response to rail pressure. As rail pressure 

increases it would be expected for NOx emissions to increase as higher amounts of 

local mixing and combustion occur. This is shown to be the case in the specific NOx 

in line with the ppm shown in Figure 5.64. This does suggest there may still be 

further gains to be had from increasing rail pressure beyond 120MPa. 

0

0.5

1

1.5

2

2.5

3

0

500

1000

1500

2000

2500

3000

0 50 100 150 200 250 300 350

F
S

N

N
O

x
 (

p
p

m
)

Rail Pressure (MPa)

NOx SCCRE NOx Conventional Diesel

FSN SCCRE FSN Conventional Diesel



209 

 

 

Figure 5.65 Rail Pressure Swing – Specific NOx. 

Specific HC response is shown in Figure 5.66. Specific HC is shown to reduce from 

40 to 80 MPa and stagnate from 80 to 120 MPa. It would be expected for HC 

emissions to decrease as atomisation and combustion improve. The stagnation from 

80 to 120 MPa suggests there is not an additional benefit. 

 

Figure 5.66 Rail Pressure Swing – Specific HC. 

5.9.3.2 Other Variables 

Figure 5.67 displays the average IMEP over 100 cycles for each test point over the 

rail pressure swing. This displays the highest IMEP of 4.67 bar at 80 MPa before 
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Figure 5.67 Rail Pressure Swing - IMEP 

Air flow vs rail pressure is shown in Figure 5.68. There is a decrease in air flow from 

40 to 60 MPa, before an increase at 80 MPa followed by a plateau from 80 to 120 

MPa. Typically, it would be expected for air flow to be an indicator of torque at a set 

speed, with a higher mass flow of air allowing more fuel to combust for the same air 

fuel ratio. This is still the caser in the SCCRE and RSCE, however the variation in 

air inlet temperature must be considered as this can vary by a large amount, 

affecting the air flow and torque in the engine. 

 

Figure 5.68 Rail Pressure Swing – Air flow (calculated from AFR) 
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in Figure 5.69. Although the burner that feeds the recuperator is at a set temperature 
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the air flow and temperature of the recuperator. A relatively minor variation of only 
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4.40E+05

4.45E+05

4.50E+05

4.55E+05

4.60E+05

4.65E+05

4.70E+05

30 50 70 90 110 130

IM
E

P
 (

P
a

)

Rail Pressure (MPa)

42.2

42.4

42.6

42.8

43.0

43.2

43.4

30 50 70 90 110 130

C
a
lc

u
la

te
d

 A
ir

 F
lo

w
 (

k
g

/h
r)

Rail Pressure (MPa)



211 

 

  

Figure 5.69 Rail Pressure Swing - Recuperator HP out temperature 

Figure 5.70 displays the rail pressure swing vs high pressure recuperator out 

density. It would be expected that with the higher air density in the cylinder that fuel 

atomisation would increase. However, the change in cylinder air density is relatively 

small, with a difference of only 0.32kg/m3 from the lowest density (13.32kg/m3) and 

highest density (13.64kg/m3) in the rail pressure swing cases. 

 

Figure 5.70 Rail Pressure Swing - Recuperator HP out density 

Figure 5.71 displays the torque output for the rail pressure swings. Combined with 

CE and IMEP, this confirms the 40 MPa case has the poorest combustion but there 

is less variation amongst the other cases. 

 

Figure 5.71 Rail Pressure Swing – Torque 
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5.10 Nitrogen Dilution 

5.10.1 Aim 

As previously discussed in Chapter 3, dilution is another method of decreasing the 

formation of NOx, reducing the combustion temperatures and adiabatic flame 

temperature. Whereas this has been achieved previously through EGR, dilution 

using nitrogen is an alternative method to achieving oxygen dilution which has a 

negligible impact on the specific heat capacity of the working fluid and can be used 

as a coolant, if LN2 is utilised, to achieve isothermal compression in a RSCE. LN2 

can be green source of endothermic coolant and diluent if produced from renewable 

electricity. 

5.10.2 Initial Conditions 

The initial conditions for the nitrogen dilution tests are shown in Table 5.12. 

Table 5.12 Initial conditions of the nitrogen dilution tests. 

Quantity Value Units 

Intake Pressure 4.0 MPa 

Engine Speed 1200 RPM 

AFR 21 - 

Intake Valve Opening -30 CAD ATDC 

Intake Valve Period 25 CAD 

Exhaust Valve to Intake Valve Separation 15 CAD 

Exhaust Valve Opening 175 CAD ATDC 

Gas Burner Temperature 1073 K 

Three nitrogen dilution test points will be presented with a comparative atmospheric 

air condition test point. While not completely identical in conditions, the comparative 

test point has a valve profiles close to that of the nitrogen dilution case, as well as 

similar AFR, air flow, torque, and inlet temperatures. The test point valve setups 

vary by a couple of degrees, as shown in Figure 5.72, due to operator error from the 

manual setup of the valves. The peaks seen in the exhaust profiles are due to issues 

with the displacement assembly during testing. 
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Figure 5.72 Nitrogen Dilution – Valve setups for test points 1-3 and the comparative test point 4. 

The rail pressure and SOI for the 4 test points is shown in Table 5.13. There was a 

small swing in rail pressure for the nitrogen dilution cases. SOI aimed to produce a 

normalised stable combustion and therefore varied accordingly by the operator. 

Table 5.13 Nitrogen dilution test points 1-3 and comparative test point 4. 

Test 

Number 

Rail Pressure 

(MPa) 

SOI (CAD 

ATDC) 

GIMEP 

Mean (Pa) 

GIMEP SD 

(Pa) 

1 120 -6.6  898,571   15,555  

2 100 -7.6  893,358   14,231  

3 140 -8.0  894,727   17,101  

4 120 -4.0 881,893 14,253 

Air is diluted with pure nitrogen to obtain 18% oxygen by volume in the nitrogen 

diluted cases. The measured AFR and recuperator outlet temperatures are shown 

in Figure 5.73. The is a minor variation in AFR of 0.3 across all 4 test points. There 

is a minor variation in temperature of 6K, however test point 4 is 70K higher than 

test points 1-3. 

 

Figure 5.73 Nitrogen Dilution – Recuperator outlet temperature (left) and AFR (right) conditions 
obtained for the test points. 
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5.10.3 Results & Analysis 

5.10.3.1 Cylinder Pressure 

The cylinder pressure data for the three test points are presented in Figure 5.74. 

The effect the small change in IVO can be seen from the earlier cylinder pressure 

rise for test point 4. This also effects the timing of the pressure waves in the 

chamber, resulting in less airflow as IVC occurs during the pressure pulsation 

trough. 

 

Figure 5.74 Nitrogen Dilution – Cylinder pressure vs CAD. 
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Figure 5.75 Nitrogen Dilution – PV diagrams. 

5.10.3.2 Ignition & Combustion 

The mass fraction burned is presented in Figure 5.76. Again, the earlier SOC for 

test point 3 is observed. The faster combustion of test point 4 can be seen compared 

to test point 2. Although test point 2 has an earlier SOC, the faster heat release of 

test point 4 results in a similar 50% burn point for both cases. This is expected due 

to the higher amount of energy available in the standard air case compared to the 

N2 dilution case, due to the consistent AFR. 

 

Figure 5.76 Nitrogen Dilution – Mass fraction burned. 
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The AHR is shown in Figure 5.77. It is clear from Figure 5.77 that test case 4 adds 

more energy to the system. However, as seen in Figure 5.74 and Figure 5.75, this 

does not result in the highest cylinder pressure due to the retarded SOC compared 

to test point 3. Test points1-3 show increasing initial AHR rates with earlier SOC 

due to the combustion phasing into areas of lower cylinder volume change. 

 

Figure 5.77 Nitrogen Dilution – Apparent heat release. 

5.10.3.3 Efficiencies 

The efficiencies for the 4 test points are shown in Figure 5.78. By introducing dilution 

and lowering the quantity of fuel energy due to the constant AFR, TE will increase 

as a higher proportion of total work is performed by “free” Rankine work, in the same 

manner as increasing AFR. Even with a slightly lower heat release rate, this results 

in 1.4% increase in TE for test point 3 compared to test point 4. Test point 3 has the 

highest CTE due to early SOC and fast combustion, followed by test point 4. The 

CE for test points 1-3 are fairly constant within 0.9%. However, there is a drop in 

test point 4 of ~3%. Lower density due to slightly higher temperature likely reduced 

fuel atomisation. The nitrogen dilution may also allow a longer mixing time before 

ignition and during the combustion event. ETE is lowest in test point 4 at 46.5%, 

with test point 3 the highest at 47.8%. The highest ETE is explained again by the 

early SOC compared to the rest of the nitrogen dilution cases. Test point 4 is lower 

than the comparative test point 2 case due to the effect of valve timing, with the 

small difference resulting in increased recompression work that negates the positive 

effect of rapid heat release. BE is fairly flat with the nitrogen dilution cases with only 

a minimal difference of 0.4%. However, test point 4 is once again slightly lower due 

to the recompression work. 
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Figure 5.78 Nitrogen Dilution – Efficiencies. 

5.10.3.4 Emissions 

The FSN response for the 4 test points is shown in Figure 5.79. Not unexpectedly 

FSN increased for all of the nitrogen dilution cases, as there is less oxygen present 

in the mixture to react, compared to test point 4. With almost 3.5 times the FSN in 

test point 2 compared to test point 4. The fairly low recuperator outlet temperature 

of all the test points (608-694K) will have also played a role in increasing FSN. 

Interestingly FSN increased in test points 2 and 3 compared to test point 1. It is not 

obvious what has caused this difference. Overall FSN is still fairly high among all 

points and suggests there is improvements to be made in mixing and the reaction. 

 

Figure 5.79 Nitrogen Dilution – FSN. 
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The specific NOx results are shown in Figure 5.80. There is a large reduction in 

specific NOx in the nitrogen dilution case compared to test point 4, as well as 

generally compared to other specific NOx results from all swings. With an 84% 

reduction in ESNOx from test point 4 to 1. This is explained by the effect of dilution 

on adiabatic flame temperature. 

 

Figure 5.80 Nitrogen Dilution – Specific NOx. 

The specific HC emissions are shown in Figure 5.81. It would be expected for HC 

emissions to rise as the lower presence of oxygen leads to a lower number of 

interactions with oxygen. This is displayed in Figure 5.81, with test point 4 displaying 

a ~62% reduction in both BSNOx and ESNOx. However, the higher recuperator 

outlet temperature in test point 4 will have also helped reduce HC emissions. 

 

Figure 5.81 Nitrogen Dilution – Specific HC. 
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5.10.3.5 Other Variables 

The airflow and torque for the test points are presented in Figure 5.82. The torque 

drop is a direct response to the drop in airflow. Airflow and torque fall in test point 4 

due to the difference in timing and increased recuperator out temperature. 

 

Figure 5.82 Nitrogen Dilution – Air flow (left) and torque (right). 

5.11 Summary & Discussion 

The SCCRE suggests that the combustion responses in the RSCE are similar to 

those of conventional ICE responses. However, there are key differences in 

emissions characteristics and responses. NOx emissions specifically show a curve 

and response that suggest a local premixed style of combustion is occurring in some 

conditions. This is seemingly confirmed by a relatively high PRR with low CE. 

However, there is some inconsistent operation through a number of swings. This 

suggests that only part of the mixture is achieving a premix style combustion and 

there is a high degree of incomplete or uncombusted fuel. There are also high FSN 

conditions with low NOx, again suggesting low homogeneity throughout the 

combustion chamber.  

The efficiency results suggest it there is potential to achieve ultra-high TE of ~90%, 

however this does not consider the work performed by the burner. If there is a 

thermal store or mass of energy from a previous operating point, there is the 

possibility of achieving this efficiency for a period in a real engine. 
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Removing the Rankine work, the SCCRE shows proven ability to meet 50% ETE, 

even with the unoptimised expander system. However, poor combustion efficiency 

of 60-70% is currently limiting the potential overall efficiency. With a combustion 

system optimised and a fuel air mixing strategy utilised which capitalises on the 

architecture and operation of the engine, of EFE 50% can be realised. Coupled with 

a recuperator heat and quasi-isothermal compression, system efficiencies of greater 

than 50% are realistically achievable. 

Overall specific emissions demonstrated a range of NOx results from 2 to 10 g/kWhr, 

with the nitrogen dilution cases demonstrating a significant further reduction down 

to sub 1g/kWhr. With combustion optimisation and aftertreatment this has the 

potential to be further reduced with increases in power and mixture homogeneity. 

 

Chapter 6 How does the induction RSCE process function? 

Hypotheses and experiments on an optical flow rig investigating the air 

dynamics pre-combustion in the RSCE expander. 

6.1 Introduction 

The experimental results in the previous chapter prompted thoughts and ideas on 

the RSCE induction process. With questions over what is currently happening and 

how could the differences in the induction process be capitalised on to enhance the 

combustion process and achieve higher CE and lower emissions. This chapter 

present some concepts on the air transfer process and some initial experiments that 

were captured on an optical flow rig replicating the cylinder head of the SCCRE.  

6.2 Conceptual Air Transfer Process 

The transfer of the charge air from the inlet port to the combustion chamber in a 

RSCE is a very different process to that in a conventional ICE. In a conventional 

engine, the expanding volume of the combustion chamber during the induction 

stroke draws air into the combustion chamber. In the RSCE, the air is “injected” due 

to the high-pressure difference upstream and downstream of the combustion 

cylinder intake valves. This creates a unique air injection event in SCEs not typically 

found in reciprocating ICEs. 
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Air assisted fuel injectors have been mooted in the past [165]–[172], where the aim 

has been to impinge high speed and density air with the fuel spray. In these studies, 

air assisted atomisation displayed promise for enhancing fuel atomisation, but 

adoption of air assisted atomisation in a conventional ICE architecture has so far 

been deemed prohibitive by manufacturers, possibly due to the potential gain versus 

the complexity and cost of adding and operating an auxiliary high pressure air 

system. The RSCE architecture lends itself to a form of high-pressure air assisted 

fuel atomisation, as a high-pressure working fluid source is readily available. 

However, the case in the RSCE differs from the air assisted atomisation literature 

[165]–[172], as the chamber pressure is low at the start of the air and fuel injection, 

and the air is heated by exhaust gas. This enables a higher-pressure difference than 

performed in the assist air literature to date and creates a lag in temperature 

equalisation, as the air expands and then compresses downstream of the poppet 

valves. Theories and hypotheses on the dynamics of this process will be described 

in this section. 

At the start of IVO, the pressure difference across the intake valves in the RSCE is 

up to 7.0MPa, varying depending on load conditions. These high differential 

pressures can create a choked flow at IVO which continues until the pressure ratio 

between the chamber and manifold is below 1.893 for dry air, a simple illustration of 

this is presented in Figure 6.1. The choked flow initially limits the mass flow into the 

combustion chamber, causing it to accelerate to supersonic speeds after the poppet 

valve constriction and display supersonic phenomena, such as shocks. As the air 

pressure equalises between the upstream and downstream conditions after IVO, 

the flow is no longer choked as the pressure ratio lowers. This occurs approximately 

over 5 to 10 CAD, depending on IVO and EVC timings and intake manifold pressure. 

This causes the air to experience a large expansion initially at IVO followed by a 

compression, as the air pressure equalises between the manifold and the 

combustion chamber. Therefore, there is a large variation in the state, density, and 

temperature of the air in the chamber as it first expands and then compresses during 

the air injection and pressure equalisation events. 
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Figure 6.1 Simple 2D diagram of combustion chamber with inlet air jets in SCCRE. 

It is difficult and computationally expensive to model the full conditions in the RSCE, 

due to the potential supersonic and/or supercritical conditions prevailing the air flow 

dynamics, moving geometry, fuel injection and combustion dynamics. For this 

reason, CFD studies to date have been simplified, utilising steady upstream flow 

conditions, static geometries and/or 2D models [81], [173]. For the same reasons, 

an experimental approach was taken using test rigs to investigate and describe the 

induction event in the engine. Previous CFD studies indicated that the injected air 

is at supersonic conditions at the beginning of IVO and predicted high turbulent 

kinetic energy in the combustion chamber [81]. Air velocities were predicted to be 

150 to 500 m/s [81] compared to the 10 to 30 m/s typically observed in conventional 

ICEs. This creates unique flow dynamics across the whole chamber but specifically 

around the inlet valves, close to the injection point and on the cylinder walls. 

6.3 Hypotheses 

It is proposed the atomisation and combustion processes in the SCCRE, and 

therefore the RSCE and other SCEs, are primarily driven by the unique air 

dynamics. This is thought to causes the air fuel mixture to have a high amount of 

premix (regardless of the direct injection of the fuel) before combustion, giving rise 

to low emissions and rapid mixing of the fuel producing the PRR, NOx, and FSN 

responses presented in Chapter 4. The exact physical phenomena that have caused 

this increased mixing are unknown. From analysis of test bed data and the literature 

relevant to various jet dynamics, three hypotheses are proposed here that alone or 

in combination could contribute to the enhanced mixing observed.  
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6.3.1 Hypothesis 1: Increased Mixing Driven by Increased Charge Air 

Bulk Velocity, Swirl & Turbulences 

Atomisation and combustion dynamics in modern diesel fuelled engines are 

primarily driven by high fuel injection pressures and low swirl ratios (<2). Mixing is 

largely driven by high injection pressures, usually in excess of 200 MPa with some 

systems approaching 400 MPa [174], promoting atomisation of the fuel jet and 

mixing with the charge air. Bulk structured air motion via swirl contributes to air-fuel 

mixing but to a lesser degree than that of the high injection pressure of the liquid 

fuel spray. 

It is proposed that in the case of the RSCE the opposite is true, leading to fuel 

injection pressures of 100 MPa being sufficient. With high air velocities from injection 

of air into the combustion chamber resulting in large scale flow structures and higher 

turbulence, directly affecting the Weber number and thus the atomisation processes. 

The high-pressure ratios, of up to 70 to 1, between the inlet duct and combustion 

chamber will cause higher air velocities and could induce swirl or tumble like motion 

in the combustion chamber. Enhancing swirl has been shown to decrease ignition 

delay and combustion duration but typically incurs higher pumping losses in Diesel 

ICE [175]. In the Aumet Z engine, another SCE variant, novel valves were utilised 

to generate air flow conditions with high swirl ratios (20-40), high velocities (> 

100ms-1) and low NOx emissions reported [128], [176]. This suggests similar inlet 

air driven mixing could be occurring in the SCCRE. 

It is proposed the high velocities induced during air induction in a RSCE result in 

residual air motion still present at the start of injection of the fuel. This promotes 

enhanced mixing before ignition and a high fraction of the fuel reacts from a lean 

dilute mixture resulting in low NOx emissions and a high rate of heat release. 

Lean premixed combustion in swirling flames has shown potential to reduce NOx 

emissions in non-engine experiments, resulting in a blue ‘cool’ flame [177], [178]. 

Characterisation of these diffusive flames have been performed on methane and 

hydrogen low swirl burners but there is little experimental literature characterising 

blue “cool” swirling flames with a Diesel fuel [175], [177], [178]. The small initial PRR 

after TDC could be an indication of blue “cool” flame kinetics before the main 

autoignition, due to a lean to stoichiometric local equivalency ratio air fuel mixture, 
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high swirl, and turbulence in the chamber. However, further research is needed 

before this can be said with any certainty. 

6.3.2 Hypothesis 2: Increased Mixing Driven by Impinging Jet, Airblast 

& Crossflow Atomisation 

The very high-pressure ratios create inlet air conditions that are expected to be 

closer to that of a rocket injector than that of a conventional ICE. This creates a 

curtain jet of air past the constriction of the poppet valves of high density and velocity 

air, which would only occur when the air flow through the valve is choked, i.e., above 

the minimum pressure ratio (1.893 for dry air). The fuel injector is located centrally, 

and the fuel spray injects into the area where this air jet curtain would materialise. 

Potentially producing impinging, crossflow, or transverse jet atomisation effects, as 

the fuel jet interacts with this high velocity air flow field. A simple diagram showing 

how these two flows may interact is shown in Figure 6.2.  

 

Figure 6.2 Simple 2D diagram of combustion chamber with fuel and air jets in SCCRE. 

Impinging jet atomisation has been shown to produce rapid atomisation of the fuel 

spray but has typically focussed on liquid nitrogen and/or liquid oxygen mixtures at 

sub to supercritical conditions into sub to supercritical environments [95]. It is 

proposed that if the air jet is still present at the start of injection, the interaction of 

the two jets would promote rapid breakup of the fuel spray, mixing and combustion. 

As discussed in Section 2.5, there is little literature on air assisted atomisation in 

ICEs and typically they have been at low air injection pressures (<1.0MPa). Air blast 

atomisation and crossflow atomisation at high pressures (>1.0MPa) have seen 

wider experimentation in literature associated with applications such as rockets, 

ramjet, scramjet, and gas turbine combustors [96], [98], [179]–[183]. Generally 
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higher pressure and velocity conditions have demonstrated enhanced mixing, with 

high velocity subsonic and supersonic crossflow conditions producing rapid mixing 

in comparison to coaxial jet injection [179]. Both primarily utilised relative velocity 

and density as a route to increased mixing. However, as the high pressure research 

has typically been focussed on rocket and ramjet applications, the experiments 

involved an open volume and have had difficulties in combustion stability and 

performance in the past, with the physiochemical mechanisms at supersonic 

conditions still not well understood [183].  

The conditions in the RSCE differ from that of other comparable high-pressure 

impinging jet literature, as a liquid diesel fuel spray is injected into a high-pressure 

gaseous air jet [95]. By virtue of being in a reciprocating engine the flow air flow field 

is further complicated by a closed volume compressing and expanding. At certain 

conditions and areas, the air may also be in a supercritical state. 

6.3.3 Hypothesis 3: Increased Mixing Driven by Pressure & Shockwaves 

As discussed in the previous section, at certain locations in the cylinder the flow field 

(most notably around the intake valves) the air may be supersonic and induce 

shockwaves, at least initially at IVO and while the pressure ratio is exceeded. These 

pressure waves could reflect off in-cylinder surfaces, superimpose, and affect the 

fuel breakup as they interface with the fuel spray. Chehroudi et al demonstrated that 

acoustic waves can affect jet breakup substantially, depending on the initial 

conditions of the fluid and chamber [184]. The research [184] utilised cryogenic 

nitrogen, injecting into chambers of 1.46 – 4.86 MPa and pressure ratios of 0.43 – 

1.43, with the acoustic wave induced by an oscillator at the injector at 161 to 171 db 

and two set frequencies of 2,700 and 4,800 Hz. Research has also shown that lower 

temperatures enhance shockwave propagation while higher densities inhibit this. 

Shockwaves have been shown to be induced by the fuel injector at low enough 

temperatures and charge air densities by Kook et al [185]. These could in theory 

propagate to a higher extent in the SCCRE and RSCE due to the lower temperatures 

and charge air densities. However, the shockwave induced by the injector will be of 

a lower magnitude than that of shockwave generated by that of the inlet valves. 

Other works have been produced studying shockwaves generated by the spray and 

the effect this has on spray penetration [186]. However, there is no research on the 
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effect of sprays interacting with shockwaves or reflected waves generated from 

another source in a closed volume. 

It is hypothesised that the choked flow conditions are enabling pressure and shock 

waves to form and enhance the breakup of the fuel spray in the SCCRE, as the 

spray interfaces with these induced reflected pressure waves in the cylinder. Forcing 

the spray and/or droplets to increase mixing due to the pulsating translational 

movement caused by these waves. 

6.3.4 Of Note – Diffusive Mixing 

After the primary jet breakup, that is mostly driven by Kelvin Helmholtz instabilities 

based on stripping of the potential core, diffusive mixing may become an important 

contributing factor in the secondary breakup of the liquid fuel, instead of 

“catastrophic breakup” based on Rayleigh Taylor instabilities common in diesel jets. 

Diffusive, transcritical and supercritical mixing has been shown to occur above 

supercritical pressure conditions in impinging jet atomisation experiments involving 

gaseous-gaseous interfaces [95], [187], [188]. Research by Manin et al. [101] has 

shown that injection conditions need to exceed that of the critical conditions of diesel 

(618K, 2.1MPa for decane) and air (133K, 3.8MPa) to exhibit transcritical or 

supercritical diffusive mixing phenomena while utilising a liquid diesel fuel. Surface 

tension forces were shown to diminish at these elevated conditions. If ligaments and 

droplets are already of a smaller size after the first stage of mixing, due to one of 

the hypothesis increasing atomisation, diffusive mixing could promote further rapid 

mixing in the second stage of atomisation that is not typically seen in conventional 

Diesel engines at low chamber pressures and temperatures (< 133K, < 3.8MPa). 

6.3.5 Comparison to Dec & Extended Dec Models 

Using the conceptual models created and extended by Dec and Musculus et al as 

a comparators [82], [94], it is expected that the standard Dec model is not a good 

comparison when LTC conditions are present in the RSCE. The Musculus et al 

extended Dec model is the most comparable [82]. However, in certain valve train 

and injection setups that the injection plume does not readily hold position, leading 

to greater spread and breakup of the first stage of ignition. 
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6.4 A Study of RSCE Expander Head Air Flow 

In the previous section three hypotheses were proposed that could be improving the 

mixing and combustion in the SCCRE. The hypotheses were formed purely on the 

operating conditions and evidence in the literature. In this section a test programme 

performed in collaboration with the Sheffield Advanced Manufacturing Research 

Centre (AMRC) will be described.  

AMRC designed a flow rig in collaboration with Dolphin N2 to flow and analyse the 

replicated cylinder head of the SCCRE with access windows below to an open 

volume. The author setup and conducted the Schlieren optical investigation and set 

the test conditions laid out in this chapter. 

The test programme was performed to optically capture the flow around the valve in 

order to study the processes taking place and validate the hypotheses. The 

collected data can help visualise the phenomena taking place through the air-fuel 

interaction in the RSCE and thus begin unpicking which of the phenomena 

described in the previous section are dominant and which are secondary. The flow 

rig replicates the valve geometry of the SCCRE, with no fuel injection or combustion, 

and static positions of valves. Several tests were conducted with varying valve lift 

and high-pressure conditions captured optically using a Z Schlieren setup. The 

optical work focussed on the near field flow around the valve seat at IVO. This was 

of interest to better understand the flow field that is created by the unique choked 

flow conditions around the poppet valve in the SCCRE. In the SCCRE the maximum 

valve lift is 3mm and pressure equalisation between the combustion chamber and 

the inlet manifold occurs before full valve lift is achieved. For this reason, this initial 

study will concentrate on valve lifts at 1mm and under. As there is no fuel injection 

and an open volume is used in this experiment, the effects these conditions have 

on the fuel spray and the effect of pressurisation cannot be ascertained from this 

first initial experiment alone. 

In the experiment high pressure tanks are filled with air before discharging through 

a regulator at a set pressure to a digital control valve. Before then passing through 

an air mass flow meter to the cylinder head. After passing through the head and 

past the valves, the air is discharged to atmosphere through a muffler. This does 

not capture any possible flow interactions and reflections that will occur in a closed 
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volume with a piston. The air jet curtain and mass flow were the main source of 

interest in this initial test. Optical access is below the head with two flat windows 

either side for imaging. Figure 6.3 to Figure 6.5 illustrate the experimental setup. 

 

Figure 6.3 ARMC flow rig head sensor layout. Credit to AMRC. 

 

Figure 6.4 AMRC flow rig head sensor layout (stepped cross-section). Credit to AMRC. 
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Figure 6.5 Overview of AMRC flow rig experiment setup. 

The camera utilised for the experimental studies is a Basler acA1920-40gm which 

utilise a monochrome sensor with a resolution of 1920 by 1200 pixels and a frame 

rate of 42 fps. This is considered fast enough and with a higher enough resolution 

for the this set of tests where the interest is focussed on the steady state conditions 

with a set valve lift and pressure conditions. The point light source utilised was a 

CREE XT-E royal blue LED with a custom driver.  

A range of pressures from 1.5MPa to 8.0MPa are tested at 1mm valve lift, with a 

further small number of tests at the maximum regulator pressure (8.0MPa) and 

decreasing valves lift, as well as number of valves open. The test schedule is shown 

in Table 6.1. 

Table 6.1 AMRC flow rig test schedule. 

Test Valves Open Lift (mm) Regulator Pressure (MPa) 

1 2 1.0 1.5 
2 2 1.0 1.5 
3 2 1.0 2.5 
4 2 1.0 2.5 
5 2 1.0 2.5 
6 2 1.0 5.0 
7 2 1.0 8.0 
8 2 0.5 8.0 
9 2 0.2 8.0 

10 1 0.2 8.0 
11 1 0.1 8.0 
12 1 0.1 8.0 

There is an expected drop in pressure between the regulator and the port, primarily 

due to the mass flow meter, but generally the pressure is consistent over the first 2s 
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of the experiments for all test cases. Figure 6.6 displays the measured mass flow 

from the Coriolis flow meter against time from the start of the command to open the 

electronic next to the regulator, measured at 0.1s intervals. There is a sudden 

increase in mass flow around 0.6 – 0.7s due in most of the readings due to the 

amount of air mass is required to pressurise the column of air between the cylinder 

head and the valve. Over the 1mm valve lift tests there is an expected larger 

increase of mass flow rate with pressure, as a larger amount of mass is required to 

bring the volume between the regulator and the valves up to higher pressure. 

 

Figure 6.6 Expander head flow rig measured raw mass flow against time data for the 12 test points. 

To calculate the approximate velocity through the valve, the equation for a truncated 

cone was utilised in combination with the valve lift geometry. Combined with the 

equation for the conservation of mass, the velocity in the valve seat can be 

calculated. The venturi incompressible flow method could not be utilised due to the 

choked from conditions at these test conditions, as the flow becomes compressible. 

To calculate density the thermocouple measurement at position TC3, shown in 

Figure 6.4, was utilised. This not ideal as it does not represent the true temperature 

of the gas through the port, which will invariably be higher due to the Joule-Thomson 

effect as the air flow moves through the intake and valve area. It is therefore likely 

that the velocity calculated will be inaccurate. However, it still gives a useful 
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approximation and response to the changes in pressure and valve area. The 

calculated velocity through the valve constriction is shown in Figure 6.7. 

 

Figure 6.7 Calculated velocity through valve constriction using conservation of mass, uncorrected 
for valve lift extension. 

At the higher-pressure test conditions, it was noted from the optical work that the 

valve stem was beginning to stretch by a large amount relative to the amount of lift 

that was set. This was most notable at the highest regulator pressure of 8.0MPa 

and the sub 1mm valve conditions. For this reason, the valve lift was corrected to 

account for stretch of the stem before the velocity is deduced through the 

conservation of mass equation. The velocity corrected for the extension of the valve 

under pressure is shown in Figure 6.8 and Figure 6.9. 
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Figure 6.8 Calculated velocity through valve constriction using conservation of mass, corrected for 
valve lift extension for test points 1-7. 

 

Figure 6.9 Calculated velocity through valve constriction using conservation of mass, corrected for 
valve lift extension for test points 8-12. 

Within a margin of tolerance for noise, the cases with 1mm valve lift (Tests 1-7) 

displayed velocities of ~46ms-1. As expected and shown in Figure 6.8 and Figure 

6.9, at lower valve lifts the velocity through the valve constriction increased with the 

same upstream pressure and temperature conditions. 

Figure 6.10 shows a Schlieren image of the air injection taken at 5.0MPa initial 

manifold pressure and 1mm valve lift, conditions representative of initial valve 
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opening and a third of maximum valve lift in the SCCRE. The optical focus in this 

setup is the edge of the valve seat. The resulting images suggest shockwaves are 

formed in the cylinder, supporting past CFD work that the flow field is at least 

partially trans/supersonic and could be enhancing atomisation processes, and flow 

rig data demonstrating the flow to be choked [81], [173]. The image shows the flow 

field to be complex and potentially highly turbulent around and below the intake 

valve constriction. Two bow shocks in front of the valve seat and a separate recess 

around the valves are observed. Downstream of the valves into the valve ‘curtain’ 

Mach disks appear to form downstream of the bow shocks. Other poppet valve 

investigations have shown similar flow fields produced at elevated pressures and 

relatively low lift conditions [189]. Finding this flow field in a conventional ICE 

cylinder head utilising air or other working fluid is a unique condition to SCEs. 

 

Figure 6.10 Schlieren of air jet ‘curtain’ created around poppet valve in first optical setup, at 
5.0MPa and 1mm valve lift. 

It is worth reminding that Mach disks are complex flow field structures made visible 

by abrupt changes in local density and pressure as the (typically supersonic) air 

passes through a series of standing shock waves and expansion fans. They typically 

appear when the static pressure of the air exiting a nozzle is less than the ambient 

pressure. The higher ambient pressure will then compress the flow, and if the 

resulting pressure increase in the air downstream is adiabatic, the reduction in 

velocity will also cause the static temperature to be increased. The pattern of disks 
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would repeat indefinitely if the gases were ideal and frictionless. However, 

phenomena such as turbulent shear causes the wave pattern to fade with distance. 

The focus of the image presented in Figure 6.11 is slightly offset of the centre line 

of the chamber and just below the valves. This area was chosen to enable 

examination of the interface of the shocks from each valve, as well as the transition 

zone beneath them. The initial manifold pressure and valve lift were set at 5.0MPa 

and 1mm valve lift, the same conditions as Figure 6.10. At these conditions, the 

structured flow diminishes approximately 5mm directly below the valves and the 

transition zone begins. However, the interface of the shocks created an almost 

completely vertical turbulent shock or possible Mach disks from the superimposed 

shocks.  

 

Figure 6.11 Schlieren of combining air jet ‘curtains’ below the poppet valves, slightly off centre of 

the centrally mounted thermocouple (TC2), in the second optical setup, at 5.0MPa and 1mm valve 
lift. 

Although the Schlieren results cannot be used to quantitively assess velocity, 

directions of flow and between that of the current initial experiment and a previous 

CFD case can be compared. Firmansyah et al. produced Reynolds averaged 

Navier-Stokes (RANS) results in Figure 6.12 [81] which was annotated by the author 

to display the areas optically captured in Figure 6.10 and Figure 6.11. The CFD case 

ran at 2.5MPa but as velocity is choked through the constriction the velocity is 

unchanged, enabling the cases to be compared. While the manifold pressures are 
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not the same and the exact low valve lift in the CFD case is unknown, there is a 

generally good agreement in terms of flow direction between the simulation case 

and the optical experiments. 

 

Figure 6.12 Annotated comparison of previous published RANS CFD work by Firmansyah et al. 

[34], with the two the areas of focus in the Schlieren optical setups, at 2.5MPa and low valve lift 
presented in Figure 6.10 and Figure 6.11. 

6.5 Discussion 

Several hypotheses were discussed for increased atomisation and fuel mixing in a 

RSCE or general SCE. It is clear from experimentation that the unique conditions 

from the high upstream pressure from the expander chamber can have an influence 

on the conditions and combustion. However, it is not clear for how long this takes 

place in the case of a closed volume, although the effects of the jets and 

shockwaves are likely to still be experienced after choked flow conditions have 

ended. It is clear that a conventional ICE filling and atomisation are not optimised 

for these conditions. There is the potential to use the high pressure air flow as the 

main source energy for of fuel atomisation, but the volumetric efficiency and other 

requirements of the expander must also be considered. A recommendation on 

potential combustion system pathways will be presented in this discussion. 

Two main development pathways are considered by the author. 1) Conventional 

fuel injector is utilised with targeted air jets created by choked flow conditions for 

rapid mixing at IVO. 2) Separation of the air fuel mixing and cylinder filling, through 

a combined fuel and air injector, such as a pintle injector, with conventional poppet 

valves utilised and optimised for breathing and volumetric efficiency. Both of these 



236 

 

pathways could produce on demand homogenous charge pressure ignition process. 

The process is roughly outlined below: 

1. At IVO, air starts to be injected into chamber, this high momentum cold air jet 

begins mixing with hot residual exhaust gas from the previous cycle. 

2. Fuel begins to be injected into air jet, relative low fuel injection pressure is 

required to keep droplets a relatively large size, allowing high amount of 

mixing due to catastrophic breakup of fuel droplets. 

3. Fuel stops injection. 

4. Air continues injection until pressure equalisation occurs between the 

upstream conditions of the valves and the expander chamber. 

5. IVC occurs at the point of pressure equalisation or capitalises on ram air 

effect/ pressure pulsations to trap a maximum volume in the chamber. 

6. Temperature equalises post pressure equalisation and causes multiple 

ignition points throughout the mixture. 

This ignition and combustion process could in theory achieve on demand premix 

combustion with controlled autoignition. However, for control over a range of 

temperature, pressure, and load conditions, variable valve duration and/or lift would 

be required to respond and control the autoignition event of the fuel as the chamber 

heats up. 

The Joule-Thomson effect must be considered for the fuel utilised, for air in the 

majority of conditions will present cooling. However, hydrogen fuel would induce 

heating and the propensity for autoignition from this heating would need to be 

considered and evaluated. 
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Chapter 7 Discussion, Conclusions, Implications & Future 

Direction 

7.1 Summary Answers to & Discussion of Research Questions 

In this chapter the answers to the questions laid out in Section 1.2 will be addressed 

and discussed in summary from the research. 

1. Can an ICE achieve both high efficiency and ultra-low emission combustion? 

It is possible for a reciprocating heat engine to be sustainable if it utilises a 

sustainable “green” chemical fuel and has a combustion system that produces 

low/zero toxic emissions. This will also require high efficiency to reduce wasted 

energy and lower the GHG emissions per joule or kWh used. 

From the simple analysis presented in Chapter 3 it is theoretically possible for an 

ICE to achieve 61% efficiency while staying below the NOx formation limit for a low 

toxic emissions ICE at source, i.e., in the combustion chamber with no 

aftertreatment. The bulk temperature of 2200K combined with good air fuel mixing 

should still provide enough heat for the combustion reaction to reach completion 

and not produce CO, soot, and other emissions from incomplete combustion. 

2. Can conventional Otto or Diesel ICE cycles and combustion methods meet 

both ultra-low emissions and high efficiency targets? 

While it is possible for conventional cycles to reach 61% efficiency, it is unlikely to 

achieve this in combination with low emissions, due to the coupling of high 

temperature and thermodynamic efficiency in conventional cycles. Toxic emissions 

can be reduced with low start of combustion temperatures and a premix style of 

combustion to reduce the formation of NOx and low soot. Conventional ICEs are 

unable to decouple the issue of high peak temperatures and efficiency, as they rely 

on maximising the difference in temperature through high compression ratios, which 

inherently leads to higher NOx.  

There are currently limited novel cycles being research which are able to decouple 

the high temperature requirement, due to the difference in temperature leading to 

higher efficiency. A thermodynamic cycle in which the temperature and entropy 
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difference can be maintained or increased for a lower maximum temperature is 

required. One novel thermodynamic cycle that has the potential to achieve this is 

the RSCE, due to the cooling of the working fluid in the compression stroke. 

3. What does the ideal RSCE expander thermodynamic cycle look like? 

The ideal parameters for the RSCE are not dissimilar to that of conventional ICE 

cycles. Combustion should occur ATDC but ideally as close to TDC as possible. 

Ideally combustion would occur as fast as possible. Unlike conventional cycles, it is 

beneficial for the expander efficiency for the IVP to be as short as possible and for 

the IVC to occur at or just after TDC. Ideally control of valve lift and duration would 

be required to maximise efficiency over a range of load, recuperator temperatures, 

and other conditions.  

The thermodynamic cycle tends towards an architecture with large bore with large 

or many intake valves to maximise volumetric efficiency, as well as reducing IVP to 

as short as possible. Consideration of peak change in volume and how this effects 

the recompression work during the upstroke. Consideration of effect of valve timing 

on architecture, with a change in valve timing this can cause a change in optimum 

ER. 

There needs to be consideration of the recuperator efficiency to understand whether 

decreasing ER in the RSCE expander would be beneficial to system efficiency. Past 

research suggests if the recuperator effectiveness is greater than ~70%, then 

decreasing ER would be beneficial to overall system efficiency. If the ER is 

decreased, the specific power of the engine can increase as volume at IVC dictates 

the amount of air in the chamber. There are potential further benefits of dropping 

ER in the expander for efficiency, making combustion more manageable and 

improving overall efficiency of the RSCE system. However, the effect on other 

losses must be considered and full system analysis would need to be performed. 

There are issues with testing the RSCE and expander in typical engine testing 

approached. Constant air flow or constant pressure approaches each have pros and 

cons. Constant air flow is constant Rankine work the other is constant combustion 

work. Ideally constant work for the transient condition of the recuperator temperature 

is required to be understood and test appropriately on a complete RSCE system. 
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4. Does the RSCE expander respond to stimuli in line with conventional ICEs 

and combustion methods? 

Broadly the RSCE expander responds in line with conventional ICEs. NOx soot 

trade-off is still present, and there are expected responses from the studies in line 

with ICE combustion. However, there are lower emissions responses than that of 

conventional ICEs, with NOx responses in particular suggest that there is possibly a 

higher amount of mixing occurring, at least in parts of the combustion chamber. 

Stable combustion was achieved over a wide range of conditions compared to 

previous research. However, soot responses at high intake pressures (4.0MPa) are 

high (~5 FSN), suggesting there is still plenty of improvement and development 

possible with the combustion system to increase mixing and provide higher loads 

(>0.9MPa GIMEP) and at higher speeds (>1,200 RPM) with low emissions 

response. The inlet conditions have a marked change on the inlet flow, atomisation, 

combustion, and fluid and thermal barriers typically formed in conventional ICEs. 

5. What are the potential fundamental physical processes governing induction, 

and therefore combustion, processes in the RSCE expander that are different 

to conventional ICEs? 

The high differential pressure across the intake valves has a profound effect on the 

flow field and breathing of the RSCE expander. Flow dynamics that are not typically 

attributed to closed volume combustors are created. This presents unique 

challenges and potential fuel atomisation gains for SCEs and the RSCE. High 

velocity and choked flow coupled with divergent valve geometry impedes the 

breathing of the expander and produces shockwave phenomena, at least during 

initial filling. There is the potential to use this phenomena as the main source of 

mixing, moving away from high pressure fuel led atomisation that has dominated 

diesel and recently gasoline engines over the last several decades. 

This presents an opportunity for a rapid on demand premix style of combustion in a 

direct injection engine with a single fuel injector. Capitalising on this requires a 

ground up rethink of the combustion system. With a pintle injector, crossflow 

atomisation, or other approach required to maximise mixing. 
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6. Could the RSCE expander achieve ultra-high efficiency and low emission 

combustion? 

The RSCE expander shows promise for achieving high efficiency and low emission 

combustion. With the expander alone proven to achieve a TE of 88.1% and BE of 

48.3%. However, as discussed, there are issues with using these metrics without 

the effects of compression work account for. The metrics proposed for accounting 

for this show best case ETE of 50.6% and EFE of 35.6%. However, a low CE of 60-

70% across all test points account for the large drop between ETE and EFE. If the 

combustion system is developed an optimised to 90+% CE, in line with conventional 

ICEs, it would be possible to achieve 50% expander efficiency, before the additional 

benefits of recuperation and quasi-isothermal compression are accounted for. 

Increasing volumetric efficiency through increased engine breathing and valve 

geometry is of interest to further maximise expander efficiency. As stated previously, 

a new combustion system designed from the ground up to capitalise on the unique 

conditions present in SCEs and RSCE will be required to maximise both CE and 

provide low emissions at high intake pressures.  

7.2 Future work 

Drawing from the experiments presented in this research, there are several thoughts 

and propositions for future work. It would be beneficial to repeat the experiments, 

especially in the cases where sensor error or reliability hampered a deep dive into 

high frequency cylinder pressure data. Particularly the pressure and temperature 

study, which are required to calibrate the engine for transient variations in 

recuperator temperature in operation. 

The optical investigation on the cylinder head airflow rig can be increased in levels 

of complexity. Introducing a closed volume, potential for alternative optical views, 

fuel injection, and variable intake air temperature are all considerations that could 

be added before the stage of utilising a fully optical reciprocating expander to assess 

the RSCE expander. Utilising a full optical single cylinder engine would be the ideal 

scenario. However, the high amount of soot and potential high PRR would cause 

concern for length of optical views and life of windows respectively. 
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There are two main potential developmental paths forward for development of 

combustion system to maximise energy output from fuel and reduce emissions, as 

outlined previously. An optical research rig without combustion would be a good 

starting point for future work on this area. This will likely lead to novel fuel injector 

and/or intake valve designs for SCE and RSCEs.  

Now that transferable understanding of the RSCE expander has started to be 

understood and can be compared to conventional ICEs, a move to green fuel 

experiments should be taken. There are further independent benefits to emissions, 

and potentially efficiency through fast burn rate, that can be had from these fuels. 

Specifically, soot can be reduced or eliminated completely through the purity and 

highly refined nature of a synthetic fuel compared to fossil fuel alternatives due to 

the nature of their production, or by using fuels that do not contain carbon, such as 

hydrogen. 

A full system incorporating the compressor and expander is required to understand 

the real cost and benefit to these systems, rather than ideal theoretical calculation. 

However, a high amount of independence is still desirable for experimentation. For 

example, it would be beneficial to have an exhaust fed recuperator in addition to 

another source of heating to replicate and investigate responses to certain 

conditions and load. As the gas burner on the SCCRE was also limited, an exhaust 

fed recuperator in tandem with a gas fed recuperator system would allow for control 

and further experimentation at higher temperatures.  

An investigation to an asymmetric injector would provide a relatively fast and 

relatively easy experiment to perform before combustion system redesign to gain 

some understanding of how the air fuel mixture is formed. 

Another source of airflow measurement, such as a venturi, would be beneficial to 

capture true airflow. Rather than relying on calculations based on fuel balance and 

AFR. 

There is potential development in temperature measurement of the intake air 

temperature entering the expander due to pulsed flow, as the k type thermocouple 

approach provides a time average. A high speed temperature measurement would 

be of interest for CFD study data inputs and comparison.  
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Appendices 

Appendix 1 

Estimates used for vehicle cost per year calculations (including capital) for UK class 

8 truck. Infrastructure costs are not considered. Cost estimates are wholesale with 

no tax or subsidy. Electricity costs are based on Ofgem wholesale electricity costs 

and predictions [190]. Green hydrogen costs utilise estimates and predictions from 

the EC H2 Strategy [70]. Green ammonia costs utilise estimates and predictions 

from white papers by Ricardo and Argus Media [73], [191]. DAC efuel costs utilise 

estimates and predictions by the Royal Society [60]. High and low capital costs are 

rough estimates by the author. 

 2020  2040 

Fuel Cost High Low  High Low 

Diesel Price £/litre £0.60 £0.30  £0.60 £0.30 

Electricity Cost (£/ kWh) £0.10 £0.02  £0.10 £0.02 

Green Hydrogen Cost (£/kg) £4.70 £2.15  £2.50 £0.50 

Green Ammonia (£/kg) £0.55 £0.50  £0.25 £0.20 

eFuel DAC (£/kg) £2.30 £1.20  £1.50 £0.80 

      

Baseline Truck High Low  High Low 

MPG (UK) 7 8  7 8 

Annual Mileage 75000 75000  75000 75000 

Litres per UK Gallon 4.54609 4.54609  4.54609 4.54609 

Annual Diesel Used, Litres 48708 42620  48708 42620 

Baseline Diesel Efficiency 44% 44%  44% 44% 

Annual energy consumption (MJ) 910842 796986  910842 796986 

Annual diesel fuel Cost £ £29,225 £12,786  £29,225 £12,786 

Class 8 tractor cost £100,000 £80,000  £90,000 £70,000 

Split Cycle Equivalent cost £120,000 £100,000  £100,000 £80,000 

Large Battery Truck Costs £270,000 £220,000  £200,000 £120,000 

Small Battery Tuck Cost £160,000 £130,000  £110,000 £70,000 

Fuel Cell Truck Costs £300,000 £200,000  £250,000 £150,000 

Class 8 baseline 10 year cost £392,249 £207,859  £382,249 £197,859 

Diesel Engine annual cost £39,225 £20,786  £38,225 £19,786 

      

Diesel Engine Green Fuels annual cost High Low  High Low 

Diesel Engine Green Hydrogen £81,079 £32,453  £43,127 £7,547 

Diesel Engine Green Ammonia £61,212 £48,692  £27,824 £19,477 

Diesel Engine eFuel DAC £107,720 £49,176  £70,252 £32,784 

      

Split Cycle Truck Based on Wet Thermopower High Low  High Low 

Useful Life (years) 10 12  10 12 

Split Cycle Efficiency 50% 53%  53% 60% 
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Efficiency Improvement 14% 20%  20% 36% 

Annual Diesel, Litres 42,863 35,382  40,437 31,254 

SCE diesel annual cost £25,718 £10,615  £24,262 £9,376 

SCE Green hydrogen annual cost £71,349 £26,942  £35,804 £5,535 

SCE Green Ammonia annual cost £53,867 £40,423  £23,099 £14,283 

SCE eFuel DAC annual cost £94,793 £40,826  £58,322 £24,042 

      

Electric Truck - Large Battery High Low  High Low 

Useful Life (years) 5 6  6 7 

Electric Drivetrain efficiency (%) 75% 85%  75% 85% 

Electricity Consumption (MJ) 1214455 937631  1214455 937631 

Electricity Consumption (kWh) 337254 260380  337254 260380 

Big Battery annual electricity cost £33,725 £6,249  £33,725 £6,249 

Annual cost including capital £87,725 £42,916  £67,059 £23,392 

      

Electric Truck - Small Battery High Low  High Low 

Useful Life (years) 6 8  7 9 

Annual energy consumption (MJ) 910842 796986  910842 796986 

Electric Drivetrain efficiency (%) 80% 90%  80% 90% 

Electricity Consumption (MJ) 1138552 885540  1138552 885540 

Electricity Consumption (kWh) 316176 245915  316176 245915 

Small Battery annual electricity cost £31,618 £5,902  £31,618 £5,902 

Annual cost including capital £58,284 £22,152  £47,332 £13,680 

      

Fuel Cell Truck High Low  High Low 

Useful Life (years) 8 10  8 10 

Annual energy consumption (MJ) 910842 796986  910842 796986 

Fuel Driveline efficiency (%) 50% 60%  50% 60% 

Hydrogen Consumption (kg) 12829 9354  12829 9354 

Annual Hydrogen fuel cost £60,295 £20,112  £32,072 £4,677 

Annual cost including capital £97,795 £40,112  £63,322 £19,677 

 


